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Squeal occurrence related to the tracking of the bearing surfaces on a pin-on-disc
system
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aUniv. Lille, CNRS, Centrale Lille, UMR 9013 - LaMcube - Laboratoire de Mécanique Multiphysique Multiéchelle, F-59000, Lille, France

Abstract

Brake squeal is an important issue in the automotive and railway industry with high frequencies and acoustic pressure
(above 1 kHz and 80 dB). For the comfort of passengers, the generation mechanism of this noise needs to be investi-
gated to propose mitigation solutions. Recent works show that the state of the rubbing surface has a strong influence
on the occurrences. In this paper, we propose to consider the effect of contact localization on the occurrence of squeal
through experiments on a pin-on-disc system close to the braking application. An in-operando and in-situ monitoring
of the contact surface during tests is carried out with thermal tracking of the friction body through thermocouples
inserted in the pin near the rubbing surface. Based on the thermal measurements, an inverse method is used to iden-
tify the heat dissipation zone. Assuming that this zone is equivalent to the macroscopic load-bearing area, a stability
analysis is performed to determine the unstable frequencies from contact area. Correlations between numerical results
with experiments show that the change of squeal frequencies agrees with the evolution of the contact localization at a
macroscopic scale. This localization can then be considered as one of the key parameters linking the surface state and
the occurrence of squeal.

Keywords: Brake squeal, Contact localization, Inverse method, Stability analysis.

List of Symbols

M,C, K Mass, damping and rigidity matrices
Mµ,Cµ, Kµ Non-symmetrical mass, damping and rigidity matrices with the effects of the friction forces

U, U̇, Ü Vectors of nodal displacements, velocities and accelerations
λ Complex eigenvalue
ρ Density

cp, k Specific heat capacity, thermal conductivity
T Temperature
∆t Time step
q Heat flux on surface S (xo, yo, a, b)

xo, yo, a, b Positions and dimensions of rectangular zone
Cther, Kther Capacitance and conductance matrices

E Matrix allows to pass the local flux vector from local contact frame to global frame
Ti Vector of nodal temperatures at step i
Qi Vector of local flux on the rubbing surface at step i
E Observation matrix in which the position of the measured points in global vector is determined
Yi Vector of numerical temperatures at step i

Yi
mes Vector of measured temperatures at step i

gT Relative gap between the numerical and measured temperature

1. Introduction

A braking system is a vital component that helps to ensure the safe operation of vehicles. Among the different
braking technologies used in transport, braking by friction is still the most commonly used, particularly in cases of
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emergency. The kinetic energy of the vehicle is transformed into other energies, mainly heat, when the brake pads rub5

against the brake disc. Related to the use of friction brakes, several problems (for instance: thermal fatigue [1], friction
instabilities [2], wear [3, 4], particle emission [5], and noise emissions like squeal [6, 7]. . . ), have still been significant
challenges for the automobile industry. Brake squeal is a relevant issue for the automotive and rail industries because
of its frequency range contents (from 1 to 16 kHz) and noise levels up to 100 dB. The research community commonly
accepts that this noise results from self-excited vibrations of the brake system due to its unstable dynamical behavior10

under sliding frictional contact conditions [8–10]. Despite the many works in the domain of friction-induced vibration
that are experimental, numerical, or analytical, the conditions responsible for brake squeal are still controversial.
Firstly, in terms of instability mechanisms, brake squeal can be mathematically triggered by mode-coupling[10] even
with a constant friction coefficient or by the falling friction coefficient with relative sliding speed [11, 12]. Secondly,
brake squeal depends sensibly on several factors at multi-scales: behavior of structural components (geometry of15

the components or connections between components [13], material properties [14], thermal effect [15, 16]), external
excitations (applied pressure [17], humidity [18]) as well as behavior of the friction interface during braking.

For two decades, by several experiments and numerical works, many researchers have conducted investigations
on the behavior of the brake interface for a better understanding of the generation mechanism of brake squeal. They
showed the dependency of the mechanical system dynamical behavior on the brake interface behavior at both micro20

and macro scales. At a macroscopic scale, the dependency of pad geometry has been studied [19] , and chamfering
the brake pin or adding slots are solutions currently used to reduce squeal occurrence. By a simplified ”pin-on-disc”
system, Duboc et. al [20] obtained different squeal frequencies with different pin geometries. Xiang et al. [21] found
that the friction block shape has a significant effect on the contact pressure distribution. The hexagonal friction block
exhibits a more uniform distribution of contact pressure than the pentagonal and circular friction blocks, resulting in25

the lowest contact stiffness as well as the slightest noise. At a smaller scale (micro-scale), the evolution of contact
surface heterogeneity (due to material degradations and apparition of the third body) has a strong influence on squeal
[22]. This evolution is linked with the tribological circuit and the friction material, which is considered heterogeneous
and with a complex behavior [23]. The effect of wear on the occurrence of squeal in the braking system was reported
in [6, 24]. Some researchers have shown that due to the tribological circuit, contact plateaus including wear debris30

accumulated and compacted around primary plateaus on the pad are formed [25]. During the circuit, plateaus can also
disintegrate and be removed progressively. This contact time–space evolution has been illustrated in [26, 27]. By an
experimental study along with numerical simulation of the sliding interface, Lee et al. [28] explained that the size of
the contact plateau distribution has a strong impact on the stick–slip amplitude and oscillation frequencies of brake
friction materials. Using a simplified customized test rig with a transparent glass disc and an artificial alumina third-35

body, Singla et al. [29] observed that the occurrence of squeal is apparently linked to the change in the redistribution
of thirdbody particles in the interface, which strongly influences the location of the load-bearing area. Xiang et al.
[30] indicated that at different brake disc rotation speeds, vibration responses and contact behaviors evolve. The
strongest vibration response occurred at a low brake disc rotation speed (200 rpm). At this speed, the friction block
exhibited higher friction and severe localized wear, and a rough wear surface. In parallel with these phenomenological40

observations, several numerical works have tried to quantify the influence of contact surface heterogeneity (in terms of
profilometry or local mechanical properties) [31–33] on squeal occurrence. The quantitative properties may be added
in numerical modeling at a macroscopic scale. Tison et al. [33] showed that the perfectly flat and homogeneous contact
state may under or over-estimate the unstable frequencies and numerical simulations need to take into account contact
surface heterogeneity. With the same pin geometry, the contact distribution evolves due to the thermal dilatation as45

reported in [34]. Numerical results, obtained by the authors [35], exhibited that with a pin−on−disc geometry, there
is a strong correlation between contact localization and the occurrence of squeal frequencies at the macroscopic scale.
They showed that by varying the location and dimensions of the effective contact zone, two different squeal frequencies
can be found.

These rather experimental observations and numerical simulations naturally lead to the question of the time−space50

evolution of contact state during braking and its implication on the occurrence of squeal. However, the contact state
can only be measured and characterized before and after friction applications (post-mortem). The contact time−space
evolution is unknown during sliding since the contact zone is inaccessible. Thus, it is proposed in this work to
investigate rubbing contact area variations during tests and their influences on the occurrence of squeal with a dynamic
tracking of the load-bearing area using a map of thermal measurements. The steps-wise procedure followed for55

carrying out the analysis is shown in Fig. 1. Firstly, squeal tests are developed on a pin−on−disc system that is simpler
than a braking system from a dynamic point of view: fewer modes, easier modal identification, and lower nonlinearities
due to connections. Monitoring of the contact surface is carried out with thermal tracking of the friction body through
thermocouples and using an inverse method to determine the heat flux distribution and area at the contact surface.
Assuming that the heating area corresponds to the rubbing one, this area is used for the stability analysis done with60

complex eigenvalue analysis. At the same time, squeal frequencies are detected from noise measured by a microphone,
and correlation between unstable modes from the stability analysis and the occurrence of squeal can be done.

The main originality of this work is to be able to track dynamically the load bearing-area during the tests and
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Figure 1: Steps-wise procedure followed for carrying out the analysis

corresponding instabilities thanks to a map of thermocouples and inverse method.
This paper is divided into two parts: the first one (Section 2) details the experimental means and data treatment to65

determine the effective contact area variations, and the second part (Section 3) is devoted to the results for a series of
test and comparison between squeal detection and unstable modes from the stability analysis.

2. Experimental means and multi-modal data treatment for identification of the load-bearing area

2.1. Experimental set-up
According to the objectives, squeal tests are performed on the set-up developed in [20] that allows for the study of70

the role of the interface behavior on squeal generation. Fig. 2 shows the experimental set-up based on a pin-on-disc
configuration. It is made of a rigid stand on which a blade is attached to its extremities. The pin is glued at the center of
the blade. The displacement along the axial disc direction pushes the pin against the disc, and the bending of the blade
gives the normal load. To increase the tests reproducibility and facilitate the correlation with modeling, the architecture
limits the connections between the components. The disc is made of 15CrMoV6 steel. The average diameter of the75

sliding track is 100 mm. The pin is made of a sintered composite material with a metal matrix (copper and iron) and
graphite particles. The sliding contact area is a 20 mm x 20 mm square face.

The experimental frequencies of the disc and the pin have been determined without disc-pin contact using impact
hammer and acceleration measurements. For the disc, out-of-plane impact and out-of-plane acceleration measure-
ments are carried out. Fig. 3 shows the frequency response function FRF for the disc and pin. Tab. 1 shows the80

eigenfrequencies of the disc in comparison with those obtained from FE model in [35]. These FE modes are classified
according to predominant movement, number of nodal circles and number of nodal diameters. The peaks of this fre-
quency response function correspond to axial modes with no nodal circles. The differences between these measured
frequencies and these FE frequencies are less than 4.5%.

Measured frequencies (Hz) FE frequencies (Hz) Mode type (a,m,n)
852 892 (a,0,0)

1278 1261 (a,0,2)
2250 2220 (a,0,3)
3725 3694 (a,0,4)
5614 5571 (a,0,5)
7821 7776 (a,0,6)

Table 1: Eigenfrequencies of the disc (a: axial predominant movement, m: nodal circles and n: nodal diameters) [35]

For the group, including the pin together with plates attached on a rigid stand, which is called ”pin” for the follow-85

ing sections, impact and acceleration measurements have been performed at different positions to identify its eigen-
frequencies. Tab. 2 shows the three first eigenfrequencies of the pin without contact with the disc. These frequencies
correspond to the three biggest magnitudes of the function FRF. The differences between these measured frequencies
and these FE frequencies are inferior to 7%. The modes shapes are presented in Fig. 4 and can be found in [35].
These modes represent vertical translation (second mode) and rotational movements (first and third modes) of the pin.90

Reportedly, these three first modes contribute principally in modes coupling [20]. For the higher eigenfrequencies,
FRF value is greatly smaller than for the three first frequencies.
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Figure 2: Experimental set-up of the pin-on-disc system (a,b) [20] and corresponding FEM model (c,d) [35] used for
stability analysis
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Figure 3: Frequency response function of the disc and the pin impacted by hammer (dotted lines: FE eigenfrequencies)

Measured frequencies (Hz) FE frequencies (Hz)
639 678
770 758
1475 1584

Table 2: Eigenfrequencies of the pin [35]
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Figure 4: Three first mode shapes of the pin [35]

2.2. Tests procedure and measurements
Based on this experimental set-up, friction tests are performed. The complete test sequence is divided into test

series of 10 successive friction tests, including contact and no-contact conditions (30s for each). A timeline of the95

protocol is shown in Fig. 5. For each test, the rotation speed remains constant. The change of rotation speed from
200 rpm to 500 rpm aims to act on contact localization, which is subsequently analyzed. Several measurements are
performed along the test sequence:

10 consecutive tests
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=Pressure  0.5MPa (~200 N)

30s contact + 30s non contact
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Figure 5: Protocol for friction test series (a) and variation of rotation speed during series (b)

• Acoustic measurement for the determination of the noise occurrence and associated frequencies.

• Thermal measurements of the pin to identify at a macroscopic scale the load bearing area.100

• Apparent friction coefficient is computed as a ratio between measured tangential force and normal forces. The
resulting contact forces are measured using piezoelectric sensors at the extremities of the blade (Fig. 2b).

The following parts present more in details the technical acoustic and thermal measurements as well as the associ-
ated treatment of the data.

2.2.1. Acoustic measurement105

During sliding, the sound is recorded at 50 kHz leading to noisy frequencies analysis up to 25 kHz. The microphone
is located at a distance of 1m from the disc-pin contact plane. Two treatments are proceeded. First, a short-time
Fourier Transform giving information about the transient evolution of the noise frequencies (presence of harmonics,
duration of the noise events) is used. Generally, brake squeal is defined as a tonal sound in the audible frequency
range above 1 kHz at perceivable amplitude. The tonal character restricts the vibration energy to being confined to110

a narrow frequency range, i.e. a sharp dominant and weakly damped peak in the signals Fourier transform. The
second treatment is about the squeal frequencies detection. Using Fourier transform with a sliding window approach,
amplitude spectra are computed for successive instants of the vibration measurement. Peaks are identified in the
spectrum. As squeal frequencies may shift slightly over time, peaks are assigned to a single group if they do not differ
by more than a specific frequency gap, e.g. 200 Hz. For each frequency group, the duration of a tonal sound event115

above the critical sound pressure level (80 dB), is evaluated. This approach, which depends on the chosen pressure
level, may underestimate squeal frequencies [36]. Thus, it is necessary to re-verify identified squeal frequencies by
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listening to each audio. Fig. 6 shows the spectrogram of the sound measured by a micro and the temporal evolution of
squeal frequencies for test 180. For this test, the detected frequencies are 3637Hz and 5440Hz, respectively.
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Figure 6: Spectrogram of the sound measured by a micro (a) and identified squeal frequencies (b) for test 180.
Reference velocity: 2x10−5 m/s.

2.2.2. Thermal measurements120

The thermal instrumentation of the pin is composed of 8 thermocouples inside the pin at average 3 mm depth from
the contact surface. Obviously, the more thermocouples are installed inside the pin, the better the quality of monitoring
of the contact surface is. However, the drilling of the pin for too many thermocouples can disrupt the thermal and
dynamic properties of the pin. Thermal paste with high thermal conductive is used to fix the thermocouples during
tests. As mentioned earlier, the position of thermocouples is important for the inverse method. Thus, this is precisely125

localized using X-ray tomography via ISIS4D platform. The positions of the thermocouples are plotted in Fig. 7. The
z- position of thermocouples varies by about 1mm. The sampling frequency for the thermal measurement is 100 Hz.

2.3. Identification of the load-bearing area from thermal measurements

In order to localize the contact zone, three methods can be used: ultrasonic method [37], pressure-sensitive films
[30, 38] and inverse thermal method [39]. These first two methods remain limited to static analyzes. On the other130

hand, the inverse heat flux method consists of determining the heat flux distribution, which minimizes the difference
between the computed temperatures compared to the experimental ones. This method is then able to monitor the
dynamical evolution of the contact zone during the test. A large number of analytical and numerical techniques have
been developed for the solution of the inverse heat conduction problems, for instance, iterative gradient methods
[40–42], sequential function specification techniques [43, 44], stochastic optimization techniques [45], Monte Carlo135

methods [46, 47], methods comprising filtering techniques [48], and neural networks [49–51]. These models are still
used for one-dimensional analytical problems. In addition, the number of measured points has often been inferior to
that of estimated flux. The inverse problems then become ill-posed due to this lack of continuity of the solution to the
experimentally measured data.

From the previous thermal measurements, an inverse thermal method is proposed to estimate the load-bearing140

area, which corresponds to the area where the mechanical power is dissipated. The aim is to determine heat flux
distribution that corresponds to the evolution of measured temperatures. Being fixed, the pin is not sensitive to the
convective heat dissipation effect with the air environment during contact. Thus, the convective heat dissipation is
neglected for the pin. Tests are performed with a relatively low energy level, with the increase of temperature <150oC.
For the chosen friction material (sintered material), by thermal properties measurements using Laser Flash Analyser,145

thermal properties are independent of temperature. The thermal behaviors of the disc, the blade and the pin support
are isotropic while the thermal behavior of the pin is transversal isotropic. The thermal data is given in Tab. 3. In this
study, the frictional heat is assumed only generated by the frictional contact force at the contact area.

Considering a system (domain Ω) where heat transfer is performed by diffusion and exchange with air and all
initial conditions are supposedly known, the mathematic equation describing heat transfer is given by the energy150

balance obtained from the first law of thermodynamics and Fourier’s law of heat conduction:

ρcp
∂T
∂t

= k∆x,yT, t > 0 (1)
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Figure 7: Position of thermocouples inside the pin localized by X-ray tomography (a,b) and identified coordinates of
thermocouples on planes XOY and XOZ (c,d). The x- axis relates to the length of the pin (20 mm) along the tangential
sliding direction and y- axis relates to the length of the pin along the disc radius.

Data Disc Pad Thin plate Thick plate
Thermal conductivity k (Wm−1K−1) 50 kx = ky = 45, kz = 20 200 30

Heat capacity c (JK−1kg−1) 450 400 900 400

Table 3: Thermal data
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where ρ is the density, cp is the specific heat capacity, and k is the thermal conductivity, and T is the temperature.
As mentioned above, in this case where the number of measured points (8 points) is inferior to that of estimated

flux (462 points), the inverse problem is ill-posed, making the solution very sensible with error and non-uniqueness.
That is why in this study, to obtain a more stable solution, more information should be added leading to some following155

assumptions. We assume that the estimated flux is positive and uniform at a rectangular zone, as shown in Fig. 8. This
rectangular zone S (xo, yo, a, b) is characterized by dimensions (a, b) and location (xo, yo). With these assumptions, the
load-bearing area can be identified only at the macroscopic scale. It must be noted that only the dimensions (a, b)
superior to 7 mm can be identified, taking into account the distance between thermocouples of about 7 mm.

Sliding direction 
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Figure 8: Scheme of the macroscopic contact area with parameters (position (xo, yo), dimensions (a, b), radial direction
from inner radius to outer radius)

The solution to this problem is subject to the following boundary and initial conditions:160

k 5 T.n = q on S (xo, yo, a, b) (2)

T = To if t = 0 (3)

where q is normal heat flux on S (xo, yo, a, b) with normal direction n. This flux is a result of friction heat flux.
FEM form of these above equations Eqs. (1) to (3) at the current time step i using the variational principle and

Euler backward time difference method [52] is given as:

(Cther + ∆tKther)Ti = CtherTi−1 + ∆tEQi (4)

where the capacitance matrix Cther, the conductance matrix Kther and the flux vector Qi at step i. Matrix E allows to
pass the local flux vector from local contact frame to global frame. The detail of these matrices can be found in [53].165

The temperature at step i is deduced from Eq. (4):

Ti = DTi−1 + FQi (5)

where D = (Cther + ∆tKther)−1Cther and F = (Cther + ∆tKther)−1E.
The temperatures at measured points at step i are obtained through observation matrix H in which the position of

the measured points in global vector is determined:

Yi = HTi (6)

Substituting Eq. (5) in Eq. (6), we have:

Yi = HDTi−1 + HFQi (7)

Finally, the estimated flux Qi has to verify Eq. (7). Thus, basing on this equation, the problem is to find uni-
form distribution flux on a zone with dimensions (a, b) and location (xo, yo) which minimizes the difference between
measured Ymes and numerical temperatures Yi. It then becomes a minimization under constraints:

Q = argmin
Qi>0

gT on S (xo, yo, a, b) (8)
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where

gT =
|HFQi + HDTi−1 − Yi

mes|

|Yi
mes|

gT is the relative gap between the numerical and measured temperatures. | • | denotes the norm of vector •. The170

resolution of Eq. (8) is carried out by using the conjugate gradient method available in Matlab. For each (xo, yo, a, b),
the process is repeated up to minimizing the gap between the computed temperatures compared to the experimental
ones gT . The solution gives the location and dimensions of approximated contact zone as well as uniform contact flux
intensity. With the size mesh of 1mm, there are about 3700 candidates S (xo, yo, a, b), meaning that about 3700 possible
contact zones need to be tested to find an optimal one. As in [53], the flux may be assumed constant on 1 ∆t or N∆t.175

Fig. 7a shows the measured temperatures against time at the eight positions of thermocouples for a friction test of
30s. The normal force is around 200N and the disc rotation is 200 rpm. Results are plotted in terms of the increase
of temperature during the test (i.e., gap with the initial temperature) and not in absolute temperature. It can notice
that temperatures are not the same for all thermocouples, mainly due to a non-uniform disc-pin heating zone. This
inverse method, based on Eqs. (1) to (8), is applied to determine this heating zone. Firstly, it is assumed that the heat180

flux distribution is constant during the whole test. Fig. 7b shows the numerical temperatures at the 8 positions of the
thermocouples for the optimal solution. The optimal solution is chosen as the criterion min gt is satisfied. The global
trend (in terms of transient evolution and final temperature) is reproduced. Even if the order of thermocouples is not
exactly the same, it can be observed that the temperatures for thermocouples 4, 5, 6, 7 and 8 are higher than those for
thermocouples 1, 2, 3. Physically it can be interpreted as a heating zone mainly around the inner and the mean radius.185

Fig. 7c shows the difference 180 between the measured and numerical temperatures. In the beginning, this difference
is large (about 3 oC) however it then decreases (about 1 oC).
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Figure 9: Results obtained by inverse method by assuming that the flux distribution is constant during the whole test
(a: measured temperatures, b: numerical temperatures, c: difference between measured and numerical temperatures,
d: relative gap between the numerical and measured temperature)

Fig. 9d also shows the value of gT for all candidates S (xo, yo, a, b). There are some potential solutions that give
gT close to the optimal one (difference inferior 5% on gT in Eq. (8)). The corresponding identified contact zones
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are presented in Fig. 10. To facilitate the lecture, these zones are called ”5%gT - zones” for the following sections.190

Together with the optimal zone, they cover mostly the position of thermocouples 4, 5, 6, 7 and 8. That is why the
temperatures in these thermocouples are higher than those in thermocouples 1, 2, 3. The maximal difference between
the optimal and close zones is about 2mm on dimensions. This means that there is a sensibility on the identification of
the contact zone. Thus, the sensibility is taken into account for the following stability analysis.
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Figure 10: Optimal identified contact zone (black solid line) and 5%gT - zones situated between two blue rectangles.

To follow the temporal evolution of flux distribution, by using the same inverse method but assuming that the195

flux distribution can vary every second, Fig. 11a shows the numerical temperatures against time at the 8 positions of
the thermocouples. The temporal evolution of numerical temperatures is a little bit closer to the experimental ones
(Fig. 9a). As presented in Fig. 11b, the difference between measured and numerical temperatures is smaller (< 2oC)
for thermocouple 1, compared to the case of flux constant during the whole test. Fig. 12 shows the temporal evolution
of identified parameters (xo, yo, a, b) in comparison with the identified ones in the case of constant heat flux distribution200

during the whole test. In the beginning (before 5s), these values are highly different from the identified ones in the case
of constant heat flux distribution during the whole test. It can be explained by the fact that the loading is progressive
until the contact zone is stabilized. After 5s, this difference decreases (about 1 mm). It can be explained by the fact
that the loading is progressive until the contact zone is stabilized. That is the reason why for the following section,
results obtained with a constant heat flux over the tests are presented.205
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Figure 11: Numerical temperatures (a) and difference between measured and numerical temperatures (b) in the case
of flux distribution constant for each second

In this section, an inverse thermal method that allows for the localization of the load-bearing area is developed
and applied to a test. With this method, one can approximate the location and dimensions of load-bearing area at the
macroscopic scale using the assumption of constant heat flux during the test. In the following subsection, a numerical
model for stability analysis of the mechanical system, which can take into account the evolution of load-bearing area
during tests, is presented.210
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in comparison with the case of constant heat flux over the test
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2.4. Numerical model for unstable modes calculation

The finite element model for stability analysis of this pin-on-disc is developed and validated in [35]. Material
behaviors of the disc, the blade and the pin support are isotropic, while the material behavior of the pin is transversal
isotropic. The material data is given in Tab. 4. The contact zone is meshed with elements of 1 mm size. The mesh at
the rubbing zone is compatible, meaning that there are two facing nodes of the disc and pin which have the same (x,y)215

coordinates at the contact zone. A fixed boundary condition is assumed for the external face of the blade and the disc
(red surfaces).

Data Disc Pad Thin plate Thick plate
Young’s modulus (GPa) 210 Ex = Ey = 15.3, Ez = 5.4 60 210

Poisson’s ratio 0.3 νx = νy = νz = 0.15 0.3 0.3
Density (kg/m3) 7850 4000 2500 7850

Table 4: Material data [35]

Stability analysis aims to study the mechanism of self-excited vibrations due to frictional contact through the
determination of the evolution of small perturbations around the steady sliding equilibrium. In unstable cases, some
perturbations tend to diverge, which can lead to self-sustained vibrations. Such an analysis is based on a linearization of220

the non-linear equations around the equilibrium. A constrained non-symmetric eigenvalues problem is finally obtained
as follows:

(M + Mµ)Ü + (C + Cµ)U̇ + (K + Kµ)U = 0 (9)

where M and K denote the mass and stiffness matrices of the uncoupled system, C is the damping matrix associ-
ated to the viscous contact damping and U represents the corresponding displacements vector. Mµ,Cµ, Kµ are non-
symmetrical matrices taking into account the effects of the friction forces. The formulation of these matrices can be225

found in [35, 54–56]. The resolution of a non-symmetrical eigenvalue problem Eq. (9) gives complex eigenvalues λ.
Modes corresponding to eigenvalues with positive real part are unstable. The divergence rate of a mode is defined as
DvR = Re(λ)/Im(λ) where Re(λ) and Im(λ) are respectively the real and imaginary parts of eigenvalue λ. Due to the
large size of this FE model (300000 DoFs), the resolution of Eq. (9) necessarily requires reduction methods. In order
to reduce the computational, the enriched real coupled basis [35, 54–56], which perform well in [54] is used. This230

basis includes the real coupled basis enriched by the static part of the friction forces.
In [35], the influence of friction coefficient on the stability of the system was investigated. Using the algorithm

developed by Lorang [55], the quasi-static equilibriums as a function of friction coefficient were first computed. Their
corresponding distributions of quasi-static contact forces are presented in Fig. 13. The rubbing zone is assumed to
be flat. A vertical displacement of 125 µm is applied on the red surface of the disc (Fig. 2) to obtain a resulting235

vertical contact force of 200 N. The stability analysis is then performed for these quasi-static equilibriums, leading to
the graphs Fig. 14a and Fig. 14b respectively the frequency and the divergence rate. Two unstable modes are found
with mode shape presented in Fig. 14c and d. These are the dominant axial movements with 3 or 4 nodal diameters
and no nodal circle for the disc, as well as rotational movement (tilting) of the pin. These unstable cases are denoted
as coupling 1 and coupling 2, respectively. For the first unstable mode, the friction coefficient range is between 0.28240

and 0.38 at which the effective contact zone is large. For the second unstable mode, the friction coefficient range is
between 0.62 and 0.8 corresponding to a smaller effective contact zone. The effective zone contact is smaller and more
localized in the leading edge as shown in Fig. 13, due to the friction effect.

On the other hand, even with the same constant friction coefficient µ = 0.36, it is also found a strong dependency
between the squeal occurrence and contact geometry at the macroscopic scale. The influence of contact geometry on245

the occurrence of squeal is investigated by assuming that a macroscopic contact zone is rectangular, as shown in Fig. 8.
By varying contact localization (position and dimensions), different contact zones with different sizes are defined. A
sensitivity analysis is computed here by varying the width of the contact area. At a position (xo, yo) near the center of
the nominal contact zone in Fig. 15, with b = 11 mm and µ = 0.36, only the a dimension varies. The increase of the
length a of the effective contact zone turns the unstable system from about 2100 Hz into 3500 Hz whereas only one250

unstable frequency at 3500 Hz appears in the case of flat contact surface. This result is similar to that obtained in [20].
Other results can be found in [35].

As mentioned by many authors (cf. [7], for instance), the complex eigenvalue problem may overestimate or
underestimate the number of unstable modes. Transient analysis, which allows for the introduction of nonlinearities
related to the frictional interface evolution can achieve stability analysis. However, for a large number of simulations,255

transient analysis proves to be very expensive on computational time. Moreover, results of transient analysis done by
the authors using the θ− modified time integration scheme [57] fit with those of stability analysis.

The above numerical results showed that the same unstable frequencies could be found by modifying friction
coefficient as well as contact localization. In the following section, this method is applied to friction tests. An
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Figure 13: Distribution of contact forces on the contact area as a function of friction coefficient [35]
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Figure 15: Evolution of complex frequencies as a function of a while xo, yo are fixed (close to zero) and b = 11 mm.
Unstable modes frequencies in red corresponding to positive divergence rate.

investigation on the correlation between physical contact parameters (friction coefficient, contact localization) and the260

occurrence of squeal frequency is then performed by both experimental observations and numerical simulations.

3. Application to friction tests

3.1. Experimental observations
From the tests procedure and the post-treatment described in section 2.2, the unstable frequencies experimentally

observed during tests are shown in Fig. 16a, where the marker size and color signify the duration of squeal frequencies.265

Two principal squeal frequencies are obtained at 3500 Hz and 2100 Hz. Squeal has not always been observed but has
occurred in most tests. Looking at Fig. 16a, squeal frequency at 2100 Hz appears more often and longer after the
rotation speed reaches 500 rpm. On the other hand, squeal frequency at 3500 Hz appears essentially at the rotation
speed of 200 rpm. It can also be observed that no squeal is obtained when the disc rotation falls from 500 rpm to 200
rm. Noise re-appears progressively and this phenomenon seems to be reproductive.270

Fig. 16b shows the averaged apparent friction coefficient during these tests, which vary from 0.3 to 0.6. These
coefficients have averaged values varying from 0.3 to 0.6. The measured apparent friction coefficients for these tests
are almost smaller with the rotation speed of 500 rpm than those with 200 rpm. The squeal frequency at 2100 Hz
occurs even with friction coefficients lower than 0.5, while the squeal frequency at 3500 Hz can be emitted with
friction coefficients greater than 0.5. This is contrary to the results with the flat rubbing surface (Fig. 14a) where275

the frequency at 2100 Hz is obtained with high friction coefficient and at 3500Hz with low ones. It can therefore be
concluded that for these tests, the change of squeal frequencies from 3500 Hz to 2100 Hz can not be fully explained by
a modification of the friction coefficient with the relative sliding speed. In terms of measured temperatures, the mean
values of measured temperatures during tests are shown in Fig. 16c. Due to the higher input energy, at a rotation speed
of 500 rpm, they are higher than those at a rotation speed of 200 rpm. The maximal difference between measured280

temperatures during this series of tests, which is defined as: max(Ti − T j) with i, j = 1 : 8, increases while
the rotation speed increases, as shown in Fig. 16d. The squeal frequency at 2100 Hz occurs more often while this
maximal difference increases and is superior to about 20 0C. The observation leads us to consider the effect of contact
localization on squeal frequencies.

3.2. Identification of load-bearing areas and consequence on instabilities285

Firstly, to investigate the correlation between the contact localization and the occurrence of squeal, the result for
the two specific tests 180 (squeal at 3.6 kHz) and 198 (squeal at 2.1 kHz) is presented. Then, for the evolution of
the contact zone during tests and its consequence on instabilities, the result of stability analysis for a series of tests
170-330 is then investigated. The settings for these friction tests are presented in section 2.2.

3.2.1. Tests 180 and 198290

For example, measured temperatures by thermocouples for test 198 are presented in Fig. 17a. Compared with
those for test 180 Fig. 9a, measured temperatures for test 198 are higher than for test 180 because of higher energy
dissipated. This energy is related to the power of friction force, which is defined as the product of friction force and
sliding velocity. It takes a value of 200 W and 500 W for tests 180 and 198, respectively. The difference between
measured temperatures in thermocouples for test 198 is greater than for test 180, meaning that the contact zone is more295

localized. The heat flux areas identified with the inverse method previously described for these tests are presented in
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Fig. 17b and Fig. 10. The identified load-bearing area for test 198 is more localized than for test 180. Physically,
this higher contact localization for test 198 than for test 180 can be explained by the fact that when the greater energy
dissipated in the pin, the pin is more heated. As a result of thermal dilatation, the pin shape becomes curved and the
contact zone more localized. During sequences at high speed (including 198), heating is around 25°C compared to300

10°C for sequences at low speed (including 180), leading to higher thermal strains and a global more deformed pin.
As the natural deformation of the pin submitted to temperature gives a curvature of the surface, as described in Fig. 18,
it is amplified with temperature with higher localization and more localized towards the center. Of course, this contact
situation changes with wear accumulation, but that is reduced here due to the low amount of dissipated energy. A
complementary influence of temperature is the effect on material properties, which could affect the dynamic behavior,305

especially the elastic modulus. In the present tests, heating does not exceed several dozen degrees which do not lead
to any variation in the properties of this type of material, neither mechanical nor thermal as described by Mann et al.
[58] who studied in detail the influence of temperature on these sintered type materials.
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Figure 17: Measured temperatures (a) and identified contact zone (b) for test 198 (Optimal identified contact zone
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Figure 18: Illustration of the pin deformation due to thermal dilation

Using the model presented in section 2.4, stability analysis is performed with the identified load-bearing areas
and various friction coefficients. For test 180, the mechanical system is unstable around 3500 Hz with the identified310

load-bearing area as shown in Fig. 19a and b. For test 198, coupling 2 around 2100 Hz is found with the identified
load-bearing area as shown in Fig. 19c and d. This result is consistent with experimental observation in Fig. 16 where
the dominant squeal frequency is about 3700 Hz for test 180 and about 2100 Hz for test 198. For the measured friction
coefficients µ = 0.45 (Fig. 16c), stability analysis with the identified contact zone do not give instabilities for test 180
(µcritical = 0.54 in Fig. 19a) but instabilities are obtained with 5%gT - zones as shown in Fig. 20. This means that the315

result of stability analysis is sensible with contact dimensions and may under-estimate inabilities. Thus, it is necessary
to take into account nearby contact zones.

These results show that the squeal frequency depends on the load-bearing area during these tests. In order to
investigate the influence of load-bearing area evolution on the squeal frequency variation, the results for the series of
test (170-330) are then presented in the following section.320
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Figure 19: Stability analysis result for tests 180 and 198 with the identified ”optimal” contact zone (unstable modes
frequencies in red corresponding to positive divergence rate)
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3.2.2. Series of tests (170-330)
Fig. 21 shows the significant variation of contact parameters (xo, yo, a, b) of the identified load-bearing areas during

successive tests (170-330). In terms of contact location, the center position xo of the contact zone strongly evolves with
the test sequence during these tests, essentially varying between the center xo = 0 and the trailing edge of the rubbing
surface. On the other hand, yo remains more stable (Fig. 21a). In terms of contact dimensions (Fig. 21b), in the end325

of the first increase of the rotation speed (tests 190-199) and during the second increase of the rotation speed (tests
250-270), the dimension along the sliding direction a decreases. After a certain number of tests, while the rotation
speed is re-established at 200 rpm (after test 290), a slightly increasing tendency of a is observed. This slight increase
of a can be related to the more slowly decrease of the maximal difference between measured temperatures after the
second change of rotation speed (tests after test 270), as shown in Fig. 16d. The dimension along the radial direction330

b increase significantly during the second increase of the rotation speed.
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Figure 21: Results obtained by for series of tests (170-330): Center position (xo, yo) and b: dimensions (a, b) of the
identified contact area for tests 170-330

Looking at these figures in Fig. 21, there is no clear and direct relationship between the evolution of these positions
and dimensions of identified load-bearing areas with the variation of squeal frequencies. In the following, a stability
analysis is then performed with the identified bearing areas. Fig. 22 shows stability analysis results obtained with the
identified zone and nearby contact zones (5%gT - zones) for the measured friction coefficients (Fig. 16c). Frequency335

variations from around 3500 Hz to 2100 Hz appear at the end of the first rotation speed increase or the beginning of
the second rotation speed increase. This change of instabilities can be explained by the significant change of rotation
speed leading to the change of contact localization at the macroscopic scale due to the thermal effect. During the
second rotation speed increase, the temperature is higher, and the radial dimension b increases significantly with an
increase of center position x0 (Fig. 21), which could agree with an absence of instability at around 2100 Hz. The340

temperatures maximal difference (Fig. 16d) takes more time to decrease during the second variation of rotation speed
as same as the value of center position x0 to return close to the center of the rubbing surface together with the slight
increase of the dimension along the sliding direction a (Fig. 21). These observations could agree with rather ”silent”
phases after the second rotation speed increase. Coupling 1 at around 3500 Hz then appears more slowly than that
observed experimentally (Fig. 16a).345

Recently, Sinou et al. [16] experimentally demonstrated the effects of temperature increase on the modal behavior
of the brake disc, leading to the decrease of squeal frequency. The simulation results [14] also showed that instability of
the disc brake is sensitive to the material properties variations of the disc brake components such as Young’s modulus.
In this work, with the materials used, heating is reduced, and material properties are not affected. However, the results
show that contact localization always varies during friction tests. This variation greatly affects the dynamic behavior350

of the mechanical system in terms of squeal frequencies. Consequently, it can be concluded that the occurrence of
squeal depends not only on friction coefficient, the modification of the modal behavior of the brake disc due to the
thermal effect, but also on contact localization. Thus, numerical models need to consider this variation of contact
localization for unstable modes calculation or quantifying transient friction-induced vibrations. It is considered here
that the variation of the location affects the dynamic response without changing the properties of the contact interface,355

which is considered perfect. This is a point of improvement to be considered since tribological evolution potentially
leads to variations in local properties that deserve to be understood, which is a perspective of this work.
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Figure 22: Stability analysis results for the series of tests 170-330 with the identified ”optimal” contact zone and
5%gT - zones

3.3. Discussion
Although there is a similarity between the results and the experimental observations for the first rotation speed

increase, these numerical results do not fit perfectly with the experimental observations after the second rotation speed360

increase. There are several possible reasons for this. First, due to the limited number of thermocouples, there is
a sensibility on the identification of load-bearing areas. There exist potential solutions which give the difference
between measured and numerical temperatures close to that given by the ”optimal” solution. This sensibility can
affect the result of stability analysis. For example: for tests (300-310), as shown in Fig. 22, the identified zone and
nearby contact zones (5%gT - zones) do not give instability at 3500 Hz, which can be obtained with 10%gT - zones, as365

shown in Fig. 23. Moreover, Fig. 23 also shows that the unstable frequency at 3500 Hz appears more with (10%gT -
zones) than with (5%gT - zones). To reduce this sensibility (number of potential solutions to the inverse problem),
more information needs to be added. The increase in the number of thermocouples could be a solution.
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Figure 23: Stability analysis results for the series of tests 170-330 with the identified ”optimal” contact zone and
10%gT - zones

Secondly, assumptions of a rectangular zone with uniform flux together with perfect contact and uniform fric-
tion coefficient do not allow to consider contact distribution at smaller scales (roughness, thirdbody, plateaus), which370

also has a strong impact on the stability of mechanical system [35]. Considering that brake squeal is a multiphysic-
multiscale phenomenon depending on several parameters, certain unstable frequencies obtained numerically may not
be activated experimentally and vice versa. Nevertheless, if one considers that the macroscopic contact zone corre-
sponds well to the zones of flux generation, the four parameters (xo, yo, a, b) that define the macroscopic contact zone

19



could be ”key parameters” for monitoring squeal (frequencies and occurrences). These parameters can be estimated375

thanks to the measurements of thermocouples and inverse calculation. This means that in the potential application of
this work, monitoring the effective contact area dynamically during braking loads is an important parameter to consider
for squeal occurrences and frequencies. This monitoring is difficult experimentally as it requires multi-point in-situ
instrumentation such as the thermocouples used here, but it can also be addressed by numerical thermomechanical
modeling. These contact localization parameters are not the only influential ones. They are major in the experiments380

conducted here as the temperature as far as the tribological mechanisms are limited due to reduced dissipated energy.
For higher loads, the effects of variations in material and contact interface properties (surface condition, tribological
mechanisms, etc.) must be added.

4. Conclusions

The aim of this paper is to consider the effect of rubbing contact localization on squeal. A pin-on-disc system385

with materials (disc and pin) from braking application has been used. Monitoring of the contact surface is carried out
with thermal tracking of the friction body through thermocouples. An inverse method has been developed allowing
for the approximation of macroscopic load-bearing zone from the measured temperatures inside the pin. This method
involves finding uniform distribution flux on a zone with dimensions (a, b) and location (xo, yo) which minimize the
difference between measured and numerical temperatures. It gives the location and dimensions of the contact area390

as well as contact heat flux intensity. Complex modal analysis of the system is performed with the identified contact
zone in order to determine if the system is unstable. Results are compared with the occurrence of squeal. In operando
tracking of the rubbing surface is the main novelty of this work.

Investigations along a series of tests showed that contact localization at macroscopic scale changes during friction
tests. This variation can result from thermal dilatation, leading to contact concentration when temperature increases395

and tribological mechanisms as wear accumulate during braking sequences. The main result is obtained by comparing
the macroscopic load-bearing surface variation with squeal occurrence and corresponding frequencies. It is shown
that there is a correlation between these two results, and the unstable frequencies resulting from contact area variation
globally match with squeal events. This is a significant result showing a strong dependency between the squeal fre-
quencies and contact localization at the macroscopic scale. This parameter has to be considered in future studies of400

squeal events. This contact localization effect could be isolated thanks to tests conditions in which other phenomena
such as the variation of material properties could be neutralized (limited heating, material not very sensitive in the
temperature range used). It would be interesting to extend this study and to cross-reference the parameters influencing
higher levels of solicitations. The results show deviations in prediction after the high rotation speed sequences (with
some deviations during the silent phases or on the predicted frequencies). This can be explained by surface modifica-405

tions induced by higher energy dissipation (debris ejection, variations in surface and third body states), which require
considering other parameters than the evolution of the macroscopic contact surface. This is in line with the literature
on the influence of the surface state on squealing and constitutes a perspective of this work. For that evolution process
of thermomechanical and tribological effects on contact localization also has to be introduced.

It appears from this work that, given the complexity of predicting squeal, a parameter such as the variation of410

the effective contact area on a macroscopic scale is a key parameter. Further studies on more complex systems and
situations should allow us to extend this result and to locate this key parameter among those already identified in the
literature (material and surface state).
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