N

N

Impact of mistuned underplatform dampers on the
nonlinear vibration of bladed disks

Samuel Quaegebeur, Benjamin Chouvion, Fabrice Thouverez

» To cite this version:

Samuel Quaegebeur, Benjamin Chouvion, Fabrice Thouverez. Impact of mistuned underplatform
dampers on the nonlinear vibration of bladed disks. ASME Turbo Expo 2021: Turbomachinery
Technical Conference and Exposition, GT 2021, Jun 2021, Online Conference, Unknown Region.
10.1115/GT2021-59528 . hal-04092875

HAL Id: hal-04092875
https://hal.science/hal-04092875v1

Submitted on 4 Nov 2024

HAL is a multi-disciplinary open access L’archive ouverte pluridisciplinaire HAL, est
archive for the deposit and dissemination of sci- destinée au dépot et a la diffusion de documents
entific research documents, whether they are pub- scientifiques de niveau recherche, publiés ou non,
lished or not. The documents may come from émanant des établissements d’enseignement et de
teaching and research institutions in France or recherche francais ou étrangers, des laboratoires
abroad, or from public or private research centers. publics ou privés.

Distributed under a Creative Commons Attribution - NonCommercial 4.0 International License


https://hal.science/hal-04092875v1
http://creativecommons.org/licenses/by-nc/4.0/
http://creativecommons.org/licenses/by-nc/4.0/
https://hal.archives-ouvertes.fr

S8
Fazad CENTRALE
UTDS

\’ > Tribologie « Dynamique «= Systémes
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Abstract
Before the final experimental validation and certification of a turboengine, designers perform a numerical simulation of its
vibratory properties, among other things, in order to estimate its lifespan and adjust the design in an optimization process.
One possible practical solution to decrease the vibratory response is to add underplatform dampers to the system. These
components dissipate energy by friction and are widely employed in turbomachinery. However, a specific underplatform
damper is usually efficient only for a specific mode. The purpose of this work is to investigate the possibility of adding
different kinds of underplatform dampers to the cyclic structure in order to decrease the vibratory energy over a larger
panel of modes. Different methods exist to determine the vibrations of nonlinear cyclic symmetric systems, but creating
a robust methodology to account for the additional effect of mistuning remains a big challenge in the community. In this
paper, the structure is mistuned through the friction coefficient of the dampers and not by altering its geometry, as is
usually done in the literature. First, assuming a cyclic symmetric structure, the performance of the dampers is assessed
for specific modes. Then, employing a method recently developed, the efficiency of an intentional mistuning pattern of

underplatform dampers is studied and an optimal pattern proposed.
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1 Introduction

Underplatform dampers (UPDs) are key elements in bladed disks as they make the vibratory responses decrease and
hence extend the lifespan of the systems. Over the years, the physical mechanisms of UDPs have been investigated [1,
2] and described by different modeling approaches [3, 4, 5, 6]. Many parametric studies have also been performed,
such as [7, 8] for instance, to examine the influence of the normal load or friction coefficient, or to study the
geometrical design of UPDs [3, 9].

In this paper, we focus on the global impact of dampers on the maximal displacement of a cyclic finite-element
model (FEM) under harmonic forcing. Simulating the dynamics of the full structure can be very long in the presence
of nonlinearities, due to the nonlinear solver which, among other things, must evaluate the nonlinear forces for all
sectors. For perfect cyclic symmetric structures [10, 11], the problem can be transformed from its physical into
its spectral quantities. This change of variables significantly reduces the number of unknowns for linear [12] and
nonlinear problems [13, 14].

In the case of mistuning [15] — that usually consists of geometrical or material modifications among the sectors,
using the cyclic symmetric change of variables may no longer be efficient. Reduced-Order Models (ROMs) have
been employed to decrease the size of the FEM while trying to retain sufficient information for accurate results.
In linear problems, methods such as the CMM [16] or the IMM [17] are widely used for small random mistuning,
whereas the PRIME [18] or more recently the PRISM [19] methods are employed for large mistuning. Unfortunately,
these methodologies do not hold for nonlinear problems. Developing ROMs which enable simulation of the dynamics
of nonlinear mistuned structures is a challenging task. Different strategies have been proposed [20, 21, 22, 23] to
tackle this problem. Recently, the authors have developed a new approach called the Substructuring method based
on Nonlinear Cyclic Reduction (SNCR) [24] which employs a substructuring approach with cyclic complex nonlinear
normal modes.

This paper will use several theoretical and numerical strategies [13, 14, 24] with the following original objective:
optimizing an intentional mistuning pattern of UPDs to minimize the maximal displacement of the structure over
two distinct modes. The two modes considered are the first flexural flapwise mode (1F) and the first torsional
mode (1T). In the literature, such as for instance in [9, 25], damper mistuning is defined by considering different
damper geometries. In this paper, the different types of UPDs are distinguished by their friction coefficient. The
resolution of this problem is broken down into different subproblems which follow the basic outline of this paper.
The methodology is demonstrated on a simplified, yet realistic, finite-element model which is described in Section 2.
Section 3 provides the optimal values of the friction coefficient for the two respective modes (1F and 1T modes) seen
separately and assuming a perfectly tuned structure. In Section 4, we employ the SNCR to determine an optimal
intentional mistuning pattern of the structure. The strategy is presented here on a specific structure but is expected
to hold for a large panel of bladed disks. The authors therefore believe it will help turboengineers in the design
process.

2 Presentation of the test case

In this paper, we propose to study a bladed disk with underplatform dampers, the fundamental sector of which is
represented in Figure 1. The complete system is composed of N = 24 sectors.

The model contains 30840 degrees of freedom (DOFSs), 712 of which are nonlinear and located on the contact
area between the blades and the UPDs. The full bladed disk undergoes a rotational velocity of 2200rad-s~t. A
Craig-Bampton Component Mode Synthesis (CB-CMS) [20] is applied to reduce the size of the FEM: the nonlinear
DOFs, an observation node (taken at the tip of the blade) and the cyclic boundary DOFs (for both the disk and the
UPDs) are kept as master DOFs. A modal damping of 5-10~* is applied to the structure for the modes under study.

Figure 2 denotes the natural frequencies of the fully stuck system (UPDs stuck with the blades, and blade stuck
with the disk). Only five families of modes are represented: the first flapwise flexural mode (1F, the blades mainly
undergo a transversal motion), the first edgewise flexural mode (1E, both the disk and blade are deformed along the
axial direction), the first torsional mode (1T), and the second and third flapwise flexural modes (2F and 3F). In
the following, only the 1F and 1T modes of the tenth nodal diameter are studied (as highlighted in red circles in
Figure 2).
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(a) Fundamental sector of the structure. (b) Close-up of the underplatform dampers.

Figure 1. Description of the model. The dimensions are in mm. A pretwist angle of 30° is applied on the blade. The blade is
made of Iconel®)738 and the disk of Iconel®)718.

The excitation on a sector j, noted fo j, is composed of a static part fox o (equal for all sectors j € [1, N])
representing the centrifugal effects and a harmonic part, noted fex( ayn ; (). The harmonic excitation force can be
seen as a simplified aerodynamic force and is applied on a node at the tip of the blades. It follows a traveling wave
pattern with a wavenumber h., = 10. The excitation is evaluated with:

fext,l (t) = lext,0 + fext,dyn,l (t) (la)
2Thes (J — 1 )
foe (0 = o (1= 22 0=) je (1b)
The excitation on the entire structure is noted foxt = [fg;(m RN FN g (the superscript T' denotes the transpose)

and w is the excitation frequency. To study the 1F mode (respectivély 1T), the excitation frequency range will be
focused around 27 x 1597rad-s~! (respectively 27 x 4860rad-s~!) and the amplitude of the force is taken as 0.5 N
(respectively 1.5N). The amplitudes were chosen such that the maximal displacements of the linear system (stuck
system) are equal for both modes.

In this work, we focus on the contact between blades and UPDs. The blade/disk contact is therefore simplified
and assumed to be always stuck. The UPDs may, however, be either stuck with the blade (the system is then linear
and called a stuck system) or account for the following contact/separation law

fun () >0 repulsive force only
x,N () >0 no penetration , (2)

X, N () - farx () = 0 either no force or no contact
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Figure 2. Natural frequencies of each nodal diameter. The large blue circles denote veering areas and small red circles denote
the modes of interest.

where f;,; defines the nonlinear forces between blades and UPDs, the subscript N denotes the normal direction of the
contact, and x, represents the relative displacement between both solids on the contact area. If the bodies are in
contact, then frictional effects are modeled with the following Coulomb’s law,

[l < pelfaN] if %, 7=0

T i x> 0, (3)
%57

for = —p |f N
where the subscript T denotes the tangential directions and pu is the friction coefficient of the contact interface.

3 Parametric study on the friction coefficient for the tuned structure

In [27], Krack et al. proposed a novel mathematical approach to optimize dampers based on nonlinear modes for
a tuned structure. Although excellent results were demonstrated in [27], several frequency forced responses will
be performed here to optimize the friction coefficient. This optimum is defined as the value which minimizes the
maximal displacement of the tuned structure. The study is applied for both the 1F and 1T modes. These are
first studied separately and hence two optima are obtained. Although this paper proposes to handle mistuning by
modifying the friction coefficient, traditional mistuning can naturally be considered (such as modifying the geometry
of the dampers and hence the mass, for instance).

3.1 Methodology

In this Section, the structure is perfectly tuned and the cyclic symmetry properties [10, 11] are applied to obtain the
different structural cyclic matrices. As underlined in Section 2, the excitation is composed of static and dynamic
parts with a wave number equal to 10. This leads to a static load on the zeroth nodal diameter fo o, and a dynamic
load on the tenth nodal diameter, noted f.ext,dyn,10~ As demonstrated in [14], the friction nonlinear forces create
coupling between different nodal diameters. For the current excitation, the tenth nodal diameter interacts with the

second and sixth nodal diameters [14]. The system of equations to be solved then becomes
Mot + Cotig + Kotig + far0 = fext.0 (4a)
Mgty + Crotiyo + Kiptigg + flnl,lO = E‘ext,dyn,lO (4b)

Mkﬁk + Ckﬁk + kalk + fnl,k =0, k¢ {2,6} , (4C)
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where Mk, C\. and K, are the mass, damping and stiffness cyclic matrices of the k—th nodal diameter. The vectors
uy and f'nl’k are respectively the k—th spectral components of the displacements and nonlinear forces. As the
excitation is periodic, we employ the Harmonic Balance Method (HBM) [28] to solve Eq. (4) and compute the
frequency forced response of the system. The solution on the first sector is sought after as

Np
1 4 .
u; =¢o + 5 E cnelm + éne_wt s (5)
n=1

where N}, is the total number of harmonics (here taken equal to 3), and (Cn)ne[[o, n,] are the harmonic coefficients.
The notation @ denotes the complex conjugate of a. As the excitation follows a traveling wave shape (see
Equation Eq. (1b)), we assume that the solution also follows the same shape [13]. This allows harmonics numbers
and nodal diameters to be paired and thus efficiently reduces the number of unknowns. Applying the HBM and the
previous assumption to the system Eq. (4) gives:

Koco + Cf.1,0 = Cf,.;,0 (6a)
(*WQMHJ +iwCig + Kw) c1+¢cfy1 =Crl (6b)
(—w21\7[6 + iwcg + K(;) C3 +Cf,3= 0 (GC)

The vectors c¢,, , and cg., , represent the projection of the nonlinear forces and external forces on the harmonic n.
The second harmonic is paired with the fourth nodal diameter. However, as this fourth diameter does not interact
with the tenth nodal diameter [14], the associated equation is not retained in the system to be solved. In addition,
the tenth nodal diameter interacts with the second nodal diameter, this second nodal diameter is first paired with
the fifth harmonic which is beyond the current harmonic expansion (N, = 3).

In this paper, the Dynamic Lagrangian Frequency Time [29] is used as contact algorithm. This procedure assumes
no regularization of the friction law (see Equation Eq. (3)) and also handles the existence of possible separation (see
Equation Eq. (2)) between the two bodies in the contact region. This algorithm uses the Schur condensation [30], as
well as the Alternating Frequency Time procedure [31].

3.2 Numerical results

The system Eq. (6) was solved for different values of p with excitation frequencies around the 1F and 1T modes
which were studied separately. The initial value of u was taken as equal to 0.3 and was decreased until the optimal
value was reached. The optimal values for the 1F and 1T modes, noted pjp and pjp, correspond to the value
of g which minimizes the maximal displacement of the structure for each mode studied separately. Their values
were obtained with a precision of 0.01. Figures 3 and 4 represent the maximum response of the structure for a few
different values of p that were simulated.

The influence of p on the maximal displacement of the structure has been studied in several papers, see for
instance [3]. For high values of pu, the system tends towards the fully stuck structure whereas for very low values,
the contact area becomes totally slippery. Between these two limits, an optimal value of y which minimizes the
displacement is reached. For the 1F mode, the optimal value for ujy = 0.03 and for the 1T, uj, = 0.1.

From this preliminary study, two kinds of sector are defined: sector A with a friction coefficient equal to pjp and
sector B with a coefficient of pj. In practise, these different kinds of sectors can be obtained by adding rough and
soft patches under the platforms of the blades. The purpose of the rest of the paper is to investigate the effect of
different intentional mistuning patterns composed of sectors A and B, and to try to find the pattern which optimizes
both the 1F and 1T modes simultaneously.

4 Global optimization of the mistuned structure

When the system is mistuned, the solution methodology employed in Section 3 can no longer be applied. To
determine the exact motion of such structures, the equation of motion of the full system must be solved. In practise,
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Figure 3. Frequency forced responses for the 1F mode. (--): linear (stuck) case; (mmm): optimal case pujp = 0.03. (—): other

values of 1 (0.01, 0.02, 0.04, 0.05, 0.1, and 0.15 in this order).
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Figure 4. Frequency forced responses for the 1T mode. (--): linear (stuck) case; (mmm): optimal case pjr = 0.1. (—): others
values of p (0.02, 0.03, 0.07, 0.15, 0.2, and 0.3 in this order).

this procedure is not used because it requires large memory space to store the mass, damping, and stiffness matrices,
and the computation time would be excessively long, mainly due to the computation of the nonlinear forces for all
sectors. In this paper, we employ a recent nonlinear ROM methodology called the Substructuring method based
on Nonlinear Cyclic Reduction (SNCR) [24] to compute the frequency forced responses of systems with different
intentional mistuning patterns. This approach is briefly explained in Section 4.1, and then tested and analyzed
for cyclic symmetric structures in Section 4.2. In Section 4.3, it is applied to solve the optimization problem on a
mistuned structure.
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4.1 Short description of the ROM methodology

The SNCR [24] employs a substructuring approach [32] in which the full structure is broken down into N substructures
(the N sectors). Hence, for each different kind of sector (two in this case), the associated cyclic nonlinear normal
modes (CNNMs) must be computed. The full reduced structure is obtained by assembling the reduced sectors on
their boundary control coordinates. To ensure a compact system, we employ the strategy proposed in Section 4.2
of [24] and only compute the CNNMs for the 0, 2, 6 and 10—th nodal diameters, for both the 1F and 1T modes. Once
the reduced model is obtained, a frequency force response synthesis can be simulated. To ensure fast computation,
the SNCR substitutes the nonlinear forces by the CNNMs.

4.2 Performance and validation of the method

The reduced basis is made up of 2 x 4 = 8 CNNMs (two kinds of sector: A and B, and four nodal diameters) for the
1F and 1T modes. These modes are evaluated only once and can be used to simulate the frequency forced response
of any intentional mistuning pattern (any combination of sectors A and B) excited around either the 1F or 1T
frequency. The purpose of the following study is to show the accuracy and performance of the SNCR when applied
to the current FEM. Since the reference method, presented in Section 3.1, only handles cyclic symmetric structures,
four such structures were considered as test cases: the (A),,, (B)yy, (AB),,, and (ABBA), structures. The notation
(X)y denotes the full 24-sector system composed of a supersector X which is repeated Y times. For these four
systems, and thus in total eight cases (four systems and two modes), the SNCR was applied and compared with
the methodology explained in Section 3.1 which acts as the reference method. Note that for the reference method,
supersectors (composed of standard single sectors put next to each other) must be used for the AB and ABBA cases,
whereas the SNCR employs a reduction basis composed of the CNNMs of sectors A and B taken independently,
whatever the test case.

7 1074
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Figure 5. Frequency forced responses for the 1F mode. (—): reference method; (- - ): SNCR. The markers (m), (®), (#), and
(v) denote the (A),,, (B),,, (AB),,, and (ABBA), structures.

Figure 5 represents the maximal displacement of the four test cases around the 1F natural frequency for the
reference method and the SNCR. For the (A),, and (B),, systems, the results match perfectly. For the (AB),,, and
(ABBA) structures, discrepancies can be observed: a shift of approximately 1 Hz in the resonant frequency peaks,
and an error in the maximal amplitude of approximately 8% for the (AB),, case and 5% for the (ABBA) case.

Figure 6 represents the maximal displacement around the 1T frequency. For all four cases, the SNCR, results
provide a good match with the reference. Small discrepancies can be observed for the (AB),, and (ABBA)4 structures
(the amplitude error is below 2%) but the results are much more satisfactory overall than those obtained for the 1F
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Figure 6. Frequency forced responses for the 1T mode. (—): reference method; (- - ): SNCR. The markers (m), (@), (#), and
(v) denote the (A),,, (B),,, (AB),,, and (ABBA), structures.
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mode.

In order to explain these different results, we can focus on the deformed shapes induced by the different values
of pu. Figure 5 shows that, for the 1F mode, the difference in maximal amplitude between the (A),, and (B),,
structures is 43% which is necessarily associated with significant different deformed shapes. However, for the 1T
mode, the level of vibration of the (B),, structure is only 14% lower than the (A),, structure. The deformed shapes
of sectors A and B are thus closer in this case.

Figure 7. Illustration of the deformed shape of the right UDP boundary surface for the 1F mode. Direction and amplitude of
the maximal displacement for: [-] the (A),, structure, and [-] the (B),, structure.

Because the only difference between the designs of sectors A and B is their u-value, the deformed shapes may
be particularly different around the contact area. The contact area is close to the cyclic boundary DOFs which
get assembled in the SNCR. Although the displacement is imposed continuously at the boundary, these different
deformed shapes may create discrepancies in the assembling step when sectors A and B are put together. Figure 7
illustrates the deformed shape of the boundary surface of the right UPD (see Figure 1b) for the (A),, and (B),,
structures at their respective maximum resonant peak. On the left side of the boundary surface, the direction
of motion is approximately the same, but its amplitude is greater for the (B),, structure. On the right side of
the boundary surface, the direction and amplitude do not match. The difference in deformed shape can also be
confirmed by Figures 5 and 6. First, the level of error between the reference and SNCR methods is higher overall for
the 1F than for the 1T mode. This is because the deformed shapes between sectors A and B are similar in the 1T
mode but significantly different in 1F. Furthermore, the (AB),, structure gives the largest error for both modes as
sectors A and B keep alternating.

Despite these differences, the SNCR, provides the correct trends in all cases. For example, for the 1F mode, the
optimal case is the (A),, structure, followed in order by the (AB),,, the (ABBA)4 and then the (B),, structures.
Moreover, the computation time of the SNCR is generally lower that of the reference, as highlighted in Table 1.
The computation of a single CNNM lasts around 3h but is performed only once. When the size of the supersector
increases (from a single sector A to AB, and then to ABBA), the reference method gets more unknowns, whereas

Samuel Quaegebeur et al.
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the SNCR keeps a constant number of generalized control coordinates. One of the main benefits of the SNCR is that
it can be used for any intentional mistuning pattern, whereas the reference method is limited to cyclic structures
with a small supersector size.

Modes  Systems No. of unknowns Comp. time (in h)
SNCR  Reference SNCR  Reference

(A)y, 672 1530 1.2 1.2

P (B)yy 672 1530 1.6 1.2
(AB),, 672 3060 1.4 5.7
(ABBA), 672 7120 1.6 32.5

(A),, 672 1530 2.1 15

T (B)yy 672 1530 1.5 1.5
(AB),, 672 3060 1.9 6.3
(ABBA), 672 7120 1.7 35.8

Table 1. Performance of the SNCR. The simulations were run on a Intel(R) Core(TM) i7-7700 @ 3.6 GHz computer.

In light of the accuracy and efficiency of the SNCR, a series of simulations for multiple intentional mistuning
patterns were performed next. The purpose was to establish the optimal pattern which minimizes the maximal
displacement for both the 1T and the 1F modes. Although the SNCR does not provide exact results on this model,
it does at least simulate the correct trends. Note that without such a method, the computation of an arbitrary
intentional mistuning pattern would require the equation of motion of the full structure to be solved, which is not
feasible in a reasonable amount of time.

4.3 Finding the optimal mistuning pattern for both the 1F and 1T modes

Sector A was chosen to optimize the 1F mode, and sector B the 1T mode. The purpose of this section is to find
the optimal A-B pattern that can minimize the displacement of both modes simultaneously. There are different
possibilities to perform such a task. The most obvious would be to compute the frequency forced responses for
all possible combinations (=~ 2% /N) [33]. This would require the computation of too many nonlinear simulations,
however, and is not currently feasible. In [34], Choi et al. proposed to use a genetic algorithm to optimize an
intentional mistuning pattern for a linear problem. Such a procedure could be considered in this paper, but the
main downside of the genetic algorithm is that we cannot ensure the global convergence of the solution. In [33], the
authors used a subspace optimization strategy. Based on [34, 35], it was shown, in a linear system, that for weakly
coupled blades, the optimized pattern exhibited frequent switches between the A and B sectors. However, for strong
coupling, the optimized pattern did not present many switches. Such a strategy is commonly used, as in [36], and
will be employed next.

Two optimized patterns were studied. The first was composed of AB or BA supersectors to account for weakly
coupled blades; the second pattern was composed of AA or BB supersectors and accounts for strong coupling. For
each optimization problem and each mode, there were 352 (=~ 2!2/12) simulations to perform (and not ~ 224/24
because a supersector composed of two standard sectors was considered here). The task was still significant as a
total of 2 x 2 x 352 = 1408 nonlinear simulations must be carried out. Parallel computations were employed to
perform this in a reasonable amount of time.

Figure 8 (respectively Figure 9) represents the maximal displacement with respect to the mistuning pattern
number for the 1F mode (respectively 1T mode). The red squares correspond to the structures composed of AB and
BA supersectors, and the blue crosses are those containing AA and BB supersectors. For both modes, the AB/BA
structures show smaller displacements than the AA/BB ones. Based on [33], this would mean that the blades are
weakly coupled in the current model. The blades are coupled by the disk and the dampers. However, for the latter,
vibratory energy is lost due to friction and may explain the weak coupling observed.
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Figure 9. Maximal amplitude displacement for the different mistuning patterns for the 1T mode. (O): combination of AB and
BA; (+): combination of AA and BB.

Using the maximal displacement of the 1F and 1T modes (noted |maxu;r| and |maxuip|), the best intentional
mistuned pattern can be determined. Two different objective functions that must be minimized are considered:

Critgym = |maxuip| + |maxuir|, (7)
and

. wirT
Critfatigue = Maxuip| + AT |max uy7| . (8)
w1F

The first function, critsym, is simply the sum of the amplitudes. The second takes into account the frequencies of
each mode and can be related to the fatigue of the system. Tables 2 and 3 provide the first six best intentional
mistuning patterns for the two criteria. The rank, value of the objective functions and corresponding mistuning pattern
are provided. The mistuned pattern numbers are also given in Tables 2 and 3 to help identify the best structures in
Figures 8 and 9 (see the larger markers). The same six mistuned patterns are obtained in both cases. Out of these

Samuel Quaegebeur et al.
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six, three have been studied in Section 3.2 the (A),,, (B),,, and (AB),, structures. The fourth, fifth and sixth best
patterns are respectively (2A2B1A1B)4, (2A2B1A1B1A1B)3 and 2A2B1A1B2A2B1A1B1A1B1A1B2A2B1A1B1A1B
(noted MP345 in Tables 2 and 3). In real bladed disk designs, the (A),, and (B),, structures are not suited due to
flutter phenomena [15, 37, 38]. Moreoever in the presence of random mistuning (which is unavoidable in reality),
the structures showing a pattern that repeats itself are subjected to a large amplification factor due to the frequency
splitting of the degenerated nodal diameter (such as the tenth nodal diameter under study). As a consequence, the
mistuned pattern noted MP345 may be the best compromise here.

A more complete study would consist of evaluating the amplification factor of these six mistuned patterns with
respect to random mistuning deviation. Such an analysis is beyond the scope of this work. Instead, in the next
Section we propose a sensitivity analysis of the influence of random mistuning on the maximal displacement of the
structure.

Rank  Mistuning pattern  Pattern number Function value

1 (A)y, 1 for AA/BB 1.2-1073
2 (AB),, 1 for AB/BA 1.4-1073
3 (B)yy 352 for AA/BB 1.4-1073
4 (2A2B1A1B), 342 for AB/BA 1.5-1073
5 (2A2B1A1B1A1B), 347 for AB/BA 1.5-1073
6 MP345 345 for AB/BA 1.5-1073

Table 2. Optimal mistuning patterns for the function critsum.

Rank  Mistuning pattern  Pattern number Function value

1 (B),, 352 for AA/BB 3.0-1073
2 (A),y, 1 for AA/BB 3.0-1073
3 (AB),, 1 for AB/BA 3.1-1073
4 (2A2B1A1B), 342 for AB/BA 3.3-1073
5 (2A2B1A1B1A1B), 347 for AB/BA 3.3-1073
6 MP345 345 for AB/BA 3.3-1073

Table 3. Optimal mistuning patterns for the function critfatigue-

4.4 Sensitivity of the systems to random mistuning

As explained in [24], the SNCR can handle random mistuning. In this work, the influence of random mistuning on
the (A),,, (AB),,, (2A2B1A1B), and MP345 structures was investigated. The mistuning was modeled by modifying
the internal modes in the Craig-Bampton reduction following a normal distribution with a standard deviation equal
to 10% (as proposed in [16]). The sensitivity of the (A),,, (AB),,, (2A2B1A1B), and MP345 structures to a random
mistuning with deviation equal to 10% was investigated. Only a single simulation was performed on the 1F mode
and the associated results are presented in Figure 10.

As expected, for each system (denoted by different markers in Figure 10), the presence of random mistuning
leads to a higher maximal displacement response. The amplification response factor (defined as the ratio between
the maximal displacement of the randomly mistuned structure and the maximal displacement of the initial structure)
was computed for each system. Their values are equal to 14%, 17%, 8% and 6% for the (A),,, (AB),,, (2A2B1A1B),
and MP345 systems respectively. Although the (A),,, (AB),, show better results in Tables 2 and 3 than the MP345
system, they are much more sensitive to random mistuning and as a consequence should not be kept as optimal
candidates. On the other hand, the MP345 system (which does not contain any supersector repetition) is the least
sensitive to random mistuning and may be considered the optimal solution.
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Figure 10. Frequency forced responses for the 1F mode for the six best structures. (—): without random mistuning; (—):

with random mistuning. The markers (), (v), (@), and (#) denote the (A),,, (AB),,, (2A2B1A1B), and MP345 systems.
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Conclusion

This paper proposes an original application for an intentional mistuning nonlinear finite-element structure. Two
kinds of sector were defined with different friction coefficients on the contact area between the blades and the UPDs.
The first kind of sector (A) was chosen to optimize the maximal displacement of the associated tuned structure for the
first flexural mode, whereas the second (B) optimizes the first torsional mode. An optimization procedure was then
performed to determine the best intentional mistuned patterns. Patterns composed of alternating A and B sectors
showed better characteristics than those composed of repeating A and/or B sectors because they simultaneously
optimize the forced response around both the 1F and the 1T frequencies. This result is mode-dependent, and the
optimal pattern may be different when focusing on modes in a veering zone. To the authors’ knowledge, such
optimization has never been proposed in the literature due to the complex nature of the system (mistuned and
nonlinear). Through a subspace optimization strategy, the best six mistuned patterns were identified. In reality,
some of the patterns are ill-suited due to aerodynamical considerations (such as flutter phenomena), as well as to
the negative impact of random mistuning on the level of vibration of the structure. With these further constraints,
a final optimal mistuned pattern was identified. It is interesting to note that it does not present any supersector
repetition.

Perspectives of this work could consist in extensive studies on the random mistuning effect (for instance by
performing a Monte-Carlo simulation). In light of the numerical results presented here, experimental tests could
also be considered, such as the one presented in [39], to complete the study.
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