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Abstract

Electric engines are now moving in the direction of higher speed and larger torque to achieve higher
performance. Therefore, predicting accurately the non-stationary loads and deformations during these
regimes is of utmost importance. This paper aims to describe the first steps to a simplified coupled model
of the electric powertrain to evaluate its dynamic behavior under non-stationary conditions considering the
gyroscopic effects. The developed numerical model is based on the angular approach, which introduces
explicitly the machine’s free body rotation degrees of freedom, which is different from the classical
approaches, where speed is generally considered constant. Integration of a simplistic novel bearing model
is done to demonstrate the effects of the excitations due to the rolling element-races interactions on the
dynamic behavior of the system under non-stationary conditions. The expected results will provide a base
model which can be used for phenomenological analyses, for complex models of bearings, gears, and motors.

1 Introduction

Electric Mobility has grown its importance in the industry specifically in automotive, from the inclusion
of environmental and energy regulations laid out in the United Nations Climate Change Conference held
in Paris in 2015 [1]. The emergence of electric and hybrid vehicles has also triggered the adherence to
more stringent NVH attributes. The NVH characteristics of an electric powertrain are an essential factor
during the design of the system because of its contribution to overall cabin noise during acceleration and
deceleration. The experimental prediction of NVH characteristics of the complex drivetrain is expensive and
time-consuming and it also gives very limited access to play with the design attributes of the entire assembly.
Computer simulation technology is becoming more widely used because it has progressed to the point where
it can provide detailed information to designers for this multi-physics phenomenon connected to the system.

Rotating components such as an electric powertrain have many components (electrical motor, gears, bear-
ings, timing belts, etc.) that are sources of periodic excitations during their operation due to their discrete
periodic geometry. These can be efficiently described in the multi-physics modeling. These excitations
are interactions through various structural components which are in rotation or rest (shaft, housing, etc.).
There have been a lot of recent numerical simulation attempts to simulate different elements in the drivetrain
e.g. a motor or a gear train for NVH studies. [2] developed a simulation model to study the acoustic radia-
tion of a switched reluctance motor of the electrical machine using finite element methods. [3] developed a
multi-physics simulation environment which was used to estimate the radial forces of a permanent magnet
synchronous machine for light traction, He also used this model to do sound pressure evaluation for different
operating conditions. [4] developed a statistical model for gears noise prediction in gearbox applications. [5]
studied the effects of transmission error and bearing preload on gearbox noise. While these studies and mod-
els help us understand the physical attributes of various phenomena occurring in each element of a drivetrain,
it fails to capture the combined effects of elements in the system and their coupling with the global rotation



of the machine. Few studies have tried to integrate different connecting elements of a powertrain such as a
motor and gear-train and performed structural simulation on the gearbox housing due to the excitations from
motor and gear-train using FEA [6], [7] and [8]. However, most of the models in the literature are built
under the assumption that the rotating speed is constant. The dynamics of connecting elements of a rotating
machine cause excitations that occur recursively and are inherently periodic and these excitations are inher-
ently dependent on the rotation speed even if the machine is under a stationary regime. For E.g. in the case
of bearing rotor systems, roller-races interactions produce fluctuation in the forces due to the bearing which
is dependent on the shaft rotation speed [9]. So, it is of utmost importance that speed needs to be considered
as an implicit variable of the simulation rather than a defined parameter.

Time-based modeling follows the traditional approach, in which, all the variables are measured and analyzed
w.r.t time depending upon the application. The classical approach to dealing with multi-source dynamic
excitation in the rotating machine is to use time-dependent solvers. But it should be noted that many of these
excitation sources are generally dependent on time and also the angle of rotation. When we consider the
dynamic behavior of an electric motor, Torque characteristics are a function of both the current excitation
which is dependent on time and waveform, and the permanent magnetic field attributes which are dependent
on the angle of rotation of the rotor [10]. Time-based solvers sometimes fail to track these excitations
prevalent in the system [11]. Modeling the system in the angular domain, in which motion equations are
translated into the angular domain stresses the need to know precisely the relationship between time and
angular position of the rotating part [12]. Time becomes an explicit variable of the angular position. This
modeling technique is very useful when analyzing rotating components with discrete periodic geometries that
generate different cyclic excitations. Using the angular domain approach, we can establish a strong coupling
between the rotating speed and the dynamics of the system. This is predominantly more evident when
working with high-speed rotors and where gyroscopic effects are introduced [13, 14, 15]. By introducing
this academic model, the main purpose is to show that suppressing constant speed assumption may change
the model classically used in the literature.

The primary focus of using the angular approach is to study the effects of the integration of discrete periodic
connecting elements such as bearing, gear, and e-motor that invokes the effects of all the components’ geom-
etry provoking interactions forces leading to perturbations of the angular speed. In this paper, bearings have
been modeled and a harmonic excitation has been introduced to show these interactions and coupling effects
on the system. The model introduces the angular modeling approach to explain how the system response
varies at different operating conditions due to the torque variations induced into the shaft by the bearing
dynamics.

Rotating shafts have been used in almost all industrial machines such as steam and gas turbines, turbo gener-
ators, and ICE. Therefore, it is necessary to investigate the behavior of these systems under various operating
conditions, particularly when there are vibrations on the bearing supports, which has to be resilient to critical
speeds or torque or force fluctuations caused by gyroscopic movements because damages to the bearing can
cause catastrophic failures. There have been numerous studies on the dynamic response of geared rotor-
bearing systems. Some of them were based on the experimental response of the bearing while others were
based on theoretical analysis of mechanical component failures. Sawalhi and R.B. Randall [16], developed a
simulation model for a gearbox test rig for bearing localized faults, which relates the raceway displacement
to the bearing load and also accounts for the slippage between the elements, which incorporates Hertzian
contact theory. This model is very useful when localized bearing faults are considered as it considers the
slippage in the bearing and also the non-linearity in bearing stiffness but it had the limitation of assuming
speed as constant. Another example of a numerical approach to bearing modeling, Singh [17], developed a
dynamic nonlinear model of the rolling element with an outer raceway line spall. The modeling approach
involved modeling all the components of the bearing (outer and inner rings, rolling elements, and cage)
as flexible bodies which predicts the impulsive contact forces that generate bearing vibrations. These ap-
proaches are suitable to produce simulated signals that can emulate very specific fault behavior but they do
not allow to describe the dynamic variation of magnitude in forces and torques that occur in bearings due
to speed fluctuations, even in stationary regimes. However, these complex bearing models are extremely
difficult to integrate into global architectures due to high computational cost, and also our initial aim is to
study the behavior of these systems irrespective of their faults in the global setup.



So, when analyzing NVH for complex architectures with multiple components, the state-of-the-art approach
uses coupled finite element (FE) analysis in a generalist multi-physics package. These are time-consuming
and solving computationally intensive. Another approach is to combine numerical and analytical models, but
complex numerical models for each component (for example a bearing) as described in the above literature
study are not feasible as they are computationally intensive. So in many complex architectures, the modeling
approaches neglect the modeling of bearing since the excitation caused by the bearing is inferior compared
to other significant parts in the driveline. In the multiphysics model developed by [8], to evaluate the
NVH performance of an electric powertrain, the bearings were considered as a revolute joint connected to
the housing. Another approach shown by [18], introduces a global dynamic model to study responses of
drivetrains under different excitations such as the dynamic mesh force acting at the gear teeth, dynamic loads
acting at the bearings, and motor torque fluctuation excitation. In this approach, the bearing is modeled
as a stiffness matrix calculated at static conditions. One approach to solve this issue is by considering
the bearing as restitution forces that are dependent on the rotating speed of the shaft which is explored in
the model. These limitations have been incorporated in our modeling approach, where the bearings have
been modeled using a simplistic model yet having strong coupling considering the rotation of the shaft.
The bearing modeling approach presented in the next section is based on the rolling resistance phenomena
based on the interaction between the races and the rolling elements [19]. This approach has been used for
normal force and resistive torque estimation. This choice was made to assure the possibility of coupling the
model into more complex mechanical architectures. From the literature, it is evident that most of the models
are based on the constant speed of the rotating shaft. The novelties of our model include the use of the
angular approach, which is built considering no assumption on the IAS to study the effects of interactions
and couplings of the connecting elements in a simple power train architecture and show the impact of the
assumptions traditionally made on NVH models especially working under non-stationary conditions.

The general description of the powertrain model, described above is presented in Section 2. Section 2.2
discusses the Euler angle transformation technique used in this model. Section 2.3 discusses the bearing
model, which includes the introduction to the rolling resistance phenomenon. Section 2.4 discusses the gear
model used in this architecture. Section 2.5 presents the equation of motion and the overall dynamic equation
of the system. The results from this model are presented in Sections 3 and 4.

2 Modelization of electric powertrain model

2.1 General Model description

The first application could be extracted from a generalized architecture of an electric drive-train including a
gear reducer.
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Figure 1: Rotor Bearing Model




The dynamic model considered for this analysis is a reducer of standard automotive e-powertrain as shown
in Figure 1. This reducer academic model is made of a rigid shaft, rigid disk, and bearings with constant
stiffness which will be explained in the following sections (Figure 1). Bearing excitation is due to the fact
that the number of rolling elements under load is fluctuating and it has been introduced into the system as
a cyclic excitation. The gears are asymmetric to the shaft center. We assume that torque is induced by the
rotating equipment, and we make no preliminary assumptions about the rotational speed. The resistive forces
are assumed to be acting on one of the gears which cause displacements at the bearing center that can be
extracted as bearing forces. An analysis of the impact of the different assumptions on the equations of motion
of each component of the rotor is explored.

2.2 Transformation of referential axis and rotation vector

We define Ry (X Y.Z ) as the fixed coordinate system or inertial frame referenced in the Galilean reference.
R (ac,y,z) the rotating coordinate system referenced in the local reference after the movement of the shaft
element due to its rotations and translations, and it coincides with the main axis of the cross-section of the
shaft. The motion of the rotating shaft, in three-dimensional motion, can be completely described using
Euler’s angles defined via three successive rotations to specify the relations between the principal axes of the
rotating frame (5,5,5) and the fixed frame ()Z ,}7,2 ) as shown in Figure 2.

Figure 2: Illustration of the different frames

H is any point coinciding on the main axis of the rotor shaft and Gs is the center of gravity of the system. H*
is the same point on the shaft after the displacements. The movement of the shaft is described by a rotation
sequence, appealing to Euler angles.

The orientation of the elements of the model in the inertial frame can then be described using one transfor-
mation matrix [Pg“o] given by:

cos(py)  sin(pg).sin(py) —cos(pz).stn(py)
[Pg’l=1| O cos(p) sin(p) (1)
sin(py) —sin(pz).cos(ey)  cos(pz).cos(py)

cos(py)  sin(py).sin(py) cos(py).sin(py)
[Pl=1| 0 cos(¢z) —sin(py) ©)
—sin(py)  sin(pg).cos(y) cos(pg).cos(ey)



Using the transformation matrix [Pgo], The angular velocity and its corresponding components can be ex-
pressed in the direction of the principal axis as :

G(R/Ro) = ¢ X + Gyt + 07 (3)

Wz = Py COS gy cos O + Py, sin 0 4

Wy = —g cos @y sin b + y, cos b (5)
wy =60+ Py SIn @y (6)

2.3 Excitations
2.3.1 Bearing model (With no abnormal excitations)

The fundamental components of a rolling element ball bearing are the outer race (OR), the inner race (IR), the
cage, and the rolling elements (which in our case are balls). Using Hertz’s theory, the forces characterizing
the dynamic interactions between the shafts and the supports are described as a function of the IR and OR
displacements. The estimation of bearing forces introduced in the model, as demonstrated in this section, is
appropriate for non-stationary input torques. The analysis that follows is based on the following assumptions:

1. There is no slippage between the Outer Race (OR), the Inner Race (IR), and the rolling elements.

2. The rolling elements are in quasi-static equilibrium, meaning that the normal contact force between
the IR and a given rolling element is equal to the normal force between the OR and the mentioned
rolling element. We also neglected the associated centrifugal force due to rotation.

3. Surface imperfections that led to localized defects are neglected in the current model.

The modeling approach is based on the hypothesis that the rolling resistance phenomenon occurs due to the
interaction between the races and the rolling elements developed by [19]. The displacement of the normal
force introduces a tangential force which is introduced in the equation (7) and this force is translated as
torque as opposed to the direction of the angular speed of the rolling element. This torque may be associated
with the frictional moment and in consequence, the rolling resistance coefficient is considered by the analogy
of the constant friction coefficient.

Fy = p.F, (7)

2.3.2 Bearing forces and frictional torque

The bearing characteristics needed for the model description are: the number of rolling elements Z, the
rolling element radius r, the rolling element mass m and inertia I, the inner and outer contact diameter of the
rolling element with the races (Di and De), the defect frequency of the outer race BPFO, contact angle of the
ball and race « and the ball diameter D.

The nominal ball-raceway normal load F). as a function of deflection J, which is the displacement at the
bearing center and is defined as :

F,=KJ ®)



where is K stiffness of the bearing in X and Y direction.
The displacements at the center of gravity of the system are defined in translation as 7 and rotation is 77,
where 7 and 7 are given by :

(d]=|v]:[7) = |o, ©)

Since the shaft is rigid, we can estimate the displacements in the center of the inner ring of bearing as,

7]

oy = [d]+ GG A | (10)

—
where GG is the distance between the center of gravity of the system (G) to the center of each bearing
(G;), which is given by,

0
GG = |0 (11)
Z;

where Z; is the distance from the center of gravity of the system (G) to the center of each bearing (G;) in 7
axis. The § used in the equation (8) is given by

— db
0= ‘dbear|; W = (esar (12)
where 77 is the direction of the displacement, and the overall force acting on the bearing is given by :

Foear = (Fr + AF,).7 (13)

It is to be noted that the estimation of the bearing forces can be extended to more advanced models with
non-linear stiffness based on Palgrem’s model [20]. The fluctuations in the bearing loads AF,. are due to
the fact that the number of rolling elements under load is fluctuating. It is a function of the angular position
# and the BPFO of the bearing which can be represented as:

AF, = ay.sin(BPFO.0).F, (14)

ay is a co-relation factor that depends on the machine and is extracted by experimental data co-relation with
simulation results [19].

The nominal frictional torque is also calculated, considering the rolling resistance phenomenon explained in
the above section, from the bearing forces, which is given by :

Di 1
Ty = F,,{ — -n.Di.Fr (15)

Since T7 is related to F}., AT} can be written in the same way AF;. as:
ATy = acp.sin(BPFO.0).Ty (16)

2.4 Gear model

The following modeling strategy is based on a very traditional approach that has been widely used in the
literature. Gears are generally regarded as rigid cylinders linked by restorative forces, with paired gear



stiffness representing the contribution of the ensemble of deformable parts. Though in our case, we consider
just one shaft and effort acting on the primary gear is introduced as an equivalent load. The main parameters
of the gears used in the approach are the pressure angle « and the pitch radius Rz,,.

<Y

Figure 3: Gear simple model

We assume that only one pair of teeth are in contact during meshing. Gear tooth 1 transmits motion, which
stresses gear tooth 2 which takes motion as shown in Figure 3. The loads are applied on the contact point of
the gears, which is on the gear pitch at point N. The transversal load F, is resolved giving radial component
F,. and tangential component F;. The moment due to motor load torque 7, is directly transmitted to the gear
as the tangential components F;. So The torque 7}, acting at gear with a pitch radius R, is given by:

| Tom|
|Fi| = —— a7
Ry
The radial load F is calculated by using the equation:
|Fy| = | Fy|. tan(a) (18)

The gear contact is not considered to be exactly lying on the local referential axis as shown in Figure 3, rather
it is at a given angle due to the gear position and is defined as ¢. The X and Y components of the F,. and F;
are resolved w.r.t ¢ to get the load acting on the gear in the local referential axis R (z,y,2), which is given by

|- sin(@) — | Fy]. cos(9)
{Fgear}R = _|Ft|' COS(QS) - |FT| Sin(¢) (19)
0

The force vector { Fyeq, } is then transformed to Galilean referential Ry (X' ,}7,2 ) by:

{Fgear}RO = [P}go]-{Fgear}R (20)

The fact the gear forces are not acting at the center of the gravity of the shaft (G) produces the moment at
that point due to these forces and is given by,

{Mgear/Gs}R = GSBR A {Fgear}R 21

where G 3(3 is the distance from the center of gravity of the system to the gear center and is given by:



R,,. cos(¢)
GsOr = [Pf].{ Byosin(9) @)
Zg

The moments and the associated directions are in the local referential axis which are defined by the Euler
angles and the choice of the Euler angles as parameters of the model amounts to considering three angles that
are not defined around orthogonal axes and which do not correspond to the rotations around the axes of the
Galilean, so we need to transform the moments by a rotation sequence used during the initial transformation.

1
(Mgear/Gs))_(' - {Mgear/Gs}R~ 0 (23)
0
0
(Mgear/Gs)?ﬁ = {Mgear/Gs}R- cos () (24)
sin (@)

cos(pz). sin(gpy)
(Mgear/Gs)§ = {Mgear/Gs}R- - Sin(@a)) (25)
cos(pgz). cos(py)

2.5 Equation of motion

The mathematical model for the dynamic behavior of the rotor is developed by extracting the kinetic and
potential energy of different components of the rotor.

2.5.1 Shaft and disk

The shaft, gears, and bearings are discretized into several parts with each considered as a separate element
with mass (mi) and center of mass (Gi) as shown in Figure 4.

Figure 4: Rotor Representation

The overall equation of motion is w.r.t the center of gravity of the system (Gs). The disks and the shaft
are assumed to be rigid. The kinetic energy (both translational and rotational) is derived relative to the
displacement of the system at its mass center Gs (u, v, w) written in the rotating frame using the Euler angles
(Qz» Py, 0). @ and @, are very small, so we assume that terms of second or higher orders of ¢, and ¢, are
very small and are neglected. The kinetic energy of each component is written as :

Tpi =1/2[mi(i? + 9% 4+ 0?) + Ipi (62 + 206.0,) + Ipi(:2 + $y%)

+ 2m. 2 (Prtt — G — Gybpy) + 2my.25 (Be”)]



where m; is the mass of each component of the rotor i.e parts shafts and disks, Ip; and Ip; are respectively
the diametrical and polar moment of inertia of each component, z; is the distance of the mass center of each
element Gi to the mass center of system Gs. The terms m;.z; and mi.zf are due the fact the rotor is not
symmetric. The term 29¢z<py in the equation (26) represents the gyroscopic effect. The displacement and
rotation of the system at its mass center are gathered in { X }:

{X} = {w;v;w; a5 0y 0} 27

The application of the Lagrange equations on the kinetic energy of the rotor elements lead to the following
matrix form equation:

d 0Tp JTp . : .
£(87X> - (87> = [Meste] + ([dM{XID{X} + {Fayn{X}} + {Feoup{ X }} (28)
M_ste is the classical mass matrix, [dM{X}] is the terms in the mass matrix that are influenced by {X}
due to the non-stationary regime assumption, { F,,,{ X } } the force vector related to the gyroscopic effect of

the elements of the rotor and { Fr,,p{ X }} has only a non-nill moment on the degree of freedom of angular
deformation which is due the gyroscopic terms included in the model. If the particular case of model with
no gyroscopic effect is considered, the contribution of the matrix { Fcoup{X }} and {den{X }} becomes nill
since the term 29géxg0y in the equation (26) will be equal to zero.

2.5.2 Overall dynamic equation of the rotor

The dynamics model is developed based on the restitution forces and is given by the following equation.

[Mcste] + ([dM{Q}]){Q} = [Fezt] - [den{Q}] - [Fcoup{Q}] + [Fconnect] (29)

where

{Q} = {{X}; {{X}}7 [Fconnect] = [Fbearing{Q}] + [Fgem‘{Q}] (30)

F..(t) is the external effort and [Fonnect { Q}] is the forces due to the connecting elements. The connecting
elements in our case are the bearings and gears. Fycqring{ @} is the force vector from the bearing internal
forces. Fgear{Q} is the force vector from the gear contact forces.

3 Numerical Simulation

The preceding developments were applied to run a numerical example of a simple dynamic rotor system with
a rigid shaft, and two rigid disks (gears) supported by two ball bearings. The damping and stiffness of the
bearings are given by: ¢ = 100 Nm~!sand k =5 x 107 Nm~!. The geometric and material properties of
the rotor (shaft, gear, bearing) used in the simulation are reported in tables 1 to 4 in Appendix B. A constant
driving torque of 200 N m is introduced to the system. The simulations were run in different conditions for
100 shaft revolutions. For the first analysis, the simulation is run in two different configurations of bearing
BPFOs (BPFO = 4.5 and 9) to highlight the differences in the variations in the IAS due to the change in the
bearing BPFOs.

Figure 5a shows the response of the “macroscopic” angular speed of the system. For this analysis, we only
consider the steady-state part of the run, as we are studying only the excitations from the bearing. So, the first
50 shaft revolutions are neglected as it is in the non-stationary regime and they can have transient effects. It
should be reminded that the resistive moment due to the bearings depends on the load applied to the bearing
and the fluctuations in this resistant moment depend on the BPFO of each bearing. The Figure 5b clearly
shows the angular speed of the system is directly influenced by the BPFO of the bearings, that is the angular
frequency of the IAS is the BPFO expressed in the angular domain which is 4.5, and 9 events per revolution
for each simulation.
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Figure 6: Forces in bearing A for simulation with BPFO= 4.5 and speed at 4000 rpm

This demonstration shows that even when the magnitude of these fluctuations is very low, these can excite
other harmonics in the system which the reader must take care of while simulating such systems. So, It is
very important to establish there are strong couplings between the rotation of the shaft and forces due to
the connecting elements in the model. The graphs in the Figure 6a show the forces acting in bearing A for
simulation 1. The fluctuations in the forces in both X and Y directions are due to the harmonic excitations
which are dependent on the BPFO of the bearings. Figure 6b shows the spectral response of the forces in the
X and Y directions. There are 2 main orders which are visible, 1°¢ peak is at 298 Hz and the 2" is at 596
Hz, which corresponds to the excitations due to the BPFO of the bearing (which is 4.5 in this case). But it
can be seen that there are other smaller excitations with low amplitudes at higher frequencies. This is due
to the fact that the rotational speed is not constant (advanced research works are going on regarding these
phenomena at LaMCoS). So, even in stationary conditions when the IAS is considered as an unknown of the
dynamic problem rather than the assumption of being constant, it can be seen that it highly influences the
dynamic behavior of the system.



4 Parametric Study

4.1 Effect of gyroscopic at higher speeds

In order to reach very high speeds, the rotational damping of the system is decreased to C = 0.0307 Nm ™!
The simulation is then run for 300 rotations. To study the effects of gyroscopic influence on the system at
very high speeds, the simulation is run in two conditions. In the first condition, the gyroscopic effects are
included in the simulation, and in the second condition, the gyroscopic effects are not included. This can
be done by neglecting the matrix { Frpup{X }} and {Fy,,,{ X} } since the term 205, in the equation (26)
will be equal to zero. The damping and all other geometric properties are kept the same from the previous
simulations. However, to induce more tilting moments due to the gyroscopic effect, the two bearings are set
to have different stiffness (see Table 1). A constant driving torque of 200 N m was introduced.

Table 1: Stiffness of the bearings in case 1 and case 2

Bearing Name ‘ K(Nm™1h
Bearing A 5 x 108

Bearing B 1 x 108
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Figure 7: Spectral Response of the system

The graph in the Figure 7a and Figure 7b shows the power spectral density estimates using FFT of displace-
ment in X and Y directions at Gs for both simulations. The system reaches 40000 rpm in both cases. In both
cases, the eigenmodes are at 390 Hz and the shapes are a bit different between the two graphs are due to the
non-linear effects introduced by gyroscopic coupling. The frequency of the excitation due to the bearing,
as it is dependent on the angular speed of the system, increases from around 1200 Hz to 6000 Hz when the
speed is increasing. The key differences to note in these graphs are the amplitude in the X direction in gyro-
scopic and non-gyroscopic cases.The low db is because the obtained displacements are in m. The amplitude
in the X direction at the highest speed, for the gyroscopic condition, is 4 dB higher than the amplitude in
the X direction for the non-gyroscopic condition (-197 dB in case of non-gyroscopic and -193 dB in case of
gyroscopic). But the difference in amplitude in the Y direction in the case of gyroscopic and non-gyroscopic
cases is almost negligible. This difference is because the gyroscopic term 2604, ¢,, which is dependent in
rate of change of rotation in X (¢;) and only in rotation in Y ().

This behavior is attributed to the use of Euler angles for the transformation of rotation and its non-symmetric
nature of equations. The gyroscopic term introduces an extra term (/,64,) in the equation attributed to



which is not present in equation attributed to ¢, and the displacements at the bearing in X and Y are depen-
dent on ¢, and ¢,. Further analysis shows that the influence of ¢ on ¢, and ¢, are more profound, these
tilting rotations directly influence the system displacement in X and Y. When the speed of the rotation de-
creases to 4000rpm, the difference in amplitudes in the X direction between gyroscopic and non-gyroscopic
cases was found to be 1 dB. It is very important to note that, the assumptions made by classical approaches,
of that given law of the rotational speed can lead to the non-replicability of these phenomena in high-speed
conditions. Because by considering IAS as an implicit function of the system, it shows us that it can highly
influence the rotor dynamic properties of the system, especially when working in high-speed conditions.

4.2 Effect of gear contact position at higher speeds

The same high-speed condition simulation is run with gyroscopic effects included but in two new cases. In
the first case, the gears contact position (¢) is 0 degrees, and in the second case, ¢ at 90 degrees, i.e the
contact of gears are on y and 7 axis respectively. The stiffness of the bearings are given by: k = 5 x 107
Nm~!, damping, and all other geometric properties are kept the same from the previous simulations. The
simulation is then run for 900 rotations. The steady-state part of the simulation is considered for this analysis
and the simulation was run with multiple ODE solvers to check for result consistencies and numerical errors.

Penodogram Usmg FFT Perlodogram Usmg FFT

-1 50 B b _1 50 u|
P ——PSD(Disp. at Gs in X dlrectlon) ——PSD(Disp. at Gs in X dlrectlon)

——PSD(Disp. at Gs in Y direction) 40 ——PSD(Disp. at Gs in Y direction)

15t Order

m .
-200 | Dx 5960.79

Y -193.599
250 F X13101.3 X 25022.9
g_‘_g R i X13099.9 X 25020.2
4 Y -267.567 Y -268.866
L_ﬁ .

300 | # S ML 00l T \L\\R

0 0.5 1 1. 5 2 2. 5 0 0.5 1 1.5 2 25

1t Order

X 5960.14
Y -194.646

2001 | /|

2501 o N

Power/Frequency (dB/Hz)
Power/Frequency (dB/Hz)

|
\\
\
AN
/
#
L //
If
il

Frequency (Hz) x10% Frequency (Hz) x10%
(a) Response at ¢ = 0° (b) Response at ¢ = 90°

Figure 8: Spectral Response of different gear contact position(¢)

The graphs in the Figure 8a and Figure 8b shows the power spectral density estimates using FFT of displace-
ment in X and Y directions at Gs for both simulation conditions. The peak frequency amplitude at ¢ = 0°
shows that the amplitude at X is more than at Y and the peak frequency amplitude at ¢ = 90° shows displace-
ment at Y is more than at X. This is obvious because the forces acting on the gear (Fr and Fr) are reversed
in X and Y directions as we switch from ¢ = 0° to ¢ = 90° (F7 is more than Fp). But there are two key
differences to be noted in these two cases. The first point to be noted is, The main excitation frequency due to
the bearing is at 5961 Hz in the case of ¢ = 0° and 5960 Hz in the case of ¢ = 90°. The peak frequencies for
the main excitaions and also other harmonics of the excitation at ¢ = 0° is slightly higher than ¢ = 90°. The
second point to be noted is, that the amplitude at peak frequencies at ¢ = 90° is slightly higher than ¢ = 0° in
all excitations by 1 dB/Hz. This is why there is a small decrease in peak frequencies in the case of ¢ = 90°
compared to ¢ = 0°. The energy loss due to vibration content for ¢ = 90° is more than ¢ = 0°, so it cannot
achieve the same rotational speed as that of ¢ = 0°. This should not be the case, as the system is symmetric in
both the X and Y axis i.e the spring stiffness and damping are the same in the X and Y directions and the only
change is the gear forces acting on the system. This behavior is also attributed to the non-symmetric nature
of equations when using Euler angles. The gyroscopic term introduces an extra term (/, pécp'y) in the equation
attributed to ¢, which is not present in equation attributed to ¢, and the displacements at the bearing in



X and Y are dependent on ¢, and ¢,. So, when the forces acting in the Y direction are more than those
acting in X, as in the case of ¢ = 90° (Fr is acting in the Y direction), the displacement and rotations in Y
are higher, which leads to the increase in the vibration content due to the term I,0¢,. This is reason why ¢
= 90° has slightly higher amplitude peak frequencies amplitude when compared to ¢ = 0°. It is also to be
noted that this extra term (Ipégp'y) is proportional to the rotational acceleration and does not exist when the
speed is constant. Further analysis shows that, when the speed of rotation is further increased to 60000 rpm,
the differences in the peak frequency amplitudes increase to 1.2 dB. This shows the influences of rotational
speed and why it should be considered as an implicit variable when working with higher speeds.

5 Conclusion

This paper develops a simplistic model of an e-powertrain based on the angular approach, considering no
assumption on the IAS. A simplistic novel bearing model was established based on the hypothesis that the
rolling resistance phenomenon is occurring due to the interaction between the races and the rolling elements.
A harmonic excitation in the bearing was introduced to the system which depends on angular speed and
its BPFO. The results show there are small excitations in the response of the system other than the BPFO
excitation even in stationary conditions. This is due to the fact the speed of the rotation is not perfectly
constant. The other results show that at higher speeds when we introduce gyroscopic couplings in the system,
the system’s dynamic response is influenced by the speed due to the strong couplings between the rotations
in X and Y and the speed. The results from the effects of gear contact location show that there are subtle
differences in the peak frequency amplitudes and the peak frequencies when we switch the gear positions
from ¢ = 0° to 90°, this is due to the non-symmetric nature of Euler angle transformations that should be
accounted for when working with high speeds. Based on the results, we can see that angular speed has a
high influence on the dynamics of the system, especially in high-speed conditions. All these results show
that suppressing the constant speed assumption may change the model classically used in the literature. This
work will be further extended to study the effects of the electric motor on the overall drive line for validating
source identification related to its kinematic.
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Appendix

A Nomenclature

BPFO Ball Pass frequency outer

E, Radial forces acting on the connecting elements

F; Tangential forces acting on the connecting elements

Fyear Forces acting on the bearings

Ty Resistive (frictional) torque acting on the bearings

Foear Forces acting on the gear

Myear Moment acting at center of gravity of system(Gs) due to the gear forces

B Numerical Simulation data

The geometric and material properties of the rotor (shaft, gear, bearing, motor) used in the simulation are
reported in table 1 to table 4 in Appendix B.

Table 2: Shaft properties

Symbol Quantity Value
L Length of shaft 0.139 m
Do Outer shaft diameters 0.025 m
Di Internal shaft diameter Om
P Density Gear 7870 kg /m?
v Poisson Ratio 0.3

Table 3: Gear Properties

Symbol Quantity Value
M, Modulus of the primary gear 1.578
Zy No. of teeth on the primary gear 37
h Thickness of disk 0.02m
p Density Shaft 7870 kg /m?
v Poisson Ratio 0.3
Ly, Distance of gear 1 center from left end 0.050 m
Ly Distance of gear 2 center from left end 0.059 m

Table 4: Bearing Properties

Symbol Quantity Value
Qe f co-relation factor for force 0.0002
af co-relation factor for torque 0.0001

7 Frictional gear coefficient 0.015
Do Outer diameter of the bearings 0.062 m

h Thickness of disk 0.02 m
Ly Distance of bearing 1 center from leftend 0.016 m
Lo Distance of bearing 2 center from left end 0.083 m
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