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A B S T R A C T   

To reduce emissions and fuel consumption in the automotive world, researchers are looking for alternative 
energy converters in the series hybrid electric vehicle and previous studies demonstrate that turbogenerator 
technologies are promising candidates. This study presents a methodology for the design, modelization, and 
dynamic simulation of different turbogenerator thermodynamic architectures to compare their performances, 
compute their efficiencies and select the best candidate to replace the internal combustion engine in the series 
hybrid electric vehicle taking into account the startup phase, where the inertia of the components affect the 
performance of the machine. Therefore, four types of turbogenerator configurations were thermodynamically 
investigated. Then an extensive work was conducted to design the turbomachines components with high effi
ciencies, followed by a design procedure of the recuperators. Dynamic models of the turbogenerators were 
developed and simulated with a constant power start-up strategy where the data of the designed components 
were integrated into the models. Results show that the turbogenerators that contain a recuperator have a startup 
phase characterized by high fuel consumption for 70 s mainly caused by the thermal inertia of the recuperator 
that causes a reduction in turbogenerators efficiencies by about 3%. Moreover, the intercooled regenerative 
reheated turbogenerator presented a better performance than the other turbogenerators with the highest rate of 
temperature increase at the inlet of the combustion chamber resulting in the lowest fuel consumption. Conse
quently, the intercooled regenerative reheated turbogenerator was selected as the best candidate as it had the 
best dynamic performance, the highest efficiency 37.9%, and net specific work 205 kJ/kg for a turbine inlet 
temperature of 950 ◦C. The developed methodology in this paper could be applied to reproduce new turbo
generator energy architectures, compare their performances, and select the best designs.   

1. Introduction 

Transport represents almost a quarter of Europe’s greenhouse gas 
emissions and is the main cause of air pollution in cities [1]. With euro 6, 
regulations nowadays become more and more strict about emissions, by 
2021 the average CO2 emissions in Europe should be below 95 g/km 
[2]. The electrification and hybridization of vehicles in the automotive 
industry is an efficient way to reduce the dependence of cars on oil. Since 
the fuel consumption of hybrid vehicles depends on the energy converter 
efficiency, much research invested in a new energy converter that has 
high efficiency and suitable for integration as an auxiliary power unit 
(APU) in the powertrains of hybrid vehicles [4,6,9]. 

Among energy converters, we enumerate the turbogenerator, the 
internal combustion engine (ICE), and polymer electrolyte membrane 
fuel cells (PEMFC). Turbogenerators operating in a series hybrid electric 
vehicle (SHEV) at a steady-state presents an optimum electric efficiency 
between 30.4% and 47% depending on the turbogenerator energy 

configuration meanwhile the maximum electric efficiency of a spark- 
ignition internal combustion engine (SI-ICE) APU is 36% [9]. On the 
other hand, the turbogenerator has several pluses over the ICE such as 
emission reduction, multi-fuel capability, fewer moving parts, less vi
bration, lower maintenance cost, high durability, and the absence of a 
cooling system [9,12]. PEMFC has also many advantages, like the 
highest efficiency (40–52%) among the APUs, zero tanks to wheel 
emission, and similar to the turbogenerator they have low noise and 
vibrations. Despite the many advantages of fuel cells, they are expensive 
due to too many reasons like, expensive Platine catalyst, expensive 
storage systems for hydrogen that must be safe and compact, fuel cell 
costs, and the cost of hydrogen refueling infrastructures. 

The turbogenerator operating according to the gas turbine thermo
dynamic cycle or Brayton cycle has been largely investigated since the 
1950s. Previous work in the turbogenerator hybrid vehicle area was 
theoretical, with one notable exception being the Volvo ECC which was 
shown in 1992 [5]. A study at the Chalmers University of Technology 
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showed the advantage of a turbogenerator operating at its optimal ef
ficiency compared with the internal combustion engine in automotive 
applications [6]. Another one that was carried at the University of Rome 
proved that the turbogenerator, at its optimum efficiency, respects the 
Euro 6 emissions levels without the need for a pollution treatment sys
tem [7]. 

In conventional cars, the turbogenerator operating at partial loads 
suffering from low efficiency and inertia lag problems, gain interest 
again in the SHEV because the powertrains of these vehicles rely on an 
auxiliary power unit to charge the batteries that supply the electric 
motors to drives the vehicle (Fig. 1). The turbogenerator coupled to a 
generator constitutes the APU which is not mechanically connected to 
the driving wheels. This isolates the turbogenerator from demand, 
allowing it to consistently operate at its most efficient speed. 

On the other side, many possible turbogenerator thermodynamics 
architectures can be integrated into the SHEV [9,10]. Some integrate a 
recuperator to increase the efficiency and benefits from the exhaust gas 
high temperature to preheat the combustion chamber inlet air [3]. 
Others integrate an intercooler between the compressor stages to 
decrease the power consumed by the compressor [11] and recently some 
works focused on the integration of a reheater or a post-combustion 
chamber between the turbine stages to increase the expansion power 
produced by the turbine [12]. 

Moreover, in the automotive world, cost, simplicity, and 
manufacturing complexity are important factors to consider besides the 
low emission and fuel economy. For this reason, the regenerative cycle 
got the highest interest and researches due to its good efficiency and its 
low complexity [4,8]. However, the regenerative cycle suffers from low 
net specific work leading to a high air mass flow rate [10] which 
consequently increases its size and weight. For this reason, recent 
studies show that the intercooled regenerative reheated cycle solves the 
problem of low net specific work encountered in the regenerative cycle 
and it had high efficiency and a better power to weight ratio [11,12]. 

Furthermore, turbogenerators have a bug that stands out during the 
startup phase. The shaft inertia leads to an electric energy consumption 
delivered by the starter, and the heat-up time of the heat exchanger 
leads to an addition of fuel consumption that decreases with the increase 
of the heat exchanger outlet temperature. Those factors must be taken 
into consideration when computing the turbogenerator’s overall effi
ciency. Recent work by Bou Nader et al. (2020) on Dymola software [12] 
studied the intercooled regenerative reheated cycle configuration where 
they took into consideration the startup and transient phase in their 
dynamic modeling [12]. Nevertheless, none of the previous studies has 

compared the performance of the different types of turbogenerators at 
the startup phase. This comparison will highlight the best energy con
verter candidate in the SHEV while taking into account the dynamic 
behavior of the system. 

Based on these findings, and to select the best turbogenerator in 
automotive applications, this paper proposes dynamic modeling of 
different turbogenerator configurations for SHEV to evaluate the fuel 
consumption penalty during the transient startup phase. The method
ology adopted in this paper provides advice and instructions for the 
design of highly efficient turbines, compressors, and heat exchangers, by 
reducing energy losses through these components, thus obtaining opti
mum turbogenerator configurations. It could be expanded and applied 
to reproduce new types of turbogenerator energy architectures and 
simulate them to compare their performances and select the best de
signs. The methodology steps are presented in section ‘‘Methodology’’, 
start from theoretical calculation to components design procedures to 
systems modelization and end with the turbogenerator’s simulations. 
For each of the considered configurations, thermodynamic calculations 
were made to compute the overall efficiency and the net specific work 
while considering the component specifications. Based on the data of the 
thermodynamics studies, the operating conditions were defined and the 
turbomachines were designed on Ansys Vista. Then, a pre-design of the 
recuperators was made to calculate the weight and volume of the 
recuperator of each configuration. Thereafter, the different turbogen
erator systems were modeled and simulated on Amesim. The Optimi
zation process is proposed in every step of the methodology. First, in the 
thermodynamics study with variable compressing and expansion ratios 
and an objective of overall optimum efficiency. Second, in the turbo
machines design with impellers geometry variation and an objective of 
highest attainable efficiency. Third, in the Amesim model operation 
with variable rotational speed and an objective of optimum rotational 
speed efficiency. The optimizations take into account the operations and 
manufacturing constraints of the system’s components. 

This study is novel in two ways. First, it presents a high-efficiency 
design procedure of each component for every single turbogenerator 
thermodynamic architecture, compressors, turbines, heat exchangers to 
get optimum turbogenerator’s systems. Second, it is the first study that 
presents a dynamic performance comparison between the different 
possible turbogenerators for automotive application by considering the 
rotating machine’s inertia and the heat exchanger thermal inertia im
pacts on fuel consumption, system efficiency, and temperatures during 
the startup phase. 

Fig. 1. Turbogenerator as an APU in the powertrain of SHEV.  
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2. Methodology 

This section presents the methodology adopted to compare the dy
namic behavior that includes a comparison of the fuel consumption and 
the combustion chamber inlet temperature variation of the turbogen
erators at the startup phase. The method consists of a four-step assess
ment plan as presented in Fig. 2. The first assessment step consists of a 
thermodynamic analysis applied on different realistic turbogenerators 
configurations identified in paper [9] and presented in Fig. 3, where the 
system efficiency and the net specific work were calculated. The tech
nological and operational limitations of the components, for example, 
the maximum compression ratio of compressors, the maximum expan
sion rate of the turbine, and the maximum efficiency of the components 
were taken into account. These specifications are based on the most 

recent available component data. In the second assessment step, the 
different turbogenerators’ turbomachines were designed on Ansys. The 
design data, inlet temperature, pressure, compression ratio, expansion 
ratio, and mass flow rate were taken from the first assessment step. The 
design process sought highly efficient turbines and compressors where 
the losses of these machines were minimized by referring to both, losses 
correlations and CFD simulations. 

In the third assessment step, the regenerators of the turbogenerators 
were designed, their mass and volume were computed to make a com
parison between the different heat exchangers. 

In the fourth assessment step, a dynamic model of each turbogen
erator configuration was developed on Amesim and the data of the 
second and the third assessment, turbomachines maps, and heat 
exchanger specifications, were integrated into the models. The impact of 
the heat exchanger heat-up time on the efficiency and temperature, 
during the start-up phase, was evaluated by considering a constant start- 
up power strategy where higher fuel consumption is injected during the 
start-up to maintain the same turbogenerator output power. Also, a 
comparison in terms of fuel consumption and combustion chamber inlet 
temperature is done between the four turbogenerator systems. 

Finally, the turbogenerator’s efficiencies were evaluated on a battery 
charging duration. The comparison between the turbogenerator’s 
startup dynamic performance and their efficiencies led to the selection 
of the best energy converter. 

3. Thermodynamic analysis 

This section presents the thermodynamics analysis of realistic 
turbogenerator systems presented in Fig. 3 to compute their efficiencies 
and net-specific work. The different turbogenerators investigated are: 
The simple cycle GT (A) consists of a compressor, a combustion chamber 
(CC), and a turbine and it works on a Brayton cycle principle. The 
regenerative cycle RGT (B) had a regenerator to benefit from gas exhaust 
temperature and preheat the inlet air of the combustion chamber. The 
compression is accomplished in two compressors with an intermediate 
intercooler in the intercooled regenerative cycle IRGT (C) to reduce the 
high-pressure compression stage inlet air temperature and so decrease 
its consumed power. The intercooled reheated regenerative cycle 
IRReGT (D) consists of two-stage intercooled centrifugal compressors, a 
regenerator, a two-stage reheat centrifugal turbines, and two 

Fig. 3. The different configurations of the investigated turbogenerator systems: (A) GT, (B) RGT, (C) IRGT, and (D) IRReGT.  

Fig. 2. Work methodology steps.  
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combustion chambers. The air compressed in the low-pressure (LP) 
compressor stage is cooled by an intercooler before entering the high- 
pressure (HP) compressor stage. High-pressure air gains heat in the 
regenerator and enters at high temperature the first combustion cham
ber to gain heat again then make the first expansion in the high-pressure 
turbine stage. The gas is reheated in a second combustion chamber to 
expand again in the low-pressure turbine stage. Before leaving the sys
tem the gas exchange heat with the air. 

The four types of turbogenerators were modeled on REFPROP using 
fixed and variable inputs as presented in Fig. 4. Fixed inputs were chosen 
as follows: Radial turbines are more performant with high inlet air 
temperature, but the maximum turbine inlet temperature TIT was 
limited to 950 ◦C to reduce the NOx emissions that occur at high tem
peratures and to use low-cost turbine materials in order reduce the 
prices of the turbogenerator. For a fair comparison between the turbo
generators’ performances, we managed to use the same recuperator’s 
efficiency in all turbogenerators. 25 kW for the turbogenerators net 
power, this amount of power is a necessary one to charge the battery of 
the Series hybrid electric vehicle while maintaining a constant state of 
charge (SOC) during constant speed high way driving [12]. Meanwhile, 
the variable inputs were obtained from the Ansys Vista turbomachines 
design. In the thermodynamic analysis, an optimization was made in 
terms of the best combination of compression and expansion ratios. The 
thermodynamics analysis output was used as inputs for Ansys to rede
sign the turbomachines with higher efficiencies, then the Ansys output 
values were used as the new variable inputs for the thermodynamic 
models. The optimal turbomachines design and operating conditions 
that lead to the highest turbogenerators’ attainable efficiencies are ob
tained when the thermodynamic models’ output converge. 

The compressor and the turbine steady-state work are determined 
using equations (1) and (2) 

(1) Wcompressor = hcoutlet-hcinlet 
(2) Wturbine = hTinlet-hToutlet 

Where Wcompressor is the compressor specific work (kJ/kg), hcoutlet is 

the specific enthalpy at compressor outlet (kJ/kg), hcinlet is the specific 
enthalpy at compressor inlet (kJ/kg), Wturbine is the turbine specific 
work (kJ/kg), hToutlet is the specific enthalpy at turbine outlet (kJ/kg), 
and hTinlet is the specific enthalpy at turbine inlet (kJ/kg). The heat 
added in the combustion chamber (QCC) is computed using equation (3). 

(3) QCC = hCCoutlet - hCCinlet 

The system energy efficiency (ηsystem) is computed according to 
equation (4). 

(4) ηsystem =
WTurbine− WCompressor

Qcc = Wnet
Qcc 

Where Wnet is the system net specific work (kJ/kg). 
The air mass flow rate in the cycle is computed using equation (5). 

(5) mair=
Pnet
Wnet 

Where Pnet is the system net power that the turbogenerator must 
deliver. 

4. Turbomachines design 

The efficiency of the turbogenerator relies on its components effi
ciencies, from this point we decided to make studies about designing 
high efficiencies turbomachines since the maps of these turbomachines 
will be integrated into the turbogenerators Amesim models for simula
tions. The turbomachines study consists of three steps. Starting with a 
general theoretical approach about centrifugal compressors and radial 
turbines to better understand what parameters have the biggest impact 
on efficiency, then the design and the improvement were done with 
Ansys (vista CCD, Vista RTD) and turbomachinery fluid flow for CFD 
simulations. The highest attainable efficiency is possible by choosing the 
optimum rotation speed design point and the optimum impeller geom
etry basing on losses correlations. Finally, in the last step, the 

Fig. 4. Turbogenerators design loop.  
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turbomachines maps were generated. 

4.1. Centrifugal compressor design 

This section presents the centrifugal compressor design study. Cen
trifugal compressor performance was examined analytically to deter
mine optimum geometry as characterized by specific speed. For the 
desired duty many combinations of velocity diagram characteristics and 
compressor geometric parameters are possible. The combinations of 
greatest interest are those that will result in maximum attainable 
efficiency. 

In the design procedure of a centrifugal compressor, the choice of an 
optimum rotational speed design point is important, because this rota
tional speed will define the value of the specific speed of the compressor, 

and the losses are related to the specific speed. To minimize the losses, 
the specific speed which is a term that relates compressor rotational 
speed, flow rate, and ideal enthalpy rise must be in the optimum zone. 
Impellers associated with a large total head and low flow rate are 
characterized by low specific speed and, conversely, those with a low 
total head and high flow rate are characterized by a high specific speed 
[13]. The choice of the rotational speed design point optimal value was 
based on the Rodgers chart (Fig. 5) to get an optimum specific speed 
value where the highest efficiency occurs. The correlation of Rodgers 
presented the relation of specific speed and efficiency, it suggests that an 
optimum specific speed Ns exists for a given stage pressure ratio. This 
relation showed that at a low specific speed, efficiency drops due to an 
increase in the frictional losses in the vane passages and the disc friction. 
However, at a high specific speed, efficiency drops due to an increase in 
the aerodynamic losses resulted from the high relative velocity levels 

[15]. The specific speed expression is defined as follow Ns = Ω.
̅̅̅̅̅
Q1

√

(ΔH0)
3
4
. The 

maximum attainable efficiency corresponds to a specific speed near 0.7. 
Moreover, to design the optimum geometry that leads to the highest 

attainable efficiency, the study based on ANSYS Vista CCD, on Rodgers 
chart relying on the losses correlations. From losses formulas, it was 
found that the impeller blade exit angle (ßb2 encircled in green- Fig. 6) 
and the exit to the inlet relative velocity ratio (W2/W1 encircled in red- 
Fig. 6) have a major effect on losses and those parameters define the 
impeller geometry, dimensions, and angles. 

Therefore, seven specific losses were evaluated for various combi
nations of the exit to the inlet relative velocity ratio and the blade exit 
angle. The losses considered were the incidence loss, blade loading loss, 
skin friction loss, disk friction loss, clearance loss, recirculation loss, and 
the vanned and unvanned diffuser loss. Incidence loss occurs at the inlet 
of the rotor and depends on the inlet Mach number and the leading edge 
geometry. The Blade loading loss is caused by the boundary-layer 
growth in the impeller and highly dependent on the internal diffusion 
(variation of the relative velocity) of the working fluid. The friction 
losses are one hand, the skin friction between the flow and the impeller 
blade surfaces, for reduction, smooth surfaces, low-velocity levels, and 
wide but not too long flow channels should be taken into consideration. 

Fig. 6. Geometry and velocity triangle annotation for centrifugal compressor impeller.  

Fig. 5. Rodgers charts showing the variation of the compressor isentropic ef
ficiency depending on its specific speed. 
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On the other hand, the disk friction caused by the fluid between the 
impeller shrouds (blade extremity) and the stator intern surface, this loss 
became minimal at a certain flow coefficient. Clearance loss happened 
due to the flow that occupies the gap between the rotor and the stator 
that doesn’t participate in the energy transfer, the proportion of this 
flow decrease if the blade height increase, maximizing the ratio of the 
blade tip width over the radius of the exducer b2/R2 will minimize this 
loss. The Recirculation loss incurred through the additional work done 
on the working fluid due to back-flow from the vanned diffuser to the 
impeller and increases with a high absolute exit flow angle (α2). Vane
less diffuser loss is a friction loss meanwhile vanned diffuser loss de
pends on Mach number at the inlet, blockage, area ratio, and pressure 
recovery. The vanless space is necessary for decreasing the velocity at 
the vanned part and reduce shock loss, for this reason, the Max Mach 
number at the vanned diffuser inlet should not exceed 0.8. [13,17,18]. 
The main losses are expressed in the five equations below [17]. The 
Formulas terms explanation are in appendix A symbols. 

(6) ΔHcl = 0,1. g
b2.U

2
2 

(7) ΔHdf = (Cmi + Cmd).ρ2.U3
2.R2

2/ (2.m). 
(8) ΔHsf = 5,6. Cf. Lb

Dhyd.C
2
2m 

(9) ΔHrl = 0,02.
̅̅̅̅̅̅̅̅̅̅̅
tanα2

√
.D2

f .U2
2. 

(10) ΔHbl = 0,05 .D2
f .U2

2 

(11) Df=
W2
W1

+0,75.ΔH0
U2

2
/(W2

W1
.Zπ (1-r1

r2
) + 2.r1

r2
) 

The variation of the geometry dimensions, the velocity triangles, and 
the compressor losses was evaluated according to the variation of the 
exit to the inlet relative velocity ratio and the blade exit angle separately 
referring to Ansys and losses correlation. While decreasing the exit to 
inlet relative velocity ratio we were decreasing the exducer diameter 
and the tip width was increasing to maintain the same compression 
ratio, resulting in losses reduction. The clearance loss decrease with 
increasing the tip width, because of the proportion of the flow that oc
cupies the gap between the rotor and the stator that doesn’t participate 

in the energy transfer decrease. The disk friction, the skin friction, the 
diffuser loss, the blade loading loss were also decreasing since they vary 
the same way, as the tip exit diameter and the blade tip exit linear speed. 
However, we noticed an increase in the recirculation losses because of 
an increase in exit absolute flow angle α2 

A backswept blade reduces the kinetic energy entering the diffuser 
thus reduces the diffuser losses and increases the stage efficiency, as a 
penalty, we increase the stress on the blade. After evaluating each loss 
variation according to the relative velocity ratio and the impeller blade 
exit angle, the response chart (Fig. 7) presents the compressor stage 
isentropic efficiency variation according to various combinations of 
these two parameters. 

For a constant relative velocity ratio, the isentropic efficiency de
creases when the blade exit angle increases from 0 to 25 degrees then it 
increases with higher blade angles. For a constant blade exit angle, the 
stage isentropic efficiency increases when the relative velocity ratio 
decreases, but below 0.5 it almost becomes constant. It was concluded 
that a low exit to the inlet relative velocity ratio coupled with a high exit 
blade angle is a very good way to improve the isentropic efficiency of the 
compressor stage and higher efficiency is expected with higher decel
erating fluid through the rotor. Meanwhile, this improvement is 
accompanied by penalties thus constraints and limits. A high backsweep 
angle leads to high stresses on the blades and high-quality material must 
be used, Rodgers limit the relative velocity ratio because it causes a 
reduction in surge margin and the compressor risk to stall when working 
at different operating conditions, because of instantaneous high increase 
in flow separation from the blade surface [20]. 

Therefore, CFD simulations were done to check logical values of the 
temperatures, velocities, and Mach numbers through the designed im
pellers, then comparisons were made between two compressors 
designed for the same duty (pressure ratio and mass flow rate) to visu
alize the influence of the relative velocity ratio on the surge margin. The 
first one was designed for a relative velocity ratio of 0.5 and the second 
for 0.7 (Appendix B). Many simulations were done with different mass 
flow rates and rotation speeds, the flow separations through the passes 

Fig. 7. Compressor stage isentropic efficiency evolution depending on the exit to inlet relative velocity ratio and the beta blade exit angle.  
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of the two designed impellers happened at a lower mass flow rate and 
higher rotation speed in comparison to the compressor optimum design 
conditions. 

From simulations (Figs. 17 and 18), no problems encountered in 
regions close to the hub and small local separation appears at the trailing 
edge of the mean radius zone in the impeller of a 0.5 relative velocity 
ratio. The major Surge margin reduction problems were manifested at 
the shroud side of the compressor with the low relative velocity ratio, 
where we could see high flow separation. For this reason, the minimum 
exit to the inlet relative velocity ratio was selected as 0.5 and the 
maximum blade exit angle was selected as 50◦. 

4.2. Radial turbine design 

This section presents a radial turbine design study. Radial inflow 
turbines are suitable for a variety of applications in aircraft, space ve
hicles, and other systems where compact power sources are required. 
Designing a turbine for a specific duty is a choice of the best dimensions 
and angles combinations that give the required expansion ratio and mass 
flow rate at a specific speed with minimum losses. Changing any 
parameter resulting in a must of change of other parameters for duty 
conservation. We can reduce a specific loss by changing a specific 
parameter but since other parameters are changing at the same time, we 
must check the evolution of other losses that may be increasing or 
decreasing but there is always an optimum parameters combination 
(Fig. 8). 

Seven specific losses were considered in the design. The friction loss 
depends on the geometry, velocities, friction coefficient of the compo
nents, and occurs through the Nozzle, rotor, and diffuser. The Loading 
loss occurs due to the aerodynamics loss of the flow and passage loss 
affected by the incidence angle and the geometry. The separation loss, 
which is the separation of the flow from the blade surface due to the high 
relative velocity ratio. Shock or incidence loss occurs at the leading edge 
of the rotor due to the difference between the flow angle and the opti
mum one. The clearance loss depends on the part of the flow in the gap 
between the rotor and stator that does not participate in the energy 
transfer with blades. Too tight air section passage leads to blockage loss 
at the nozzle and rotor trailing edge. The last loss is the exit kinetic loss 
caused by a high exhaust gas velocity. [14] 

Moreover, maximum static efficiency and maximum total efficiency 
are expected for a specific speed Ns = 0.6 and Ns = 0.93 respectively 
[14], where the specific speed is a dimensionless number that relates to 
the rotation speed, the volume flow rate, and the ideal enthalpy drop. It 

expressed by Ns= N.
̅̅̅̅̅
Q2

√

(ΔH0)
3/4. High friction losses occur at a low specific 

speed, meanwhile, at a high specific speed, high kinetic loss occurs. 
The study started by making a list of recommendations for the design 

and with ANSYS radial turbine design Vista RTD and Chen and Baines 
turbine efficiency map, losses were minimized with an optimum 
impeller geometry. 

The radial turbine consists of 3 components, the nozzle, the impeller, 
and the diffuser. High-pressure gas enters the nozzle, as the geometry is 
divergent there is an energy transformation from potential to kinetic so 
the pressure of the flow decrease, and its velocity increase. The nozzle 
blade leads the flow with a specific exit flow angle adapted with the 
desired relative flow angle at the inlet of the rotorβ2. An energy transfer 
from the flow (kinetic) to the blade (mechanic) occurs in the rotor, at the 
same time there is energy transformation from potential to kinetic. A 
divergent exhaust diffuser is used to decrease the exit velocity and 
transform a part of it to static pressure. The Specific work of the radial 
turbine is given by Euler relation: W = Cθ2U2- Cθ3U3 

Design recommendations were collected from the literature and 
presented below as a design reference [14,16], and [19]. Many losses 
occur due to high velocities like friction and exit kinetic energy which is 
proportional to the square of velocity for this reason very high velocities 
must be avoided. The inlet blade angle is selected as ßB2 = 90⁰ due to 
strength limitations, this angle is different from the flow relative velocity 
angle ß2. Some designers will go for an inlet relative flow angle equal to 
zero (ß2 = 0) and an axial absolute velocity (α3 = 0, Cθ3 = 0) with a small 
magnitude to minimize kinetic energy loss, so W = U2

2 and they increase 
U2 with a limit concerning material and temperature constraints. 

Whoever, in reality, best efficiencies and high specific work occur 
when the flow enters with negative incidence ß2 < 0 (do not match the 
blade angle because blade loading leads to a good static pressure 
gradient and permits a good transformation of the energy from potential 
to kinetic). Moreover, a negative absolute angle α3 is beneficial to in
crease the specific work (Cθ3 < 0), referenced on the Euler equation, and 
the efficiency increase. Therefore, for the design, an optimum range of ß2 
is − 40⁰< ß2 < − 20⁰, and − 30⁰ is a good choice. A very high negative ß2 
angle will increase the losses (incidence loss or shock loss) even if it is 
better for blade loading. For the impeller exit absolute angle α3, we 
designed the impeller to get an angle close to − 15⁰, with a higher 
negative value, efficiency decreases fast with exit loss. For the impeller 
exit relative angle ß3, minimizing Mach relative will minimize the in
ternal passage losses and ß3 = − 55⁰ would be a good choice. Moreover, 
minimizing Mach absolute will minimize kinetic energy loss and ß3 =

Fig. 8. Geometry and velocity triangle annotation for Radial turbine impeller.  
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− 70⁰ would be a good choice. Therefore, an optimum exit relative flow 
angle is defined as follows − 70⁰< ß3 < − 50⁰. In our design, we tried to 
be close to ß3 = − 60⁰, blockage, and high-stress levels should be 
considered with high ß3. For reducing internal passage loss an optimal 
relative velocity ratiow3

w2 
= 2 andw3s

w2 
= 2.5 is recommended. Moreover, an 

increase in relative velocity ratio and relative velocity flow angle will 
lead to an increase in non-dimensional parameters like: R3s

R2 and b3
R2 and 

this lead to a decrease in both passage friction and clearance loss but the 
kinetic energy loss increase. A reduction of the ratiow2

U2 
reduce stage 

losses. An optimum blade speed ratio: U2
Cs will be between 0.6 and 0.7. 

With Cs the isentropic velocity or the spouting velocity, the velocity that 
would be obtained if the gas was expanded isentropically from the inlet 
stagnation enthalpy to the exit static condition, given by C =
̅̅̅̅̅̅̅̅̅̅̅̅̅̅
2.Δhis

√
where Δhis = H02-H3. There is an optimum impeller inlet Mach 

number for any given power ratio Sw and inlet relative flow angle where 
Sw= W

m.h01 
= 1- T03

T01
, this range is between 0.5 and 0.7. With the same Mach 

number, the power ratio increase with increasing ß2 negatively so it 
leads to an increase in specific work. The blade number was calculated 
using the formula from [19] Z = π*(110− α2)*tanα2

30 . Referring to Chen and 
Baines [21], maximum efficiency occurs for flow coefficients in the 
range 0.2–0.3, and at loading coefficients between about 0.8 and 1.With 
the loading coefficient: ψ = Δh0

U2
2

and Flow coefficient: Φ=Cr2
U2

, two 

dimensionless numbers that describe the stage performance. To these 
values corresponds an inlet absolute flow angle α2 between 65⁰ and 75⁰. 

There are two critical points through the turbine where chock could 
occur, which is the point of maximum flow per unit area, and decrease 
the efficiency. Those points are the exit of the nozzle and the exit of the 
rotor. If the ratio of the absolute velocity over the critical speed (Ccr) at 
the nozzle exit is close to 1, we have a risk of chock, so the absolute angle 
at the nozzle exit α2 must be changed, with Ccr=

̅̅̅̅̅̅̅̅̅̅̅̅̅
2.k.R.T0

√

k+1 . If the ratio of 
the relative velocity over the critical speed at the rotor exit is close to 1 
so there is a risk of chock, the relative flow angle ß3 must be decreased. 

Finally, with the turbomachines study we were able to design the 
radial machines of the four turbogenerators with the best combination of 
blade inlet and exit angles, diameters, and tip width that minimize the 
losses through the compressor and the turbine while taking into 
consideration the different manufacturing and performance constraints. 
After each design, the turbomachines maps were generated with ANSYS 
to integrate it into the AMESIM model later on for simulation. 

The designed turbomachines data (mass flow rates, compression and 
expansion ratios, rotational speed, and isentropic efficiencies) are pre
sented in Table 1. This table contains the optimal results of the loop in 
Fig. 4. 

Each turbogenerator efficiency and net specific work came as 
mentioned below in Fig. 9. 

At steady-state operation, the IRReGT had the highest efficiency 
among all turbogenerators. The interesting advantage of the IRReGT is 
that it fixed the low net specific work encountered in both RGT and IRGT 
turbogenerators so the IRReGT has a low air mass flow rate thus a 
reduced mass and size. 

5. Recuperators design 

This section presents the recuperators’ design of the RGT, IRGT, and 
the IRReGT turbogenerators. A Gas-gas plate-fin heat exchanger (HEX) 
with counter-current flow was selected because of its compactness, 
reduced mass, and high attainable efficiency in comparison to other 
types of heat exchangers. For a fair HEX mass and volume comparison 
that leads to a fair comparison between the turbogenerators perfor
mances, we managed that the three recuperators have the same: effi
ciency 0,83, global heat exchange coefficient 151 W/m2, fin efficiency 
0.85, fin area to total area ratio 0.785, plate thickness 0.8 mm, and fin 
thickness 0.2 mm. The heat exchanger design is an iterative procedure 
presented in the HEX calculations procedure section, starting with an 
estimation of the heat exchange coefficient and aiming for a heat 
exchanger efficiency of 0.83. The design constraints were the heat 
exchanger dimensions and the maximum pressure losses that mainly 
depend on Renold’s numbers, the hydraulic diameter, and the free flow 
sectional area. 

HEX calculations procedure [22]:  
(12) Nu = a*Re0.663*Pr1/3 0.087 < a < 0.4 
(13) Re =

ρ*V*Dh

μ  
300 < Re < 4000 

(14) Pr=
μ*Cp

λ   
(15) Nu =

h*Dh

λ  
30 < h < 300 

(16) Dh=
4*Ao*L1

Afr   

(17) X =
Ao

Afr
0.3 < X < 0.35   

(18) η0 = [ 1-(1-ηf)*
Afin

A
]  0.8 < ηf < 0.9 

(19) Rconv=
1

h*η0   
(20) Rplate=

eplate

k   
(21) Rtot = Rconv,hot + Rwall + Rconv,cold  
(22) U=

1
Rtot   

(23) NTU=
U*A
Cmin   

(24) A = Aplate + Afin  
(25) σ =

Afin

A  
0.75 < σ < 0.85 

(26) Afr = L2*L3  
(27) HEXvol = Afr*L1  
(28) HEXmass = ρAISI347 * (Aplate * eplate + Afin * efin)   

0.5 mm < eplate < 1.2 mm; 0.1 mm < efin < 0.6 mm 
(29) 

ε = 1 − e− NTU.(1− Ccr)

1 − Ccr.e− NTU.(1− Ccr)
Ccr =

Cmin

Cmax 
C = m.Cp  

(30) q = ε. Cmin. (THi-Tci)   

Fig. 9. Turbogenerators’ efficiencies and Net-specific work.  

Table 1 
Designed turbomachines data, mass flow rates, compression ratios, expansion 
ratios, and rotational speeds.  

Turbogenerators 25 kW GT RGT IRGT IRReGT 

Mass flow rate kg/s 0.162 0.189 0.163 0.122 
π1 4 2.8 2.116 2.483 
π2 – – 1.598 1.871 
τ1 4 2.8 3.381 2.841 
τ2 – – – 1.635 
RPM 130,000 100,000 80,000 90000/140000 
ηis LP compressor 1 0.815 0.826 0.827 0.819 
ηis HP compressor 2 – – 0.829 0.818 
ηis HP turbine 1 0.781 0.779 0.782 0.770 
ηis LP turbine 2 – – – 0.768  
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Where Re is the Renolds number, Pr the Prandtl number, V the flow 
velocity, m the mass flow rate, ρ is density and μ the kinematic viscosity 
of the fluid, Dh the hydraulic diameter (characteristic length), λ the fluid 
thermal conductivity, Ao the free flow cross-sectional area of the gas or 
the air, Afr the heat exchanger frontal area, L1 the heat exchanger length, 
L2 heat exchanger height, L3 heat exchanger width, A the total heat 
exchange area, Afin the fin area, Aplate the plate area, ηfin the fin effi
ciency, ηo total exchange surface efficiency, h the convective exchange 
coefficient, k the heat exchanger material thermal conductivity, eplate 
the plate thickness, efin fin thickness, Rconv the convective resistance at 
each side of the heat exchanger, Rplate the wall thermal resistance, U the 
global heat exchange coefficient, ρAISI347 the stainless steel density, ε the 
heat exchanger efficiency, q the flow heat exchange, HEXvol the total 
volume of the heat exchanger and finally the HEXmass is the heat 
exchanger total mass. AISI 347 stainless steel was used in the design. 

After the design, the mass and the total volume of each HEX were 
computed. The Heat exchanger of the IRReGT had the smallest 

convective exchange area since the RGT and the IRGT are handling 
higher heat and mass flow rates (from thermodynamic analysis). Thus 
the recuperator of the IRReGT had the smallest size, and mass (Fig. 10). 
The heat exchanger data will be incorporated in the turbogenerator’s 
dynamic models for simulation where the lag of the heat exchanger 
mainly depends on its mass and volume. 

6. Turbogenerators dynamic modelization 

This section presents the dynamic modeling of the turbogenerators 
on Amesim (The GT, RGT, IRGT, and the IRReGT) to study the inlet 
combustion chamber temperature variation and the fuel consumption of 
the machine. Then to compute the turbogenerators efficiencies taking 
into account the startup phase where the inertia of the components, 
mainly the turboshaft inertia and the heat exchanger heating time, has a 
big influence. The heat exchanger is heavy and cold at startup, it takes 
time to be heated and to give the required output temperature, so the 
turbogenerator can’t reach its optimum efficiency rapidly, there is a 
startup transient phase characterized by an additional fuel consumption 
to countervail the inertia lag. From the solution of the Fourier-Biot 
equation (31), assuming one-dimensional heat transfer in the x-direc
tion and constant thermal conductivity, we can obtain the temperature 
field of the heat exchanger intern wall as a function of time. Moreover, 
the solution of Newton equation (32) gives us the temperature variation 
of the heat exchanger at the startup phase. 

(31) K.∂
2T

∂x2  + qv = ρ.Cp.∂T
∂t 

(32) m.Cp.dT
dt = h.A.(Tinf – T) 

Where K is the material conductivity (W.m− 1.K− 1), qv is the rate at 
which energy is generated per unit volume of the medium (W.m− 3), ρ is 
the density (kg.m3), and Cp is the specific heat capacity (J.kg− 1.K− 1), m 
is the mass of the heat exchanger (kg), A the total heat exchange area 

Fig. 11. IRReGT dynamic simulation on AMESim.  

Fig. 10. Turbogenerator’s heat exchanger mass and volume.  
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(m2), h the convective heat exchange coefficient (W.m− 2.K− 1), t the time 
(seconds), T is the HEX temperature and Tinf is the HEX final exit tem
perature in kelvin. 

The turbomachines maps generated in Ansys were extrapolated in 
Amesim and integrated into the models. The models were controlled to 
work at the optimum operating conditions of the turbomachines (rota
tion speed and mass flow rate). At low rotation speeds, the low air mass 
flow rate is not favorable for combustion. When reaching a specific 
rotation speed, the shaft speed sensor sends a signal to start the fuel 
injection at the CC, and at the same time, the starter is switched from 
motor to generator mode. The angular acceleration is obtained from 
equation (33), the first term presents the total moment inertia times the 
angular acceleration, and the second term presents the sum of the 
external torques acting on the shaft. 

(33) J*dω
dt =

∑
Ci = Cm + Cc + CT + Cf 

Where J is the system inertia including compressors, turbines, 
motor/generator, and shaft inertia (kg.m2), dω/dt the angular acceler
ation (rad/s2), Ci the sum of the torques (N.m), Cm the motor torque 

during starting (N.m), Cc the compressor torque (N.m), CT the turbine 
torque (N.m), and Cf the friction torque (N.m). All ducts’ lengths, di
ameters, and roughness take into consideration the pressure losses 
through the system. Both turbomachines and CCs were considered 
adiabatical with no heat exchange with the environment. Also, we 
assumed that the CC has no dynamic behavior, the temperature increase 
does not depend on the CC. The effect of these assumptions on the 
reliability of the result is very small. This must be proven through ex
periments. The first CC fuel injection was controlled according to the air 
mass flow rate and the CC inlet temperature, to have a constant CC exit 
temperature of 950 ◦C. The second CC in the case of the IRReGT has a 
constant fuel consumption since its inlet temperature is constant and 
independent from the recuperator exit temperature. The turbogenera
tors models operated close to the thermodynamic analysis values. 
Fig. 11 shows the IRReGT model on Amesim. The GT, the RGT, and the 
IRGT have similar but simpler models. 

7. Results 

This section presents the simulation results of the dynamic turbo
generators models. The simulations highlight three main comparisons at 
the startup phase. The first is a comparison between the impact of the 
recuperator and the starter on energy consumption. The second presents 
a comparison between the turbogenerators’ fuel consumption and the 
combustion chamber inlet temperature. The last one presents the tur
bogenerator’s efficiency comparison. 

7.1. Recuperator and starter impact comparison at startup phase 

The first simulation was to understand which part has the highest 
influence at the startup phase on fuel consumption. A 9 kW starter ac
celerates the turbomachines shaft from rest to nominal speed in<2 s 
(Fig. 12). 

The recuperator lag was countervailed by an additional fuel con
sumption because the inlet combustion chamber temperature keeps 
increasing until the heat exchanger reaches a steady-state. So to obtain 
constant power from the turbogenerator we must inject more fuel at the 

Fig. 13. Regenerator and starter impacts on additional energy consumption comparison at startup phase.  

Fig. 12. RGT turboshaft acceleration at startup.  
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startup phase. 
Fig. 13 compares the starter and the recuperator impact on energy 

consumption at the startup phase, regenerative cycle simulation. The 
green line presents the power consumed by the E-motor (starter mode, a 
negative value) or generated (generator mode, positive value). The red 
line presents the fuel injection in kiloWatt at the combustion chamber. 
From the simulation, the impact of the starter on electric energy con
sumption is negligible in front of the recuperator’s impact on fuel energy 
consumption. 

The large difference between the impact of the recuperator and the 
starter on the additional energy consumption during the start-up phase 
is justified for two reasons. Firstly, the duration of the impact of the 
starter is very short (2 s) compared to that of the recuperator which is 
greater than 50 s, because the centrifugal turbomachines have small 
rotors and shaft masses. Second, the magnitude of the power between 
the recuperator and the starter. The turbogenerator only needs a 9 kW 
starter, meanwhile, the recuperator has a direct and huge impact on the 
amount of fuel injected into the combustion chamber which varies be
tween a high range, 70 to 200 kW, due to the big difference between the 
inlet temperatures of the combustion chamber with (630 ◦C) and 
without recuperator (100 ◦C). Therefore, the next step is a study of the 
recuperator’s influence on fuel consumption in the different types of 
turbogenerators and how much it reduces the turbogenerator efficiency. 
The 2 s acceleration time is ignored from this point. 

7.2. Recuperator impact on fuel consumption and temperature 

The second simulation (Fig. 14) focused on the rate of increase of the 
combustion chamber inlet temperature (continuous lines), resulting 
from the heat exchangers’ behavior, and the addition of fuel consump
tion related to the variation of this temperature for the GT the RGT the 
IRGT and the IRReGT at the startup phase (Dashed lines). 

The fuel consumption decreases when the combustion chamber inlet 
temperature increases with time. Because the role of the fuel injected in 
the combustion chamber is heating the gas to reach a specific temper
ature before expanding in the turbine, and the quantity of fuel injected is 
inversely proportional to the difference between the temperatures at the 
outlet and inlet of the combustion chamber according to the equation 
(34) Q = m.Cp.(Tout-Tin) where Q is the heat added to the gas, m the fuel 
mass flow rate, Tin and Tout are the combustion chamber inlet and outlet 

temperatures respectively. For the GT combustion chamber, the inlet 
temperature reaches its maximum in 2 s since there is no heat exchanger 
and depends only on the turbogenerator acceleration, this temperature 
rise is due to the compression of the air. But for the turbogenerators with 
recuperator (RGT, IRGT, and the IRReGT), the combustion chambers 
inlet temperatures reach their maximum after 70 s from the startup 
because of the inertia lag of the recuperator and the time that it needs to 
reach the steady-state. This duration depends on the final exit temper
ature of the recuperator, its mass, its volume or area, and its material- 
specific heat capacity according to the newton equation (32). While 
comparing the RGT with the IRGT we could see a close performance in 
temperature rise. Moreover, the rate of increase of IRReGT combustion 
chamber inlet temperature is higher than the RGT and the IRGT since it 
had the highest final exit temperature and the lowest recuperator mass 
which was obtained in the thermodynamic analysis and the heat ex
changers calculation sections. The IRReGT HEX mass is 13 kg and its 
final exit temperature is 722 ◦C, meanwhile, the IRGT and the RGT 
masses are 18.45 kg and 22.87 kg, and their final temperatures are 
633 ◦C and 601 ◦C, respectively. And according to equation (32), a lower 
HEX mass and higher HEX final temperature lead to a greater rate of 
temperature increase with time. Therefore the IRReGT fuel consumption 
stays lower than the other turbogenerators’ consumption at all operation 
time, startup, and steady-state. However, the IRReGT recuperator’s final 
output temperature is higher than the other turbogenerator’s recuper
ators. Consequently, it took the IRReGT approximately the same time to 
reach the steady-state maximum efficiency in comparison with the RGT 
and the IRGT, even with a lower mass heat exchanger. 

7.3. Turbogenerators efficiencies 

In previous research [12], the powertrain of the series hybrid electric 
vehicle was adapted to medium-class hybrid vehicle performance. A 15 
kW.h battery, charged by a 25 kW auxiliary power unit (the turbogen
erator), provides the electricity to the E-motor. To compute new effi
ciencies that take into account the addition of fuel consumption at the 
startup phase, we make the third simulation on 1080 s which is the time 
needed to charge the 15 kW.h battery from 30% to 80% state of charge 
with a 25 kW turbogenerator. 

From simulations (Fig. 15), the startup phase caused a reduction of 
2.34% of the IRReGT efficiency (from 38,84% to 37,93%). This 

Fig. 14. The evolution of the IRReGT, IRGT, RGT, and the GT combustion chamber inlet temperature and fuel consumption at the startup phase.  
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reduction is 2.65% in the case of the IRGT (from 38.37% to 37.35%) and 
3.4% in the case of the RGT (from 36.2% to 34.97%), so the startup 
phase has the biggest impact on efficiency in the RGT turbogenerator 

(Fig. 16). It is worth noting that the effect of the startup phase on effi
ciency becomes negligible if we consider one startup for a longer oper
ation time. Moreover, a large number of startups will greatly reduce the 
efficiency of the turbogenerator. To verify the reliability of the new 
methodology presented in this article and then of the results obtained in 
the results section, several experimental tests are carried out. Heat ex
changers, combustion chambers, and E-turbomachines have been man
ufactured and each component has been tested individually in steady- 
state as well as during transient start-up phases. The following steps 
aim to simulate a complete turbogenerator in its different configurations 
presented in this article. The experimental tests will be compared with 
the simulation results in a second article. 

8. Conclusion 

Turbogenerators present a forthcoming potential for integration as 
the main energy converter as the replacement of the internal combustion 
engine in series hybrid electric vehicle powertrain. A methodology was 
developed in this paper to study the performance of four different tur
bogenerators then to select the best one while taking into account the 

Fig. 15. Fuel consumption variation with time of the IRReGT, the IRGT, the RGT, and the GT.  
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Fig. 16. Turbogenerators efficiency comparison with and without startup 
phase consideration. 

Fig. 17. Relative Mach number through the impellers of 0.5 and 0.7 relative velocity ratio designs.  
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Fig. 18. Relative velocity vectors through the impellers of 0.5 and 0.7 relative velocity ratio designs.  
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system dynamic behavior. A thermodynamic analysis with optimization 
was made to evaluate the net specific work and the efficiency of each 
turbogenerator and to identify the components’ optimum operating 
conditions. Then a design study based on the thermodynamic results was 
carried to design and generate the turbomachines maps of the different 
turbogenerators at high efficiency with optimum geometry parameters 
where the compressors and turbines losses were minimized, and to 
design the recuperators where their masses and volumes were 
computed. Thereafter, dynamic models of the turbogenerators were 
developed and simulated to evaluate and compare the fuel consumption 
and the combustion chambers inlet temperatures variation at the startup 
transient phase, also to compute the efficiencies of the investigated 
turbogenerators taking into account the dynamic behavior. Results show 
that the recuperator thermal inertia caused the main lag at the startup 
phase resulting in additional fuel consumption lasting for 70 s. More
over, the intercooled reheated regenerative cycle IRReGT that consists 
of two-stage intercooled centrifugal compressors of 2.48 and 1.87 
compression ratios for the low and high-pressure stages respectively, a 
recuperator, a two-stage reheat centrifugal turbines of 2.84 and 1.63 
expansion ratios for the high and low-pressure stages respectively, and 
two combustion chambers, had the fastest response at the startup phase, 
the highest efficiency and net specific work of 37.9% and 205 kJ/kg 

respectively, for a turbine inlet temperature of 950 ◦C. A simple com
parison between the efficiencies of the IRReGT as the best turbogener
ator configuration with the SI-ICE of 36% efficiency operating as APUs 
in SHEV, shows that the turbogenerator presents a 5% fuel consumption 
reduction. Therefore, the intercooled reheated regenerative cycle was 
selected as the best candidate for replacing the internal combustion 
engine in the Series hybrid electric vehicle. After selecting the turbo
generator configuration, new research began to develop a complete 
vehicle model that combines the turbogenerator with the thermal power 
demand of the vehicle and improves its energy management by finding 
the best strategy to switch On/Off the turbogenerator. Also, the start-up 
phase will be improved to reduce emissions in order to comply with Euro 
7 regulations on WLTP. 
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Appendix A 

Symbols  

SHEV Series Hybrid Electric Vehicle 
HEX Heat Exchanger 
ICE Internal Combustion Engine 
GT Simple cycle gas turbine 
RGT Regenerative cycle. 
IRGT Intercooled Regenerative cycle. 
IRReGT Intercooled Reheated Regenerative cycle. 
APU Auxiliary Power Unit 
SI-ICE Spark Ignition Internal Combustion Engine 
PEMFC Polymer Electrolyte Membrane Fuel Cells 
SOC State Of Charge 
TIT Turbine Inlet Temperature 
WLTP Worldwide Harmonised Light Vehicles Test Procedure 
CCD Centrifugal Compressor Design 
RTD Radial Turbine Design 
CFD Computational Fluid Dynamics 
HP High Pressure 
LP Low Pressure 
C Absolute velocity, m/s 
W Relative velocity, m/s 
U Blade linear speed, m/s 
Cu-Cθ Absolute tangential velocity, m/s 
Cm-Cr Absolute meridional velocity, m/s 
D Diameter, m 
R-r Radius, m 
b Tip width, m 
h Hub diameter, m 
α Absolute flow angle, meridional, degree 
ß Relative flow angle, meridional, degree 
ßb Backsweep, blade exit angle, degree 
m Mass flow rate, kg/s 
Q Volume flow rate, m3/s 
P Pressure, N/m2 

T Temperature, kelvin 
ρ Density, kg/m3 

R Gas constant, J/(kg. K) 
K The ratio of specific heat at constant pressure to specific heat at constant volume 
Ω Radian rotation speed 
N Rotation speed rpm 
Ns Specific speed, dimensionless 
η Efficiency 
τ Expansion ratio 
π Compression ratio 
ΔH Incremental enthalpy through the rotor J/kg 

(continued on next page) 
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(continued ) 

H Enthalpy, J/kg 
Ψ Loading parameter, head coefficient 
Φ Flow coefficient 
ΔHcl Clearance loss 
ΔHdf Disk friction loss 
ΔHsf Skin friction loss 
ΔHrl Recirculation loss 
ΔHbl Blade loading loss 
g Clearance gap 
Df Diffusion factor 
Cf Skin friction coefficient 
Lb Impeller flow length 
Dhyd The impeller average hydraulic diameter. 
M Mach number 
Z Number of blades 
Sw Power ratio 
Subscripts  
0 Total parameter 
cr Critical parameter 
i Impeller 
d Diffuser 
1 Impeller inlet (compressor)/nozzle inlet (turbine) 
2 Impeller outlet (compressor)/ impeller inlet (turbine) 
3 Impeller outlet (turbine) 
s Shroud 
t-t Total to Total 
t-s Total to Static  

B. CFD simulation  

The dark blue area corresponds to the flow separation zone where the relative velocity and the relative Mach number are equal to zero. This area is 
located at the shroud side and it is larger in the impeller of 0.5 relative velocity ratio than the impeller of 0.7.  
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