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ABSTRACT

Water cooled turbochargers used in gasoline engines present a difficulty in studies due to
heat transfers in both the turbine and the compressor. Data available for users is usually
measured in stable operating conditions with high temperature gradients on the turbine
side which affects the compressor and the whole turbocharger. The heat transfers
between the different elements are not quantified. Heat transfer models are necessary to
quantify the amount of heat exchanged with an element and calculate then the real
amount of work produced or consumed. A lumped mass heat transfer model is presented
in this paper where every element of the turbocharger is considered as a thermal mass.
Three main elements are represented: the turbine, the compressor and the central
housing. The heat transfer model is then used to generate compressor and turbine quasi-
adiabatic maps using supplier maps and geometrical data without more complicated
tests. An experimental campaign is conducted to validate the model and show the effect of
the water cooling on the thermal transfer between the turbocharger elements. In this
model, the compressor and the turbine are treated separately and the water cooling is
considered as a thermal barrier between the two. No coupling between the compressor
and the turbine heat transfer models is needed which simplifies the calculation compared

to other models.

KEYWORDS:
Turbocharging; centrifugal compressor; radial turbine; heat transfer; water cooling;

adiabatic.
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1 Introduction

With emissions and fuel consumption norms and regulations becoming more and
more strict, turbocharging is widespread in automotive field. In Diesel engines,
turbocharging is a primary technique to supply the engine intake with compressed air. It
is used also in gasoline engines mainly for downsizing that is seen as a solution for the
new regulations. This technology requires many modifications and developments carried
out with studies and tests. There are the waste gate or the variable geometry turbine
turbochargers or even two-stage turbochargers for new engines with high efficiency. The
use of electrical driven compressors or e-boost components is spreading in new engine
development to avoid the problems from the turbine-compressor interaction [1].

Turbochargers need to be modeled by automotive manufacturers in commercial
software for internal combustion engine simulations. They can be used for engine
calibration, ECU, HIL, or to test new architectures. Numerical models did not evolve at
the same speed as the technology implemented. They are based on performance maps for
the turbine and the compressor, usually given by the supplier. These supplier
performance maps are measured at high temperatures. At such high temperatures, thermal
transfers must be considered as an important phenomenon among others. The main effect
of the thermal transfers is on the calculation of the efficiencies. The turbine and
compressor efficiencies are calculated using measured temperatures and pressures and
assuming a steady state flow of an ideal gas with a constant specific heat in an adiabatic
process. The thermal gradient can be about hundreds of degrees between the exhaust

gases on the turbine side and the intake gases on the compressor side. The effect of the
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thermal transfers for predicting engine performance is presented by Serrano et al. [2].
Their effect on the compressor efficiency is increased at lower rotational speeds as
pointed out by Chesse et al. [3].

Heat transfer models used in internal combustion engines can be more or less
complicated: they can go from three dimensional models to lump masses models. A
model is not complex only because of the calculation time and power, but also because of
the data required. This data is not always available for the users. A simple model with the
minimum complexity and available data is then essential for the turbocharger heat
transfer calculation. In the works of Bohn et al. [4], a three dimensional model quantifies
and predicts the heat transfers for different operating points using a Nusselt correlation
and shows their effect between the high temperature side turbine and the low
temperatures side compressor. A one dimensional lump mass model is developed by
Olmeda et al. [5] where the whole turbocharger is split into different metal nodes. The
heat transfers are calculated between every metal element and its adjacent, and between
the metal and the fluid. The works of Romagnoli et al. [6] present a lump mass model to
evaluate the heat transfer in the turbine; it shows that the surface temperature of the
compressor and the turbine vary linearly with the exhaust gases temperature and that the
temperature of the bearing housing varies consistently with the oil temperature. A lump
mass model is presented by Serrano et al. [7] where the turbocharger is divided into five
lump masses: the heat transfer is calculated between the different parts, and between
these parts and the ambient air. Many parameters are needed in this model and their
calibration requires specific tests that are not always available for users. This also makes

this model more difficult to apply on different turbochargers. A simpler version of the
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model of Serrano et al. [8] is presented to allow creating turbine and compressor adiabatic
performance maps using the supplier performance maps. The calculation is done on every
operating point of the turbine and the compressor iteratively to find out the outlet
temperature. Hypothesis are used to evaluate the pressure ratio and the efficiency of the
other part of the turbocharger since it is not possible to find the operating point of the
turbine on the turbine map and its corresponding operating point on the compressor map.
To evaluate the heat transfers in turbochargers experimentally, there are different
studies. The surface temperature measurement with an infrared camera can be done as in
the works of Tanda et al. [9]. The temperature gradient can be evaluated along the
turbocharger and the conduction heat transfer can be calculated. Empirical correlations
are presented: the first one links the heat transfer to the difference between the oil
temperature and the compressor inlet air temperature; the second one uses the central
housing and the compressor wall temperatures. The results are satisfactory but the
calibration process requires a specific measurement that is not available for all users.
Experimental measurements are presented by Baines et al. [10] where different
turbochargers are tested with different bearing systems. The environment conditions
element are also studied to see their effect on the turbocharger performance. The turbine
inlet temperature has an important impact on the turbine performance, and the
compressor efficiency depends on the turbine and the oil inlet temperatures. The heat
transfers in the turbocharger need to be studied in a global aspect taking into account all
the elements. On the turbine side, heat transfers occur mainly before the impeller and in

the experimental data of Baines et al. [10], the main heat transfer from the turbine is



103

104

105

106

107

108

109

110

111

112

113

114

115

116

117

118

119

120

121

122

123

124

125

estimated with the environment, and a lower part with the oil and a small remaining
amount with the compressor.

The compressor heat transfer model presented by Marelli et al. [11] is used to
transform the supplier compressor performance map into a quasi-adiabatic map. This
model is applied on the compressor only and depends a lot on the oil and water
temperatures. This model requires geometrical data not always available for the user.
Serrano et al. [12] also developed an internal convection heat transfer model applied on a
cooled turbocharger; it shows the effect of the oil and coolant temperature on the thermal
transfers. These heat transfers are considered mainly at the turbine inlet and the
compressor outlet. The effect of the heat transfer on the performance of a turbocharger is
presented in the works of Sirakov and Casey [13]. A method to transform a turbocharger
supplier map into an adiabatic map is detailed. The particularity of this method is the
assumption of a constant heat flow for the turbocharger operating points. This hypothesis
can be rough: the heat flow should be considered variable with the operating points. Savic
et al. [14] quantifie the heat transfers in the turbocharger using the power calculation. The
comparison between the supplier conditions and the adiabatic data becomes simpler but
this approach requires knowing the turbine and compressor effective power for every
operating point which is not the case when using SAE supplier maps. The model of Gao
et al. [15] is also based on a three dimensional conjugate heat transfer simulation to
quantify the external heat transfers on the turbine side: it is noticed that the greatest part
of the internal heat transfer in the turbine occurs in the volute. In the approach of Casey et
al. [16], the heat transfer effect is implemented into the calculation with a polytropic

transformation assumption instead of an isentropic. There is no need to add a heat transfer
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model since it is calculated directly in the transformation model but it requires important
changes like the supplier maps that need to be calculated using the new approach.

The effect of heat transfer on water cooled turbocharger performance is tested in the
works of Cormerais et al. [17] and Marelli et al. [18][19]. The water cooling has an
important impact on the turbocharger components mass flow rates and efficiencies. Water
cooling reduces the heat transfers between the turbine and the compressor and it could be
considered as a thermal barrier. A more detailed calculation on Gasoline engine
turbochargers heat transfers is presented by Jiagiang et al. [20] where a CFD calculation
shows the influence of the water boiling heat transfer on the thermal transfers in the
turbocharger, the void fraction and the temperature field in the water section.

A three masses lumped model is presented by Sanguinetti et al. [21] where the heat
transfer is quantified in every element between the body of this element and the fluid
going inside, the surrounding environment, and the adjacent element or elements. Goumy
et al. [22] continued the work on this model and presented a method to calculate quasi-
adiabatic maps from supplier maps using the heat transfer model. This paper presents the
continuation of the model of Goumy et al. [22] on water cooled turbochargers. The
difference presented in this paper is the separation of the turbine and the compressor heat
transfer models. The heat transfer is calculated in the turbine and the compressor
separately since the water cooling is considered as a thermal barrier between the two.
This method could be very useful for automotive manufacturers when using engine
simulation with a turbocharger model based on the supplier maps. In the first part,
experimental measurements are presented to show the supplier and adiabatic conditions.

The heat transfer model is presented with the validation of the thermal barrier concept,
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the friction model used and the central housing constant temperature calculation. In the
last part, adiabatic turbine and compressor performance maps are generated using

supplier maps and applying the heat transfer model.

2 Experimental measurements:

The experimental tests are carried on a turbocharger test bench at Centrale Nantes
with modifications according to each turbocharger specifications. The main diagram of
the test bench is shown in Fig. 1. The detailed presentation of the test bench can be found
in the works of Salameh et al. [23][24]. The turbine is fed with compressed air coming
from a screw compressor, a filter, a dryer, a pressure regulator and an electric heater to
regulate the turbine inlet temperature. An electric valve is used to regulate the turbine
mass flow rate and expansion ratio. The air is extracted at the turbine outlet using an

extractor fan.
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Fig. 1. Turbocharger test bench
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On the compressor side, ambient air is filtered and then goes through a mass flow
rate sensor and into the compressor inlet. An electric valve at the compressor outlet
controls the pressure at the compressor outlet and hereby the compressor mass flow rate
and the turbocharger rotational speed. The compressor exhaust is rejected to the outside
with an extractor fan. Pressure and temperature sensors are installed at the compressor

inlet and outlet.

Sensor Type Range Precision
Type T -185-300 °C +0.1°C
Temperature
Type N 0-1185°C +0.1°C

0 — 100 mbar +1.5 mbar

0 — 350 mbar +5.25 mbar




0 — 2500 mbar +30 mbar
Air: First sensor HMA

0 — 5000 mbar +75 mbar

Pressure Atmospheric pressure: first | 800 — 1100 | £10 mbar

sensor HMA BARO mbar

Oil pressure : First sensor | 0 — 5000 mbar +0.02% per °C

CTU (from -20°C)
Rotor regime sensor | Picoturn inductive sensor 0-300 000 rpm | + 200 rpm
Air: Krohne optiswirl 50 - 550 kg.h! | £1.5%
Mass flow rate
Oil : Bamo micro stream 0.5-501h"! 2%
169 Table 1. Characteristics and precision of the sensors used in the experimental study
170 Two types of temperature sensors are used according to the measured values. The

171  pressure sensors are different according to the measurement range. The central housing is
172 equipped with sensors for the lubricating oil and the cooling water. The oil inlet pressure
173  and temperature are regulated using a pump and a heater, and so are the water inlet
174  conditions. The different sensors specifications and precision are presented in Table 1.

175 The turbocharger presented in this study is a small gasoline engine water-cooled
176  turbocharger. Experimental tests were also carried on a non-water cooled small diesel
177  engine turbocharger to see the difference in thermal transfers between the two. On the
178  turbocharger test bench, a first set of measurements is applied on the tested turbochargers
179  to generate a performance map close to the supplier map conditions. It is called
180  “reference” or “Ref” performance map. In these conditions, the turbine inlet temperature
181  is fixed at 500°C or 580°C (maximum temperature possible on the test bench) and the oil

182  inlet temperature is fixed at 90°C; the oil pressure is 3 bars. In the case of the water-
10
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204

cooled turbocharger, the water inlet temperature is 80°C. On the compressor side, the air
is sucked at ambient conditions.

The second set of measurements carried on the turbochargers are the “adiabatic”
measurements. The “adiabatic” measurements are done to generate turbocharger
performance maps with almost zero heat transfer. The turbocharger is insulated to
minimize the heat transfers with the surrounding environment, and the average
temperature in each component is kept to the minimum. The difference between the
average temperatures of the different elements is also kept to a minimum. The lower limit
for the temperature is at the turbine outlet to avoid frost. The average temperature
equality is presented in equation (1). To control the average temperature in the turbine,
compressor and central housing, the inlet temperatures are regulated for air going into the
turbine and the compressor and the oil going into the central housing. In the case of the
water-cooled turbocharger, the adiabatic measurements are done without water
circulating. The temperatures are not very high in the turbine and cooling is not
necessary: an important element in the thermal study is excluded to reduce the margin of
error. Different adiabatic temperature hypothesis are studied: the average temperature
equality in equation (1) is chosen; the different hypothesis are presented in details in the
PhD thesis of G. Salameh [25].

T,

in,comp out,comp __ ~in,oil

+T

out,oil = in,turb
2 2 2
A third set of measurements is carried on the water cooled turbocharger with

+ ’Z—Z)Mt,turb ( 1 )

different combinations of water and oil inlet temperatures. With the different
temperatures combination (on the water and oil sides), reference conditions from the first

set of measurements are applied on the air side in the turbine and compressor. The oil and
11
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water temperatures are determined for each measurement. The results are shown in Fig. 5

to Fig. 12.

3 Model calculation

3.1 Model description

The thermal transfer model is based on the three lumped masses model by
Sanguinetti et al. [21]. The turbocharger is divided into three elements: turbine,
compressor and central housing. Each element exchanges heat with the fluid going
through it, the adjacent element or elements, and the surrounding environment (Fig. 2).
The difference in this model is the representation of the water cooling as a thermal
barrier. The compressor and the turbine heat transfer models can be separated and the
calculation becomes easier. The turbine heat transfer model can be applied without using
the compressor map and vice versa. The heat transfer models can be resumed by Fig. 2
and the equations (2) and (3). The lumped mass representing the central housing is
supposed at a uniform constant temperature Tcu for a steady state operating point. The

calculation of the central housing temperature is detailed in section 3.4.
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Fig. 2. Water-cooled turbocharger lump mass model

oT, (2)
turb —
(mC)m,«b at — cond turb-CH + q)turb—im + q)rurb—exr
comp 3)
(m )cump T — ¥cond ,comp—CH + q)mrrw—im + (Dcomp—exr

The heat transfer model is based on the model by Goumy et al. [22] for non-water-
cooled turbochargers. The turbine, compressor and central housing temperatures (Tcomp,
Twb and Tcn) are the temperatures of the body of each element. In this model, every
element is considered as a one point mass with one uniform temperature. The external
heat transfers designated by Dcompexr and Duspens are the heat transfers between the
compressor and turbine bodies and the surrounding environment. The turbine external
transfer calculated in equation (4) could be divided into two types: convection and
radiation. In normal turbocharger operating conditions, only the turbine reaches
temperatures high enough to consider radiation. For the compressor external exchange,
only convection will be taken into consideration in equation (5) and the radiation effect is
neglected. The turbine is the more consequent element in terms of external losses as

mentioned by Payri et al. [26] and the radiation can be neglected for the other parts. The
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external convection coefficients are not dependent on the operating point and hereby can

be fixed for all the calculation points.

®  =h 4 “4)

turb—ext ext ,turb Sext,mrb (];.xr - ];urb ) - gmrb Sexr,turb aq;urb

~T,,) ©)

comp—ext - ext,comp exl.comp( ext

The surrounding temperature 7Te. 1S a constant measured in the test bench. The
external convection coefficients /.y are constants designated according to the material
and the surrounding fluid. The external surface Sex is a geometrical parameter calculated
based on the dimensions of the turbocharger as in the works of Goumy et al. [22]:
empirical equations are applied where the external surfaces and the distances are
calculated using a characteristic dimension: the impeller outer diameter. It works for the
compressor and the turbine.

The heat exchange between the adjacent elements is the conduction calculated in
equations (6) and (7) for the turbine and the compressor respectively. It is defined
according to the Fourrier’s law as a function of the exchange surface and distance, the
material conductivity and the temperature difference. The metal conductivity Aion is a
constant characteristic of the material. The conduction surface areas Sup-cy and Scomp-cH
and the distances eu-cn and ecomp-c are geometrical values determined as a function of

the turbocharger dimensions as mentioned above.

AvorS (6)
— “Yiron™ turb—CH —
q)cund,turb—CH - (TCH T;urb )
eturb—CH
_ Airon Scomp—CH T _ T (7)
cond ,comp—-CH — CH comp
comp—CH

The exchange between the fluid going into the turbine and the compressor and the

body of each element is calculated in equations (8) and (9) using only convection. The
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264

convection coefficient depends on the mass flow rate and has to be calculated for every
turbocharger operating point. In the turbine, the convection is considered before the
impeller. In the compressor it is considered after the impeller.

= h”mt,turbSinl.lurb (Y:'n,turb - Y;urb) (8)
©)

turb—int

comp—int — "int,comp " int,comp (Taul.adia.camp Y‘comp)

The internal convection coefficient hiy is calculated in equation (10) as a function of
the fluid thermal conductivity 4 calculated for air as a function of the pressure and the
temperature, the characteristic dimension of the flow L. considered as the impeller outer
diameter for the turbine and the compressor, and the Nusselt number Nu calculated in
equation (11) using Gnielinski correlation [27] valid for smooth tubes over a large

Reynolds number range [28].

(f/s)(Re—loo())Pr (11)

‘o 1+12.7(f/8)" (Pr*?-1)

The variable f in the Nusselt equation is a function of the Reynolds number
calculated using equation (12). The Prandtl and Reynolds numbers are also calculated in
equations (13) and (14). For air, the cinematic and dynamic viscosities V and u are

calculated using the temperature and pressure.

£=(0.791n(Re)-1.64)" (12)
pr=#I)x, (13)
A
Re = velocity X L, (14)
v
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3.2 Thermal barrier concept

In the case of the water cooled turbocharger, studies show that water cooling can be
considered as a thermal barrier as mentioned by Cormerais et al. [17]: the heat transfers
between the turbine and the compressor could be reduced and the only heat transfers
remaining between the different components are between the turbine and the central
housing and between the compressor and the central housing. The effect of the significant
water flow rate and specific heat is that the central housing remains at a constant
temperature and reduces the heat exchange between the turbine and the compressor. To
see the effect of the water-cooling, two sets of experiments are carried. The operating
conditions are the same for both sets except one difference: the turbine inlet temperature
is 500°C in the first set and 100°C in the second set. For the compressor, oil and water
inlet conditions, they are the same for the two sets. The results for the water-cooled
turbocharger are showed in Fig. 3. The compressor efficiency is calculated using the inlet
and outlet temperatures as shown in equation (19). Fig. 3 shows that, away from the
boundary limits, the compressor isentropic efficiency does not mostly change with the

turbine inlet temperature variation for the water cooled turbocharger.
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Fig. 3. Water cooled turbocharger compressor efficiency performance map: isentropic
efficiency vs. corrected mass flow rate; turbine inlet temperature 500°C in red and turbine

inlet temperature 100°C in dashed blue lines.

A non-water-cooled turbocharger is tested to see the effect of the turbine inlet
temperature on the compressor efficiency without water cooling. Two series of
measurements are carried: a first set of measurements with a turbine inlet temperature at
580°C and a second set of measurements at adiabatic conditions. The adiabatic conditions
are presented in section 2: they are used in this part as “cold” measurement conditions to
compare with “hot” measurements. The compressor efficiency is plotted in Fig. 4 for the
two conditions. It shows that the compressor efficiency is highly affected by the turbine
inlet temperature in this case. The heat transfers between the turbine and the compressor
have an important impact on their performance. Compared to the results of the water-
cooled turbocharger in Fig. 3, it can be considered that the water cooling reduces the

effect of the turbine inlet temperature on the compressor performance: hereby the heat
17
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transfers between the turbine and the compressor could then be neglected. The central
housing is considered as one lumped mass at a constant uniform temperature which is a
function the oil and water temperatures. This central housing temperature is not the real
central housing measured temperature: it is an intermediate value used to calculate the

turbine and compressor heat transfers.
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Fig. 4. Non water cooled turbocharger compressor efficiency performance map:
isentropic efficiency vs. corrected mass flow rate; turbine inlet temperature 580°C in red

and adiabatic measurements in dashed blue lines.

3.3 Turbocharger friction model

A part of the heat exchanged in the turbocharger is the heat produced from the friction of
the moving parts. In this study, the friction power is converted entirely into heat going to
the lubricating oil. The friction power is calculated using the model of Perrot et al. [29].
In their model, Perrot et al. [29] calculate the friction power as a function of the oil

viscosity and the turbocharger regime as shown in equation (15) where “a” and “b” are
18
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calibration coefficients; “a” is a constant determined by the experiments and “b” is
calculated as a function of the compressor impeller outer diameter.

=N>x(axu+b)x107* (15)

friction
The oil viscosity U is calculated using the oil inlet temperature Toitin With the model of M.
Deligant [30] in equation (16). The coefficients “c”, “d” and ‘“e” are determined

according to the type of oil used.

d
(T = exeT e (16)

3.4 Central housing temperature calculation

Using the oil inlet temperature and the turbocharger rotational speed, and knowing the
type of oil used, the friction dissipated power can be calculated using equation (15). This
friction power being converted into heat going to the oil, and considering that the oil does
not exchange heat other than the one coming from the friction power, the oil outlet
temperature can be calculated in equation (17) knowing the oil mass flow rate and

specific heat.

P .
7:)141 oil :Zn oil + . o (17)
’ ’ moil >(coil
For the lump mass model, the central housing temperature is calculated using the oil
outlet temperature and the cooling water inlet temperature as shown in equation (18).
Since the water flow rate and specific heat are significant, the central housing is
considered at a stabilized thermal point with a constant temperature. The central housing
temperature is a representative value of the heat transfers occurring in the central

housing. It is not a real temperature because the central housing does not have a uniform

temperature in all its regions. The coefficient “k” shown in equation (18) is a constant
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equal to 0.25 and determined using experimental measurements at different oil and water

temperatures combinations.

TCH =kxT +(1_k)7111(r,0i1 (18)

water

The data shown in Fig. 5 to Fig. 12 represents the compressor isentropic
efficiency calculated at different water and oil temperatures combinations with the same
model calibration for the central housing temperature calculation. The reference
conditions (“ref”) points are the data measured with hot air going through the turbine and
atmospheric air going through the compressor as described in section 2. The oil and water
temperatures are different for every set of points. The adiabatic measurements (“‘adia”)
are the measurements with controlled turbine and compressor inlet temperatures. The
detailed description of the adiabatic measurements is presented in section 2 based on the
works of Salameh et al. [24][25]. These measurements are done to calculate the
compressor efficiency using the reference measurement conditions and the heat transfer
model with the central housing temperature calculation. The ‘“model” results are
compared to the adiabatic measurements to validate the calculation of the central housing

temperature using equation (18).

20



345

346
347
348
349

350

351
352
353
354

0.75

o
N

Bl

o
o)
v

©
[e)]
!

ref
* model

+ adia

compressor isentropic efficiency (-)

©
wn
v

80000

85000 90000

95000 100000

corrected rotational speed (rpm)

Fig. 5. Compressor efficiency vs. corrected rotational speed for water inlet temperature

50°C and oil inlet temperature 50°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 80 000 rpm to

100 000 rpm.
0.75 I
= M ref
) " |
_§ 0.7 * mode
é $ + adia
o %3
50.65 X
c
()
k)
2 06
o x
Q.
IS
o
©0.55
100000 110000 120000
corrected rotational speed (rpm)

Fig. 6. Compressor efficiency vs. corrected rotational speed for water inlet temperature

50°C and oil inlet temperature S0°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 100 000 rpm to

125 000 rpm.

21



355

356
357
358
359

360

361
362
363
364

compressor isentropic efficiency (-)

0.75

« x
* * X
0.7 2
® ¥
0.65 v
ref
x model
0.6 .
+ adia
0.55
85000 90000 95000

100000

corrected rotational speed (rpm)

100 000 rpm.
0.75 x ref
X

= S .
g x model
o ¥
o 0.7 ” + adia
2
&
Q ° %
O
— *
20.65
s
g %
(%]
2 .
2 0.6
(%]
8 H
Q.
§
©0.55

103000 113000 123000

corrected rotational speed (rpm)

125 000 rpm.

Fig. 7. Compressor efficiency vs. corrected rotational speed for water inlet temperature
50°C and oil inlet temperature 70°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 85 000 rpm to

Fig. 8. Compressor efficiency vs. corrected rotational speed for water inlet temperature
50°C and oil inlet temperature 70°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 100 000 rpm to

22



365

366
367
368
369

370

371
372
373
374

0.75

0.7

*x

0.65

0.6

compressor isentropic efficiency (-)

x

*

ref

model

adia

0.55
85000

90000 95000

100000

corrected rotational speed (rpm)

Fig. 9. Compressor efficiency vs. corrected rotational speed for water inlet temperature

75°C and oil inlet temperature 90°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 85 000 rpm to

100 000 rpm.
075
- e s
> x
S 07 4 >
S *
&
() °
O X
'S 0.65 =
e
1= ref
()
] x
- 1 | * model °
g 0.6
o + adia x
Q.
1S
8 0.55
104000 114000 124000
corrected rotational speed (rpm)

Fig. 10. Compressor efficiency vs. corrected rotational speed for water inlet temperature

75°C and oil inlet temperature 90°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 100 000 rpm to

125 000 rpm.

23



375

376
377
378
379

380

381
382
383
384

0.75 x

o
~
!
|

*%

o
o)
a

o
o
‘

ref

*x model

+ adia

compressor isentropic efficiency (-)

0.55

x
*

125000

135000

145000

155000

corrected rotational speed (rpm)

150 000 rpm.
0.75
x
= S x ref
5 2
.§ 07 & x model
;.f—; P + adia
Q
Q
E? 0.65
5
C
Q
)
—
a 0.6 —
Q
— xX
£
*®
8 055
147000 157000 167000 177000

corrected rotational speed (rpm)

180 000 rpm.

Fig. 11. Compressor efficiency vs. corrected rotational speed for water inlet temperature
75°C and oil inlet temperature 90°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 125 000 rpm to

Fig. 12. Compressor efficiency vs. corrected rotational speed for water inlet temperature
75°C and oil inlet temperature 90°C: reference conditions points, adiabatic experimental

points and heat transfer model points. Turbocharger regime range from 150 000 rpm to

24



385

386

387

388

389

390

391

392

393

394

395

396

397

398

399

400

401

402

403

404

405

406

Oil and water temperature combinations (50-50, 70-50, and 90-75) are used to check the
validity of the heat transfer model and specifically the central housing temperature
calculation using the value of the coefficient k in equation (18). When applying the heat
transfer model to the reference conditions measurements, the compressor efficiency gets
closer to the adiabatic measurements data. The heat transfer model is then working in the
right direction. At higher rotational speeds, the gap between the “ref” data and the “adia”
data is narrowed due to the decrease in the relative ratio of the heat transfer to the
mechanical power exchanged. The model has a better performance on the data at 75°C
for water and 90°C for oil: this set of data is the most important to take into consideration

because these conditions are the closest to the reference or real operating conditions.

4 Turbocharger adiabatic maps generation:

The performance map of a turbocharger given by the supplier is calculated in hot
conditions: the turbine inlet temperature is above 600°C, the oil inlet temperature is
around 90°C and the water inlet temperature is around 80°C when the turbocharger is
water-cooled. The equations used to calculate the compressor and the turbine efficiencies
are based on the first law of thermodynamics applied on a steady-state flow of an ideal
gas through an adiabatic process in an open system. With the temperature gradients
mentioned above, and the turbocharger not being insulated, the process in both the
turbine and the compressor is far from adiabatic. It is then necessary to quantify the heat
transfers in every element and calculate the correct power and hereby the correct
efficiency. The compressor isentropic efficiency is calculated in equation (19) using the

compressor inlet and outlet temperatures and the isentropic expansion outlet temperature
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(calculated using the Laplace equation). The turbine supplier efficiency calculated in
equation (22) is not the turbine isentropic efficiency: it is the ratio of the compressor
adiabatic power to the turbine isentropic available power. It is then the product of the

turbine isentropic efficiency (equation (20)) by the turbocharger mechanical efficiency

(equation (21)).
y1
J -
T;n,comp Tcomp 1 ( 1 9)
,7 - Wcomp,isemr -
adia,exp,comp - _
Wcomp Tout,comp T;n,comp
— W/Hr}, — T;'n,turb _Tz‘ml,mrb
nad[a,exp,mrb - - y-1 (20)
Wlu b isentr T l 7
in,turb Tru rb
,7 _ mcomp X Cp X ( out ,comp - T}n,comp ) (2 1)
mech — .
mturh x Cp x (T;n,mrh - T:m/ Jturb )
_ mcnmp x Cp x (Zm/,cnmp - 7;n,cnmp)
I7turb - y-1 (22)
) —_TV
mturb X Cp x ];n,mrb (1 Tmrb J

These equations ((19) to (22)) are correct if the process is adiabatic in both the
turbine and the compressor. It is then necessary to reevaluate these efficiencies taking
into account the mechanical powers and the heat exchanges. With the water cooling, the
heat transfers can be evaluated in the turbine and the compressor separately and the
adiabatic performance maps can be generated using the supplier performance map of the

studied element (turbine or compressor) without the other.

4.1 Compressor adiabatic map generation:
A supplier compressor performance map is measured on a conventional

turbocharger test bench with high temperatures at the turbine inlet and also relatively hot
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water and oil. The data is recorded for thermally stabilized operating points. The

compressor heat transfer balance presented in the differential equation (3) becomes:

® =0 (23)

comp—int comp—ext

P +O

cond ,comp—CH

The enthalpy power calculated using the compressor inlet and outlet temperatures
can be calculated using the supplier map data: the compressor inlet temperature, the

pressure ratio, the efficiency, the mass flow rate and the specific heat:

enth,comp — mcomp comp comp

. y-1
- — mcomp xcp,mmp x]-ztn,comp [Ty _1] (24)

,7 sup,comp

In this case, the enthalpy power is separated from the mechanical power because
of the heat transfers that must be taken into consideration:

(25)

enth,comp mecha,comp comp—int

The mechanical power is the power produced or consumed due to the moving parts
(impeller). In this study, the heat transfers do not take place in the impellers so the
mechanical power can be calculated using the impellers inlet and outlet temperatures.

If the heat transfer with the fluid inside the compressor can be modeled after the
impeller, another temperature can be calculated: the compressor impeller adiabatic outlet
temperature Tousadia,comp: this temperature is the temperature at the impeller outlet if the
heat transfer is applied only after the impeller. The impeller adiabatic outlet temperature
can be used to calculate the compressor mechanical consumed power:

(26)

Xc x|T -T

mecha,comp comp p.comp ( out,adia,comp in,comp )

The system of equations (5), (7), (9), (23), (24), (25) and (26) can be solved and
the results are the compressor body temperature Tcomp, the impeller adiabatic outlet
temperature  Touradiacomp and the compressor internal heat exchange Dcomp-in. The

compressor adiabatic efficiency calculated in equation (19) in adiabatic conditions can be
27
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calculated in this case but when taking into account the heat transfers. The combination
of the efficiency definition and the equations (23) to (26) gives the following equation
allowing the calculation of the compressor adiabatic efficiency in non-adiabatic
measurement conditions:

1 + q)c[)mp —int (27)

r
sup,comp . y _
mwmp x Cp,camp x 71in,wrrzp (Tcomp 1]
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Fig. 13. Compressor efficiency curves for different corrected rotational speeds: Reference map

conditions, experimental adiabatic conditions and heat transfer model results.

The results shown in Fig. 13 are three series: the reference map conditions data
measured on the hot test bench, the adiabatic conditions experimental data and the points
calculated using the reference map and the heat transfer model; the last set is named

“model” because of the heat transfer model applied. The results are plotted in constant
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regime curves for the three different conditions. The curves are set from left to right in
the growing rotational speed direction. The reference map data are the dashed lines, the
adiabatic data are the light colored lines, and the heat transfer model results are the lines
with dots. It can be seen that the heat transfer has a greater effect on the compressor
efficiency at lower rotational speeds. The difference is obvious between the reference
data and the adiabatic data at lower rotational speeds. At higher rotational speeds, the
effect of the heat transfer on the compressor efficiency is reduced. The amount of heat
exchanged can increase but its relative ratio to the mechanical power exchanged between
the turbine and the compressor is greatly reduced. At high rotational speeds, the curves of
the reference and adiabatic data become almost one. The heat transfer is calculated but its

amount does not change the compressor efficiency value.

4.2 Turbine adiabatic map generation:

A supplier turbine performance map is measured on a conventional turbocharger
test bench with high temperatures at the turbine inlet and also relatively hot water and oil.
The data is recorded for thermally stabilized operating points. The heat transfers are
between the body and the following elements: the surrounding environment (radiation
and convection), the central housing (conduction) and the internal turbine fluid

(convection) as shown in Fig. 2. The differential equation (2) becomes:

“o (28)

(D + (D + (Dturb—exr -

cond ,turb—CH turb—int

On the turbine side, the approach is close from the one applied for the compressor.
Due to water-cooling, the turbine heat transfer model can be applied without taking into

account the heat transfers between the turbine and the compressor. However, the
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compressor map must be used to calculate the mechanical power delivered by the turbine
at every operating point since the turbine supplier efficiency is the ratio of the compressor
enthalpy power to the turbine isentropic enthalpy power as detailed in equation (22).
Knowing the values of the turbine inlet air temperature 7y, the surrounding air
temperature 7.y, and the central housing temperature 7cy calculated in section 3.4, it is
possible to calculate the turbine body temperature Tin s using the equations (4), (6), (8)
and (28). With the value of the turbine body temperature Tis wr, the turbine heat fluxes
can be calculated and the impeller inlet temperature Tinimpupr can be calculated

considering that the heat transfers occur only before the impeller:

o) =, xc, (T, (29)

turb—int in,turb I;n,imp,mrb )

The compressor enthalpy power Peumcomp can be calculated using only the turbine
supplier map: the turbine efficiency can be used to calculate the compressor enthalpy
power in equation (22). As for the compressor, the mechanical power is the power
produced or consumed due to the moving parts (impeller). In this study, the heat transfers
do not take place in the impellers so the mechanical powers can be calculated using the
impellers inlet and outlet temperatures. The compressor mechanical power Puecha,comp can
be calculated using equation (25). For this, it is necessary to know the compressor
enthalpy power Peum,comp and the compressor internal heat exchange Pcomp-inr. To know the
compressor internal heat transfer, compressor data from the previous section must be
plotted in a map: with the turbine characteristics, every operating point is designated and
placed in the compressor map to evaluate the compressor internal heat transfer. Another
approach can be applied at this step: the compressor internal heat flux can be neglected

Dcomp-inr 1n the turbine adiabatic map generation: its influence is not significant on the
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results. It becomes possible to avoid using the compressor data map for the turbine
calculation. The results for the two approaches (with and without compressor internal
heat transfer @comp-inr) are shown in Fig. 14 and Fig. 15 and it confirms the possibility of
not taking into account the compressor internal heat transfer in the turbine heat transfer
calculations.

There are three series of turbine outlet temperatures: Tous,urb,expes 1 out,turb,model, and
Tout,turb,without heat rransfer- Tout,urb,expe 18 the experimental temperature measured at the turbine
outlet when operating in “hot” conditions. Toursmurb,moder 1S the turbine outlet temperature
calculated using the inlet conditions and the heat transfer model developed in this study:
it should match the data from the Tou,mrbexpe S€ri€S. Tousmrb,without heat transfer 1 the turbine
outlet temperature calculated using the inlet conditions and without a heat transfer model
applied. The difference between Tousmrbexpe AN Toururbwithout heat transfer ShOWS the
importance of a heat transfer model in these conditions.

The friction power Ppicion calculated in equation (15) can be added to the
compressor mechanical power Puechacomp to calculate the turbine mechanical power
Puechawrs (equation (30)). The turbine outlet temperature is then calculated using the
turbine mechanical power and the turbine impeller inlet temperature as shown in equation
(31).

_ (30)

= +
mecha ,turb Pmecha ,comp P friction

€19

Pmecha,lurb - mlm‘b X cp (Y:'mimp,lurb - Tauuurb)
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Fig. 14. Turbine outlet temperatures with compressor internal heat transfer: Turbine

outlet temperature calculated with heat transfer, without heat transfer and experimentally

measured turbine outlet temperature
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Fig. 15. Turbine outlet temperatures without compressor internal heat transfer: Turbine
outlet temperature calculated with heat transfer, without heat transfer and experimentally

measured turbine outlet temperature.

As shown in Fig. 14 and Fig. 15, it is possible to neglect the effect of the
compressor internal heat flux in the turbine heat transfer calculation. The results from
Fig. 15 will be considered as final results.

The effect of applying the heat transfer model is obvious and the results show a
temperature difference up to 63 K between the experimental data and the data calculated
without the heat transfers: this represents a 9.2% difference. The maximum difference
between the experimental data in adiabatic conditions and the one calculated with the
heat transfer model is 20 K or 2.9%. The Mean Absolute Error (MAE) defined in
equation (32) is 6 and the coefficient of determination (R?) defined in equation (33) is

0.89.
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Nbre

2
Z |:7:)ur,turb,expe - Tmean,aur,rurb,expe:|

i=1

Once the turbine outlet temperature 7ourmrb,moder 18 calculated, it is possible to
calculate the turbine isentropic efficiency as in equation (20). In this case, the values are
not adiabatic measurement temperatures but calculated using the heat transfer model; the

turbine isentropic efficiency equation becomes:

— “in,turb T;mumrb,mod el

”ixentr,turb - vl (34)
T;’n,lurb (1 -7 ; J

turb

The different efficiencies are plotted in Fig. 16. The turbine supplier efficiency is
the ratio of the compressor enthalpy difference to the turbine isentropic enthalpy
difference as in equation (22). The supplier enthalpy ratio is not an efficiency but the
ratio of the turbine enthalpy difference to the turbine isentropic enthalpy difference; it is
calculated with the same equation (34) but with a turbine outlet temperature calculated
without heat transfer. The calculation is shown in equation (35). The supplier enthalpy
ratio is calculated to show the effect of the heat transfers on the calculation of
efficiencies: the equation used to calculate the efficiency with the temperature difference
is true for an adiabatic flow so the heat transfers must be evaluated and removed from the
enthalpy difference. The turbine isentropic efficiency calculated using the turbine outlet
temperature from the heat transfer model (equation (34)) is also plotted. The turbocharger
mechanical efficiency is calculated using only the turbine performance map: the friction
power is evaluated using the model from section 3.3 and the turbine mechanical power is

calculated using equation (31). The turbocharger mechanical efficiency is the ratio of the
34



548  compressor mechanical power to the turbine mechanical power; the compressor
549  mechanical power being the difference between the turbine mechanical power and the

550 friction power. The mechanical efficiency is calculated using equation (36).

T .-T T out—heat—irans
Supplier _ enl‘halpy _ ratio - in,turb Uut.turb.wtthuu;_:leat transfer (35)
T;n.turb [1 - Ttu’r’b}
”m“ha - mecha,comp - P mecha ,turb - friction (36)
mecha ,turb mecha,turb
551
16 © Supplier turbine efficiency
' Supplier enthalpy ratio
X Turbine isentropic efficiency (model)
1.4 X Tubocharger mechanical efficiency (model)
—~12
z
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552 Turbine expansion ratio (-)

553 Fig. 16. Turbine efficiencies: supplier turbine efficiency, supplier enthalpy ratio, turbine

554 isentropic efficiency (model), turbine mechanical efficiency (model)

555 5 Conclusions

556 A heat transfer model for the compressor and the turbine of a water-cooled

557  turbocharger is presented. This study separates the heat transfer models of the turbine and
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the compressor. The calculation on each side can be done separately from the other one.
Water-cooling can be considered as a thermal barrier allowing the heat transfers to be
separated on the turbine and the compressor sides. The compressor heat exchange is
between the compressor and the central housing, the internal flow and the surrounding
environment. The turbine heat exchange is also between the turbine and the central
housing, the internal flow and the surrounding environment. The radiation is only
considered on the turbine side due to high temperatures. The central housing is
considered at a uniform constant temperature at stabilized operation points. To separate
the calculation on the compressor side and the turbine side, the friction power is
calculated based on the oil temperature and the turbocharger regime. The friction power
is entirely transferred to the oil in the central housing as heat and the oil outlet
temperature is calculated. The central housing temperature is calculated using the oil and
water temperatures based on a set of measurements at different conditions.

The heat transfer model applied on a compressor or a turbine performance map
generates a new map at adiabatic conditions. The points from the map are measured at
stabilized points and different temperature gradients in the turbine, the compressor and
the central housing. The heat transfer model on the compressor side generates an
efficiency map in adiabatic conditions to correct the supplier efficiency calculated with
non-adiabatic data. The effect of the heat transfer on the compressor efficiency is more
significant at low rotational speeds and due to its relatively high ratio in the power
exchanged. At higher rotational speeds; the heat transfer has a lower effect on the
compressor efficiency even though the heat flux increases but the mechanical power

exchanged increases much more and makes the heat transfer insignificant.
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On the turbine side, the heat transfer is applied to calculate the turbine impeller inlet
temperature considering the heat exchange taking place before the impeller. The turbine
mechanical power is calculated using the compressor mechanical power and the friction
power. The compressor mechanical power is calculated using the supplier turbine
efficiency and the expansion ratio and the compressor heat exchange is neglected in the
calculation of the compressor power. The turbine mechanical power is then calculated
and so is the turbine outlet temperature. This temperature is compared to the experimental
values and to the turbine outlet temperature calculated without heat exchanges. Using the
temperatures calculated the turbine efficiencies are plotted: the turbine isentropic
(adiabatic) efficiency, the turbocharger mechanical efficiency and the turbine supplier
efficiency.

The advantages of this model are its simplicity and the capability of doing the
calculation on the compressor and the turbine separately without having to couple the
operating points or use the performance map of the other element. In this study, adiabatic
efficiency maps are plotted for thermally stabilized steady-state points and the next step
could be to implement this model into a software and apply it on transient operating

conditions.
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NOMENCLATURE

a b c defk coefficients [-]

cp Air thermal capacity [J.kg!.K!]

Coil Oil thermal capacity [J.kg'.K']

Ahcomp Compressor enthalpy difference [J.kg!]

€comp-CH Thickness between compressor and central housing [m]
€wrb-CH Thickness between turbine and central housing [m]
Rint,comp Compressor internal convection coefficient [W.m2.K"']
Rext,comp Compressor external convection coefficient [W.m2.K™]
Rint,turp Turbine internal convection coefficient [W.m2.K!]
hext,urb Turbine external convection coefficient [W.m2.K"']

i Number [-]

L. Characteristic dimension: impeller outer diameter [m]
MAE Mean Absolute Error [-]

mC Thermal inertia [J.K!]

7 Mass flow rate [kg.s']

Hlcomp Compressor mass flow rate [kg.s™']

Murb Turbine mass flow rate [kg.s!]
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Tilil Oil mass flow rate [kg.s™']

Nbre Number of data points [-]

N Turbocharger rotational speed [rpm]

Nu Nusselt number [-]

P Pressure [Pa]

Prriction Friction power [W]

Penth,comp Compressor enthalpy power [W]

Precha,comp Compressor mechanical power [W]

Penth,turb Turbine mechanical power [W]

Pr Prandtl number [-]

R? Coefficient of determination [-]

Re Reynolds number [-]

Sext,comp Compressor external surface [m?]

Sint,comp Compressor internal surface [m?]

Scomp-cH Surface exchange between compressor and central housing [m?]
Sext,turb Turbine external surface [m?]

Sint,turb Turbine internal surface [m?]

Sturb-cH Surface exchange between turbine and central housing [m?]
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t Time [s]

T Temperature [K]

Teomp Compressor temperature [K]
Tin,comp Compressor inlet temperature [K]
Tout,comp Compressor outlet temperature [K]

Tout, adia,comp

Compressor outlet temperature without thermal transfer [K]

Tair,comp Compressor air temperature [K]

Tourp Turbine temperature [K]

Tin,uurb Turbine inlet temperature [K]

Tin,imp, turb Turbine impeller inlet temperature [K]
Tout,turb Turbine outlet temperature [K]

Tout, turb,expe

Turbine experimental outlet temperature [K]

T(Jut, turb,model

Turbine model outlet temperature [K]

T(Jut, turb,without heat transfer

Turbine outlet temperature without the heat transfer calculation [K]

Tair,urb Turbine air temperature [K]
Toir Oil temperature [K]

Tin,oil Oil inlet temperature [K]
Tout,oil Oil outlet temperature [K]
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Tvater Water inlet temperature [K]

Tcu Central housing temperature [K]

Text Ambient temperature [K]

w Specific work [J/kg]

Greek symbols

y Specific heat ratio [-]

Eturb Turbine emissivity [-]

Nadia,exp,comp Compressor experimental adiabatic efficiency [-]

Hadia,exp,turb

Compressor experimental adiabatic efficiency [-]

ﬂadia,camp, model

Compressor model adiabatic efficiency [-]

Nsup,comp

Compressor supplier efficiency [-]

Hisentr,turb

Turbine isentropic efficiency [-]

Nmech Turbocharger mechanical efficiency [-]

Nourb Turbine efficiency (turbine isentropic x mechanical) [-]
A Fluid thermal conductivity [W.m™. K]

Liron Iron thermal conductivity [W.m™.K]

P Fluid dynamic viscosity [kg.m™.s™!]

o Stefan constant [W.m2.K*]

42




Tcomp Compressor compression ratio [-]

Tiurb Turbine expansion ratio [-]

% Fluid kinematic viscosity [kg.m'.s!]
Drurb-ext Turbine external heat transfer [W]
Dcomp-ext Compressor external heat transfer [W]

q)cond, comp-CH

Conduction heat transfer between compressor and central housing

[W]

¢c0nd, turb-CH

Conduction heat transfer between turbine and central housing [W]

D Turbine internal heat transfer [W]

Deomp Compressor internal heat transfer [W]

DcH with oil Convection heat transfer between oil and central housing [W]
Subscripts

adia adiabatic

comp compressor

enth enthalpic

exp experimental

ext external

imp impeller
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606

in inlet

mech mechanical

oil oil

out outlet

ref reference

sup supplier

turb turbine
Abbreviation

ECU Engine control unit
HIL hardware in the loop
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