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Introduction

With the decrease in the size of electronic components leading to ever-increasing heat flux levels, thermal management has become a major concern in the electronic industry. Heat pipes and vapor chambers have proven to be amongst the most efficient passive cooling devices, but the research is ongoing to improve the design of these systems. Traditionally, vapor chambers are used as heat spreaders and associated with solid air-cooled finned heat sinks. The heat sink is then placed directly above the condensation zone. For this study however, a thermosyphon vapor chamber with integrated hollow fins was built and tested. This condenser design has the following benefits: no contact thermal resistance between the vapor chamber and the finned region and high fin efficiency. Thanks to the fluid condensation inside the fins, they are indeed virtually isothermal, resulting in better thermal performance compared to traditional air-cooled heat sinks.

In addition, the condenser is made of polymer: it is a lightweight and cheap material allowing great design liberty thanks, in particular, to recent progress in additive manufacturing. Polymer materials are of interest for applications requiring weight reduction such as transportation systems, especially when the cooling medium is air. However, polymers also have challenging properties in relation to heat pipes, such as low thermal conductivity and barrier properties. In air-cooled polymer heat pipes, condenser wall thermal resistance can be negligible when compared to convective thermal resistance if the wall is thin. When designing the system, one must find the best compromise between wall thermal and mechanical resistances. The wall thickness also affects the permeability of the casing, which is of critical importance in heat pipes. Low barrier properties of polymers associated Fig. 1. Schematic of the condenser in a two-phase closed thermosyphon [START_REF] Hijikata | Non-condensable gas effect on condensation in a two-phase closed thermosyphon[END_REF] Previous studies indicate that a small amount of NCG can have a great inhibitory effect on condensation and, therefore, considerably deteriorate the performance of heat pipes. When the NCG mass increases at constant heat input, the active condenser section is reduced, resulting in a higher operating temperature. It was determined that this phenomenon is nonlinear in nature [START_REF] Harley | Transient gas-loaded thermosyphon analysis[END_REF]. Besides, it has been shown that axial conduction in the pipe wall strongly influences the predicted position of the vapor-gas interface and the temperature profiles [START_REF] Marcus | Steady state and transient performance of hot reservoir gas controlled heat pipes[END_REF][START_REF] Faghri | Transient lumped heat pipe analyses[END_REF][START_REF] Edwards | Heat and mass transfer in the vicinity of the vapor-gas front in a gasloaded heat pipe[END_REF][START_REF] Harley | Transient gas-loaded thermosyphon analysis[END_REF]. Research on VCHPs for space applications [START_REF] Anderson | Variable conductance heat pipes for variable thermal links[END_REF][START_REF] Tarau | Variable conductance heat pipe cooling of Stirling convertor and general purpose heat source[END_REF][START_REF] Lee | The influence of non-condensable gas on an integral planar heat pipe radiators for space applications[END_REF] or vehicle thermal management [START_REF] Leriche | An experimental and analytical study of a variable conductance heat pipe: Application to vehicle thermal management[END_REF] is ongoing. The latest studies largely focus on loop heat pipes (LHP) [START_REF] Huang | Effect of non-condensable gas on the start-up of a gravity loop thermosyphon with gas-liquid separator[END_REF][START_REF] He | Effect of non-condensable gas on the startup of a loop heat pipe[END_REF][START_REF] Zhang | Effect of air on condensation in a non-vacuum gravity heat pipe[END_REF][START_REF] Cao | Effect of non-condensable gas on the behaviours of a controllable loop thermosyphon under active control[END_REF][START_REF] Wang | Effect of evaporator tilt on a loop heat pipe with noncondensable gas[END_REF][START_REF] Anand | Investigations on effect of noncondensable gas in a loop heat pipe with flat evaporator on deprime[END_REF][START_REF] Wang | Effect of evaporator/condenser elevations on a loop heat pipe with non-condensable gas[END_REF] and few have been recently published concerning thermosyphons. In 2018, Kim et al. [START_REF] Kim | Effect of the non-condensable gas contents on heat transfer characteristics of two-phase closed thermosyphon[END_REF] experimentally studied the effect of NCG on heat transfer in a thermosyphon by varying its inclination angle while, in 2020, Yuan et al. [START_REF] Yuan | Effect of non-condensable gas on thermal characteristics in two-phase closed thermosyphon[END_REF] developed a CFD simulation to analyze the performance of their gas-loaded thermosyphon.

It should be noted that metallic heat pipes were considered in the vast majority of the previous works, with the exception of Peterson and Tien's. The latter have indeed tested a water-cooled glass thermosyphon containing NCG [START_REF] Peterson | A miniature wet-bulb technique for measuring gas concentrations in condensing or evaporating systems[END_REF] and extended their model to low thermal conductance walls with low condenser external heat transfer coefficients [START_REF] Peterson | Numerical and analytical solutions for two-dimensional gas distribution in gas-loaded heat pipes[END_REF]. However, Peterson and Tien's model does not include radial heat conduction through the wall and condensate film and it can only be used in cases where heat conduction in the wall is either dominant or negligible [START_REF] Faghri | Heat pipe science and technology[END_REF]. Some authors conducted tests with low external coefficients [START_REF] Edwards | Heat and mass transfer in the vicinity of the vapor-gas front in a gasloaded heat pipe[END_REF][START_REF] Rohani | Steady two-dimensional heat and mass transfer in the vapor-gas region of a gas loaded heat pipe[END_REF], but these were never associated with a low thermal conductance wall to our knowledge.

To fill this gap, the present study investigates both experimentally and theoretically the impact of NCG in an air-cooled polymer condenser vapor chamber: its originality lies in the combination of a low thermal conductance wall with a low condenser external heat transfer coefficient (about 100 W/m².K). An aluminum condenser of same geometry was also manufactured and tested for comparison. The aim is to study the influence of the wall thermal conductance, the external cooling conditions and other parameters on the hollow fins' temperature in the presence of NCG and on the vapor chamber's performance. This paper includes three parts. The first part is dedicated to the presentation of the experimental bench and some experimental results obtained using the mentioned air-cooled polymer condenser, as well as an aluminum condenser of same geometry. The second part describes the numerical model with its assumptions. In the last part, model predictions are compared with experimental results and a parametric study is conducted and discussed.

Experimental study of a vapor chamber with hollow fins in the presence of non-condensable gas 1.1 Experimental setup

The vapor chamber under investigation, shown in Fig. 2, has a flat circular geometry. It is made of two parts: a polymer condenser and a copper evaporator casing, which are clamped together with a 156 mm inner diameter seal between them to form a vacuum tight vapor space 13 mm high (Fig. 3). The vapor chamber works as a thermosyphon: the fluid circulation is driven by gravity, with the condenser above the evaporator. A range of small parallel grooves is engraved at the center of the evaporator casing inner wall to enhance nucleate boiling. The condenser is made of 27 cylindrical hollow fins with inner diameter 5.3 mm glued to a 5 mm thick polycarbonate cover. The tubes are 14.5 cm high and made of polymer polyethylene terephthalate (PET). Each one is closed at its top by a 1 cm high PET plug, so the effective height for heat transfer is 13.5 cm. The thickness of the tubes wall, of 300 µm, is sufficient to withstand vacuum while minimizing the radial conductive thermal resistance of the wall. Besides being lightweight and cheap, the selected polymer materials are transparent, enabling visualization of hydrodynamic and phase change phenomena inside the device. An aluminum condenser was also manufactured by means of a laser powder bed fusion additive process in order to study the influence of the material on the vapor chamber performance. Its geometry is similar to the polymer condenser except for the wall thickness, which was increased to 1 mm, and the effective height, reduced to 10 cm because of additive manufacturing constraints.

The heat source is a resistive heater, 90 mm in diameter, supplying power up to 150 W (2.4 W/cm²). It is insulated and pressed against the evaporator casing by a compression plate, as seen in Fig. 3. The condenser is air cooled by fans placed in a steel duct. The air velocity is around 3.5 m/s and its temperature is maintained at 22.5 ± 1.5°C by means of an air-conditioner and warm air heating. The experimental setup is presented in Fig. 4.

Eleven K-type thermocouples made from 80 µm wire are located in grooves at the back of the evaporator casing. A thermocouple is also used to measure the air temperature, and an anemometer located at the outlet section of the air duct gives its velocity. The operating temperature of the vapor chamber is determined from the mean temperature of two mineral insulated thermocouples, 1.5 mm in diameter, placed inside the chamber. Besides, a Kistler pressure sensor located next to the filling valve measures the total working pressure. The power supplied by the heat source is measured by means of a voltage divider coupled with a shunt resistor. Finally, visible and infrared visualizations are performed. The FLIR E6 infrared camera used to determine the tubes external temperature has a low accuracy but a thermal sensitivity smaller than 0.06°C, which is interesting to study the impact of NCG by means of temperature profiles along the fins.

Fig. 4. Schematic of the experimental setup for thermal characterization

The vapor chamber is filled with n-pentane, previously degassed in a dedicated container. Pentane was selected because it is compatible with PET and polycarbonate and, unlike water, its wettability on polymer surfaces is high, promoting filmwise condensation inside the hollow fins. Besides, its physical and thermal properties are well known and its high saturation pressure is favorable when one wants to minimize leaks. Experiments were carried out varying the heat transfer rate and liquid fill charge. The latter parameter will not be studied because it turned out to have no significant influence on the phenomena and performance of condensation. The heat transfer rate ranged from 7 to 75 W, with a relative uncertainty between 2 and 7%.

Since the internal pressure is lower than the external one, NCG continuously leaks inside the vapor chamber. Thus, the parameter was defined, which corresponds to the elapsed time from the last vacuum pumping of the vapor chamber: the longer the time , the higher the NCG mass. The mass leak rate of the prototype was estimated to 3 . . from pressure measurements over time, with both polymer and aluminum condensers. This high leak rate has made the study of NCG possible. Naturally, leaks would be negligible for industrial systems in a real environment, partly because there would be no sealing ring. Ideally, one should design heat pipes and vapor chambers in one piece to avoid assemblies and leaks. The present design was chosen for the possibility to test several condenser's geometry with a single prototype.

Infrared measurements

As mentioned in section 1.1, an IR camera FLIR E6 is used to determine the external temperature profile along the fins at steady state. Fig. 5 shows an example of thermal image of the polymer condenser in operation. An adhesive tape of emissivity 0.95 ± 0.03 in the spectral range of the camera (7.5 to 13 µm) was placed on tube #3 (Fig. 5). The software ImageJ is used for post-processing of grayscale thermal images. For each experimental point, temperature profiles of three tubes (Fig. 5) along the axis are plotted, such as those displayed in Fig. 6. The axial position is defined with = 0 at the top of the tube -excluding the end cap -and = at the bottom. Several regions can be identified from the temperature profiles: the cold zone, the front region and the NCG-free area. Fig. 6 illustrates them for tube #3. The NCG-free area, which can be enlarged or reduced depending on the operating conditions, is available for effective vapor condensation: the heat transfer intensity is the highest in this region. The slight temperature decrease observed along the NCG-free zone is related to the cooling air temperature, which is not homogeneous and lower at the bottom of the duct and fins.

It appears from the comparison of temperature profiles with and without adhesive tape that the tape does not have a significant influence, even more so as the uncertainty on the temperature is large, as shown in Fig. 6. For this reason, the three profiles are considered as valid. For each tube, the external wall temperature averaged over the whole height, noted , ,

, is calculated. The three obtained values are averaged again to account for spatial variability. The uncertainty in the final mean temperature, of 3.2 K, integrates the specifications of the IR camera, the reproducibility of measurements, uncertainty in emissivity and potential bias introduced while plotting or processing the curves. The aluminum condenser was covered with a black paint of emissivity 0.92 ± 0.06 in the spectral range of the camera. Fig. 7 and8 show an example of thermal image of the aluminum condenser and its associated wall temperature profiles. The curves are considerably different from those presented above. In the polymer case (Fig. 6), the temperature is stable in the lower part of the tubes and decreases steeply towards the air temperature at the top. For the aluminum condenser (Fig. 8), the external wall temperature decreases steadily along the fins, which makes it impossible to identify the position of a NCG zone. That is due to significant longitudinal heat conduction in aluminum, which tends to smooth the temperature profiles. The behavior of the NCG-loaded fins is therefore fairly affected by the conductivity of the wall material. 

Heat transfer data reduction

A simplified thermal model of the device using an equivalent electrical network is presented in Fig. 9. The global thermal resistance of the vapor chamber is defined using the mean temperature difference between the evaporator and the cooling air at steady state and the total heat transfer rate ! :

& = ', -)* ! (1)
where ', is the maximum temperature of the evaporator casing.

Heat load transferred by the fins

Part of the heat input is transferred by conduction through the casing, and then dissipated by convection and radiation to the ambient air. Most studies do not distinguish between phase change and conduction heat transfer but, in the present work, it is necessary to estimate the heat flux associated with conduction in the casing ! ) . in order to properly characterize the impact of the heat load on NCG distribution. Moreover, the heat load transferred by phase change at the evaporator ! ' is also divided into two parts: ! / is transferred by conduction through the condenser base plate and ! 0) is the heat effectively evacuated by the hollow fins. Only the latter must be considered for comparison with the numerical model results introduced in section 2:

! 0) = ! ' -! / (2) with 2 3 4 3 5 ! ' = ! -! ) . ! ) . = ', -)* & ) . ! / = -)* & / (3) (4) (5) 
The casing resistance & ) . is evaluated experimentally with various air velocities as the global resistance for the empty vapor chamber with polymer condenser. For 1 < 8 )* ≤ 3.6 /;, & ) . can be calculated with an uncertainty of 0.1 W/K using the correlation given in equation [START_REF] Sun | Thermal performance characteristics of heat pipes[END_REF] based on regression of experimental data, where & ) . is in K/W and 8 )* in m/s. & ) . = <0.757 (8 )* ) >.?@A B [START_REF] Sun | Thermal performance characteristics of heat pipes[END_REF] Since the air velocity is close to 3.5 m/s for all the considered experiments, & ) . is around 0.9 K/W. This value includes convective and radiative heat transfer, as well as conduction through the casing.

The thermal resistance of the condenser base plate & / , on the other hand, is estimated theoretically as the sum of a conductive and a convective resistance:

& / = C / D( E @ -F @ )G / + 1 D( E @
-F @ )% [START_REF] Shukla | Transient response of a gas-controlled heat pipe[END_REF] with C / the thickness of the plate, G / its thermal conductivity, E the seal inner radius, F the number of tubes of the condenser and ) and their inner and outer radii. The convective heat transfer coefficient % is considered equal to that measured at the fins and defined later in this section. The resulting & / value is 2.0 ± 0.4 K/W for the polymer condenser and 0.9 ± 0.5 K/W for the aluminum condenser.

Fig. 9. Equivalent electrical network of the heat transfer in the vapor chamber

At high heat load, around 30% of ! is transferred through the casing and the part of ! ' evacuated through the polymer condenser base plate is smaller than 15%. In the end, the fins transfer 60 -65% of the total heat load. This percentage decreases with ! . For the aluminum condenser, about 30% of the phase-change heat load is transferred through the base plate. As a result, the fins transfer at most 50% of the total heat load.

Thermal resistances

The thermal resistance of evaporation & ' is associated with phase change in the evaporator area and depends on the liquid charge. Since the copper evaporator casing is 3 mm thick, the conductive thermal resistance is negligible. The heat transfer coefficient at the evaporator is defined on the basis of the resistive heater surface, of radius I * , as follows:

% ' = 1 D( I * ) @ & ' with & ' = ', - ! ' (8)
Since NCG are supposed to affect heat transfer mainly in the fins region, the corresponding thermal resistance & 0) is studied in the present work:

& 0) = -)* ! 0) (9) 
& 0) is used to investigate the NCG influence regardless of the phenomena occurring at the evaporator. As shown in Fig. 9, & 0) can be divided into three resistances according to the heat transfer phenomena involved:

& 0) = & P + & ,* P + & (10) 
The condensation resistance & P includes both the condensate film resistance and the interfacial resistance presented in the following section. & ,* P is the radial conductive resistance of the tubes wall and & is related to forced air convection cooling outside the condenser tubes. As mentioned previously, the external wall temperature is the mean temperature measured by IR camera. Consequently, the average convective heat transfer coefficient is estimated by:

% = 1 2D F & with & = , , -)* ! 0) (11)
The internal wall temperature is unknown. & ,* P is thus calculated from the condenser tubes' properties and geometry:

& ,* P = C 2D E F G with E = -) QR ( ) ⁄ ) (12)
where C is the thickness of the tube wall and G , its thermal conductivity. The conductivities of the PET and aluminum are taken equal to 0.20 W/m.K and 200 W/m.K, respectively. The condensation thermal resistance is then deduced as:

& P = -, , ! 0) -& ,* P (13) 

Uncertainty analysis

The uncertainty in ! 0) is calculated using the following expressions:

2 3 4 3 5 ∆ ! 0) = U V∆ ! ' W @ + V ! / W @ XY ∆& / & / Z @ + ∆ @ + ∆ )* @ ( -)* ) @ [ ∆ ! ' = UV∆ ! W @ + V ! ) . W @ \] ∆& ) . & ) . ^@ + ∆ ', @ + ∆ )* @ ( ', -)* ) @ _ (14) (15)
Given the uncertainty in the measurement of the thermocouples located in the chamber and the difference between the two sensors, a precision of ± 1.5 K is considered for the saturation temperature. The experimental uncertainties in the temperatures )* and ', are 2.5 and 0.2 K, respectively. Equation [START_REF] Harley | Transient gas-loaded thermosyphon analysis[END_REF] yields an uncertainty between 3.5 W at low heat load and 5 W at high heat load for the polymer condenser, and between 5.5 and 10 W for the aluminum condenser.

The uncertainty in the thermal resistances and heat transfer coefficients are obtained in the same way as that of the heat load.

1.4

Vapor chamber performance

Comparison of polymer and aluminum condensers

In this section, the effect of NCG on the results is minimized through suitable choice of data: the vapor chamber performance is evaluated for both polymer and aluminum condensers using experimental results obtained with the initial NCG mass (i.e. the time is minimum) and sufficiently high heat loads. The liquid charge is identical in both cases and about 10 mL. It is optimized for the highest heat transfer rate and remains the same for all the data points.

Fig. 10 shows the evolutions of & P , & ,* P and & , whose sum is equal to & 0) , with respect to the heat load transferred by the polymer (Fig. 10a) and aluminum (Fig. 10b) fins. The condensers' properties detailed previously and used for calculation have been summarized in Table 1, section 3.1. The thermal resistances decrease when ! 0) increases. The casing and condenser base plate resistances are also included in Fig. 10 (red and black lines). & ) . is the same in both cases and is two to three times higher than & 0) , whereas & / is two times smaller for the aluminum condenser than for the polymer one. As a result, ! ' is similar in both cases but a larger portion of the heat load is transferred through the aluminum plate and ! 0) is smaller in Fig. 10b to & 0) for the highest heat load. In the polymer case (Fig. 10a), the convective cooling resistance is preponderant (63%), followed by & P . The contribution of & ,* P is smaller than 10% despite the low thermal conductivity of polymer. The condensation resistance for the aluminum condenser has similar values as for the polymer one (Fig. 10b). The aluminum wall resistance is negligibly small, whereas the contribution of & is over 70%. The limiting phenomenon is thus air convection cooling in both cases.

For the polymer condenser, the convective heat transfer coefficient was consistently calculated at 85 ± 30 W/m².K from equation (11). This value is independent of the heat load. Experimental results have been compared to the empirical correlations of [START_REF] Grimison | Correlation and utilization of new data on flow resistance and heat transfer for cross flow of gases over tube banks[END_REF] [START_REF] Incropera | Fundamentals of Heat and Mass Transfer[END_REF][START_REF] Grimison | Correlation and utilization of new data on flow resistance and heat transfer for cross flow of gases over tube banks[END_REF][START_REF] Kays | Basic heat transfer and flow function design data for gas flow normal to banks of staggered tubes[END_REF] and Zukauskas Besides, the uncertainty in the air velocity is not negligible (± 18% or 0.6 m/s) and the air temperature is not homogeneous over the duct section, which might create a bias in % since the fins height is different between the polymer and aluminum condensers.

The global thermal resistances of the polymer and aluminum condensers, presented in Fig. 11, decreases when the heat load increases, mainly because boiling develops. The heat transfer coefficient at the evaporator based on the heat source area rises with the heat load: it is between 1100 W/m².K and 1800 W/m².K. It is independent of the condenser. Besides, the global thermal resistances obtained with the polymer and aluminum condensers are equal despite a thermal resistance 250 times higher for the polymer wall and some differences in the condenser geometry. The design of the aluminum condenser leads to a reduced convective heat transfer coefficient, but this may be balanced by increased conduction through the base plate. In any case, the influence of the material thermal conductivity on the results is low since air convection cooling is the limiting phenomenon. Polymer being lightweight and cheap, it is of interest for the manufacturing of air-cooled condensers with hollow fins. 

Impact of the presence of non-condensable gas

The presence of NCG usually impacts the performance of heat pipes because they accumulate at the condenser and deteriorate condensation heat transfer by forming a barrier to the condensing vapor at the liquid-vapor interface. In some cases, depending on the NCG quantity and operating conditions, condensation completely ceases in all or part of the condenser. In the present study, IR visualizations of the condenser are performed to determine the external temperature profile of the fins (see section 1.2). The temperature profile depends on the evolution of the heat flux along the fin, which is in turn influenced by NCG. For both polymer and aluminum condensers, experiments were conducted over one week in order to study the impact of NCG on the temperature profiles and on the vapor chamber thermal performance at high and low heat transfer rates. The fluid fill charge is almost identical in both cases and remains unchanged since the vapor chamber was not emptied between tests.

The effect of NCG on the wall temperature profiles of tubes #1 to 3 is presented in Fig. 12 for the polymer condenser and two heat inputs. The legend labels correspond to the elapsed time from the last vacuum pumping of the vapor chamber: the longer the time , the higher the NCG mass, which can be estimated in the order of a few milligrams. The temperature of the tubes are close except for a low NCG mass at low heat load (blue curves in Fig. 12a). The initial temperature differences observed between curves is mainly due to variations of the cooling air temperature. An increase in and thus in the NCG mass , causes the temperature front to shift to the bottom of the tube since a larger volume is occupied by NCG. The NCG quantity also affects ! 0) indirectly: the thermal resistance of the fins increases with , , thus reducing the part of the total heat load transferred by the fins. The temperature profile shift is then the result of both a higher NCG mass and a lower effective heat load. The two effects are difficult to dissociate experimentally. Furthermore, the front seems steeper when , rises. The temperature difference between the top of the tube (where , is close to )* ) and its bottom ( , ≈

) is also influenced by NCG: it increases with , because, for a comparable heat load, the effective surface for heat transfer is smaller when the quantity of NCG is high. This mechanism explains the degradation of the condenser thermal performance caused by NCG, which is studied later in this section. The comparison of Fig. 12a and Fig. 12b shows that the height affected by NCG is greater when ! 0) is low. A similar study was conducted with the aluminum condenser (Fig. 13) with the same heat inputs as previously. A single profile is presented for each experiment because they are similar from one fin to another. Fig. 13 shows no significant difference between the temperature profiles. At low heat load, ! 0) is really small, possibly because the fins are entirely filled with NCG from the initial time. The evolution of the global thermal resistance & as a function of the elapsed time from vacuum pumping is presented in Fig. 14. The influence of NCG is noticeable for the polymer condenser, particularly at low heat load: between the first and last experiment, & increases by nearly 50% for ! = 20 W and by 20% at 75 W. The impact is not as evident for the aluminum condenser, all the more since uncertainties are large.

Since NCG are supposed to mainly affect heat transfer at the condenser, their effect on & 0) is shown in Fig. 15 as a function of ! 0) . In the polymer case, it can be observed that the presence of NCG deteriorates the condenser performance: & 0) increases continuously with

. Besides, the NCG influence is much greater on the condenser performance than on the global one and still increases when the heat load decreases: & 0) rises by 450% at low heat load and 45% at high heat load between = 2 -8% and 99%. Concerning the aluminum condenser (Fig. 15b), the effect of NCG seems negligible at high heat load. At low heat load, no general trend emerges from the data and uncertainties are massive because ! 0) is close to zero. Therefore, no definitive conclusions can be drawn from the results. 

Synthesis

The experimental study has shown that radial heat conduction through the fins wall does not influence the vapor chamber performance because air-cooling is the limiting phenomenon for heat transfer (section 1.4.1). Axial heat conduction, on the other hand, may have an impact on the results. Because of it, the height affected by NCG in the aluminum condenser is not visible from the IR temperature profiles, unlike in the polymer case. Axial conduction might also affect the distribution of NCG inside the fins. The performance degradation due to NCG is pronounced for the polymer condenser, especially at low heat load. Concerning the aluminum condenser, the impact is not discernible from the available experimental data. It might be slightly more sensitive to NCG because, unlike the polymer condenser, it seems to be entirely filled by NCG at low heat load from the initial mass.

Following experimentations, a model was developed in order to achieve a better understanding of the NCG effect in air-cooled condensers with hollow fins by knowing, for instance, the NCG distribution inside the fins, which is difficult to obtain experimentally. The impact of the NCG mass and of the effective heat transferred by the fins could also be uncoupled thanks to the model.

Numerical model of film condensation inside a vertical tube in the presence of non-condensable gas

As explained in the introduction, gas-loaded heat pipe models present different levels of complexity in the treatment of mass diffusion between vapor and NCG. Flat-front models completely neglect diffusion while, in 1D models, axial diffusion is taken into account. The most sophisticated models include axial and radial diffusion through 2D formulations. Some authors [START_REF] Hijikata | Non-condensable gas effect on condensation in a two-phase closed thermosyphon[END_REF][START_REF] Peterson | Numerical and analytical solutions for two-dimensional gas distribution in gas-loaded heat pipes[END_REF] tried to discern when 2D effects must be accounted for in thermosyphons. They defined dimensionless parameters to characterize the importance of these effects depending, for instance, on the tube's geometry and properties, on the working fluid, the NCG mass and on the diffusion coefficient. However, model validation from experiments and analysis were conducted for thermosyphons of diameter around 3 or 4 cm. Since the studied condensers are made of 5.3 mm inner diameter tubes, radial diffusion is considered negligible and a 1D diffuse-front approach was chosen as a satisfactory compromise between model accuracy and computation time. The developed model focuses on film condensation in the presence of NCG inside one of the condenser tubular fins. It is somewhat similar to Edwards and Marcus's work [START_REF] Edwards | Heat and mass transfer in the vicinity of the vapor-gas front in a gasloaded heat pipe[END_REF] on a gas-loaded capillary heat pipe. However, since the vapor chamber under study works as a thermosyphon, the present model has to account for the condensate film thickness evolution along the tube. Axial mass diffusion is considered, as well as axial and radial heat conduction in the fin wall.

The physical model consists of a tubular hollow fin of height , with ) and as internal and external radii. A schematic diagram of the condenser tube, which is quite similar to Hijikata's [START_REF] Hijikata | Non-condensable gas effect on condensation in a two-phase closed thermosyphon[END_REF] (Fig. 1), is shown in Fig. 16. The tube is closed on its top. During vapor chamber operation, the gas is swept toward the condenser section by the vapor and, since it does not condense, accumulates at the condenser end, forming a barrier to vapor flow and condensation. In some cases, depending on the NCG quantity and operating conditions, this leads to a complete shut-off of condensation in the upper part of the tube. Heat transfer is then negligible in this region, as well as the condensate film thickness a. The vapor chamber operates at steady state with stationary NCG. A 1D hydrodynamic model coupled to Fick's diffusion equation and to a thermal model is presented here for an axisymmetric condenser hollow fin. The hydrodynamic model is similar to previous works on heat pipes [START_REF] Lips | Physical mechanisms involved in grooved flat heat pipes: Experimental and numerical analyses[END_REF]. The NCG mass fraction b is maximal at = 0. It decreases gradually to b = 0 at = : the vapor entering the tube is considered pure. Besides, vapor-pressure drop in the pipe is neglected, so the total pressure is uniform throughout the tube. However, the saturated vapor and NCG mixture properties vary in the direction due to axial mass diffusion, convection and film condensation.

Hydrodynamic modelling

The tube is divided longitudinally into several control volumes, for which the balance equations are written. For the liquid and the vapor, the coupled mass and energy balance equations are:

! E = c! % E (16) ! = - c! % E ( 17 
)
where is the coordinate along the axis, ! is the mass flow rate, c! is the heat transfer rate per unit length calculated in the thermal model (section 2.3) and % E is the latent heat of vaporization of the fluid. Subscripts Q and d denote the liquid and the vapor, respectively. The momentum balance equation for the liquid derives from the formulation written by Lips et al. [START_REF] Lips | Physical mechanisms involved in grooved flat heat pipes: Experimental and numerical analyses[END_REF], who showed in conditions comparable to those of the present study that the transfer of momentum due to condensation and the interfacial shear stress were negligible:

e E Vf E 8 E @ W = -f E g E + e E f E ;hRi -|k E |l E (18) 
g is the pressure, f is the cross section, 8 the velocity, e the density, the gravitational acceleration, i the inclination of the tube measured from the horizontal position, k the shear stress and l the wetted length. Subscript b denotes the wall.

Since the total pressure is assumed uniform throughout the tube and i = D/2, equation [START_REF] Leriche | An experimental and analytical study of a variable conductance heat pipe: Application to vehicle thermal management[END_REF] becomes:

e E Vf E 8 E @ W = e E f E -|k E |l E ( 19 
)
On the side of the control volume, the liquid cross section varies (Fig. 17). Introducing the liquid film thickness a and knowing that

m 8 E = ! E e E f E ⁄ f E = Da(2 ) -a) l E = 2D ) , ( 20 
) (21) (22)
the momentum balance equation for the liquid can be rearranged as: For wall shear stress calculation, the liquid flow is assumed to be laminar:

a = a(2 ) -a) ! E ( ) -a) ! E + e E Y Da ! E Z @ (2 ) -a) @ 2( ) -a) <2 ) |k E | -e E a(2 ) -a)B (23) 
k E = 1 2 e E 8 E @ n with n = go pq ( 24 
)
where n is the friction factor, go the Poiseuille number and pq the Reynolds number. Since the interfacial shear stress is small compared to the liquid-wall shear stress, k E is calculated assuming a free liquid-vapor interface [START_REF] Lips | Physical mechanisms involved in grooved flat heat pipes: Experimental and numerical analyses[END_REF]. The Poiseuille and Reynolds numbers are then determined by considering two parallel plates of width 2D ) . For a fully developed flow and a plate spacing of 2a, Shah and London [START_REF] Shah | Laminar Flow Forced Convection Heat Transfer and Flow Friction in Straight and Curved Ducts -A Summary of Analytical Solutions[END_REF] give npq = 24 [START_REF] Wang | Effect of evaporator/condenser elevations on a loop heat pipe with non-condensable gas[END_REF] and the Reynolds number can be expressed as follows:

pq = e E 8 E r I s E with r I = 4D ) a D ) + a ( 26 
)
where r I is the hydraulic diameter and s is the dynamic viscosity. Considering ) ≫ a, equation [START_REF] Kim | Effect of the non-condensable gas contents on heat transfer characteristics of two-phase closed thermosyphon[END_REF] reduces to:

pq = 4e E 8 E a s E ( 27 
)
Combining equations [START_REF] Anand | Investigations on effect of noncondensable gas in a loop heat pipe with flat evaporator on deprime[END_REF], ( 25) and ( 27), the liquid-wall shear stress becomes:

k E = 38 E s E a (28)

Non-condensable gas diffusion modelling

Application of Fick's law of diffusion to the NCG mass flow, accounting for both convection and mass diffusion, yields [START_REF] Faghri | Heat pipe science and technology[END_REF]:

! = b ( ! + ! ) -e . f u b ( 29 
)
where b is the mass fraction and u is the diffusion coefficient for NCG in vapor. Subscripts Rv and stand for the non-condensable gas and the gas mixture (vapor and NCG), respectively. The vapor cross section can be expressed as:

f = D( ) -a) @ ( 30 
)
Since NCG is assumed stationary, ! = 0 and equation [START_REF] Faghri | Heat pipe science and technology[END_REF] can be written as: b = b ! e . D( ) -a) @ u [START_REF] Cros | Propriétés barrières des polymères utilisés en emballage[END_REF] The NCG mass fraction is defined as follows:

b = e e + e [START_REF] Incropera | Fundamentals of Heat and Mass Transfer[END_REF] Gas phase diffusion coefficients depend on the particle size and molecular mass of the considered species, but it is also a function of pressure and temperature. Tang et al. [START_REF] Tang | Compilation and evaluation of gas phase diffusion coefficients of reactive trace gases in the atmosphere: Volume 2. Diffusivities of organic compounds, pressure-normalised mean free paths, and average Knudsen numbers for gas uptake calculations[END_REF] have compiled and evaluated the gas phase diffusion coefficients of many compounds, including n-pentane and ethanol in air at 298 K. They give pressure-independent diffusion coefficients (also called diffusivity) of which the SI derived unit is Pa.m².s -1 and hereby noted u w . The diffusion coefficient u in equation (31) includes the pressure and temperature effects through the following relationship [START_REF] Tang | Compilation and evaluation of gas phase diffusion coefficients of reactive trace gases in the atmosphere: Volume 2. Diffusivities of organic compounds, pressure-normalised mean free paths, and average Knudsen numbers for gas uptake calculations[END_REF]:

u = u w ( * 0 ) g . ] * 0 ^ ,xA (33) 
where * 0 and are the diffusion coefficient reference temperature and the saturated vapor temperature, respectively. The binary diffusion coefficients reported by Tang et al. [START_REF] Tang | Compilation and evaluation of gas phase diffusion coefficients of reactive trace gases in the atmosphere: Volume 2. Diffusivities of organic compounds, pressure-normalised mean free paths, and average Knudsen numbers for gas uptake calculations[END_REF] have been measured for trace gases in the atmosphere, conditions that are different from the case studied here. However, diffusion coefficient data is sparse in the literature and this study is the only one we found that closely matched our needs. According to Tang et al., u is a function of the bath gas pressure: the latter was approximated by the total pressure g , sum of the vapor and NCG partial pressures, in equation [START_REF] Grimison | Correlation and utilization of new data on flow resistance and heat transfer for cross flow of gases over tube banks[END_REF].

Considering NCG as ideal gas, the mixture density appearing in equation (31) is given by:

2 3 3 4 3 3 5 - & ) + & 0 + & ,* P + @ - & , = - E & ,* P + & + - E & ' + & € for = 0 } - } & ) } + & 0 } + & ,* P + }' - } & , = } - E & ,* P + & + } - } & , for 0 < < - & ) + & 0 + & ,* P + - & / = - E & ,* P + & + - & , for = (39) (40) ( 41 
)
The equations are solved for the R unknown wall temperatures using a tridiagonal matrix algorithm, also known as Thomas algorithm. The saturation temperature profile is determined from the vapor partial pressure given by the NCG diffusion model (section 2.2, equation 35).

The thermal model is used to calculate the heat transfer rate per unit length, which is a parameter of the hydrodynamic model:

c! } = ! } = } - } ƒ& ) } + & 0 } + & ,* P " ( 42 
)
Fig. 18. Thermal nodal network diagram

Resolution procedure

The iterative resolution procedure of the coupled hydrodynamic, diffusion and thermal models as implemented into MATLAB is presented in Fig. 19. The condenser geometry (number of tubes F, height and radius of tubes) is given as input data, as well as the conductivity of the wall material G . The air convection cooling parameters E and % and the operating conditions of the vapor chamber (fluid, total heat transferred by the fins ! 0) ) are also specified. Lastly, the input data include the total NCG mass present in the condenser , , its molar mass y z and the diffusivity u w of NCG in vapor (or, symmetrically, of vapor in NCG).

1 -The first step in the resolution procedure is initialization, which is shown in blue dashed lines in Fig. 19. For the initialization, axial heat conduction in the wall is neglected.

1 -a) Starting from a guess value of the NCG mass fraction at the top b and of the saturation temperature at the tube entrance, the total pressure and the boundary conditions of the hydrodynamic and NCG diffusion models are determined. The total pressure is assumed equal to the pure saturated vapor pressure at or, in other words, there is no NCG at the tube entrance (b = 0 at =

). Since the saturation temperature cannot be smaller than The remaining boundary conditions at = 0 are given as follows:

2 4 5 a = a > ! E = Da(2 ) -a) e E 8 E with 8 E = e E a @ 3s E ! = 0 (44) (45) (46) 
A sensitivity study showed that the results are independent of the initial film thickness a > , which is taken to be 10 x m. The expression of 8 E in equation (45) comes from the momentum balance equation for the liquid, equation (23), considering a ⁄ = ! E ⁄ = 0 and ) ≫ a. The velocity 8 E was not taken as zero because the matrix to solve would then be close to singular but, as for a, its initial value is negligible compared to the obtained values when increases.

-b)

The coupled hydrodynamic and diffusion models, consisting of four ordinary differential equations, are solved using ode23s MATLAB solver with the aforementioned boundary conditions. Several closure equations are needed to express the liquid-wall shear stress, the diffusion coefficient and the mixture density (see Fig. 19). The heat transfer rate per unit length is calculated from equation (47) neglecting axial heat conduction in the wall:

c! } = } - E ƒ& ) } + & 0 } + 2& ,* P + & " (47) 
The saturation temperature and the vapor and liquid properties used in the model, namely e , % E , e E , s E and G E , come from the NIST database REFPROP. They are calculated for each control volume through polynomial regressions implemented into MATLAB and relating them to the vapor partial pressure or temperature.

-c)

The resulting heat transfer rate is calculated as follows:

! 0) , = F. … c! } † ‡ˆ ‡ ‰> ( 48 
)
The temperature is adjusted iteratively and steps 1-a to 1-c are repeated until ! 0) , matches the input heat load.

-d)

The total NCG mass is computed as:

, , = F. … } † ‡ˆ ‡ ‰> with } = D( ) -a } ) @ y z (g -g } ) & { } (49) 
The initial mass fraction b is updated and steps 1-a to 1-d are repeated until the convergence criterion on the total NCG mass is satisfied.

2 -Thanks to the output data of the hydrodynamic and diffusion models, the thermal model can be solved to find the wall temperatures accounting for axial heat conduction in the wall. Once again, the temperature is adjusted iteratively to obtain the desired heat load, which is now an output of the thermal model.

3 -Once the thermal model has been solved, the hydrodynamic and NCG diffusion models have to be run again. The boundary conditions are still determined as explained in step 1-a, with coming from the thermal model. Furthermore, the heat transfer rate per unit length is calculated from the wall temperatures with equation (42).

4 -Steps 2 and 3 are repeated until the convergence criterion on the NCG mass fraction profile is satisfied. The parameters of the problem being tightly coupled, an under-relaxation coefficient is sometimes needed on b } to keep the computation stable.

5 -The resulting NCG mass is calculated from equation (49) and, if it does not match the given value, b is updated and steps 2 to 4 are repeated. Since b has a maximum value, adjusting the initial mass fraction might be impossible in some cases. The whole profile is then shifted to the bottom or to the top of the tube before solving the thermal model again, according to the difference between the obtained and desired values of , . For instance, when the value of b is maximum because the saturation temperature equals E at = 0, an additional mass increase shifts the NCG front to the bottom of the tube. The iterative resolution ends when the convergence criteria on the heat load, on the NCG mass fraction profile and on the total NCG mass are reached simultaneously.

The model enables to calculate the condensate film thickness, the vapor and liquid mass flow rates and the NCG mass fraction along the tube for a given heat load and NCG mass, as well as the saturation and wall temperature profiles. The calculation time depends on the importance of axial heat conduction in the wall compared to the other modes of heat transfer. The model has been run on a standard PC. The setup configuration for the machine is: Intel Core i5-4590 (3.30 GHz), 4 GB RAM, 227 GB HDD, OS Windows 7 Pro and MATLAB R2015a 8.5. Axial heat conduction is neglected for the initialization, which generally requires a few minutes depending on the suitability of the initial guess for b and . For a polymer tube, it takes only a few additional seconds to solve the final model because axial conduction has a low impact on the results. For an aluminum tube, on the other hand, solving the final model may require several tens of minutes because the wall thermal conductivity has a substantial influence and must be gradually increased. However, when the model has been solved with aluminum once, it is possible to save time by choosing appropriate initialization data and varying only the heat load or the NCG mass.

Modelling results and discussion

Comparison of model predictions with experiments

Model predictions are compared with the experimental results obtained with the polymer and aluminum condensers. Input parameters for the simulation of experimental conditions are summarized in Table 1. The modeled geometry corresponds to the actual system for each case (see section 1.1 for the experimental setup description). For each data point, the model was solved with input parameters ! 0) , % and )* matching the measured values. [39] 
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The comparison of the measured external wall temperature profiles for the polymer condenser (colored lines) with profiles obtained from the model (black dashed lines) is presented in Fig. 20. Since the experimental NCG mass is unknown due to degassing phenomena, the input value of , was adjusted in the model so that a good agreement between predicted and experimental data at a given heat input ! 0) is reached. The discrepancies, observed especially at high heat load, could be explained by the non-homogeneity of the air temperature over the fins during experiments and by the variation of surface emissivity. For the aluminum condenser, the comparison between experimental and modelling results is shown in Fig. 21. It is presented at high heat load only because the model is not applicable to cases where NCG occupy the whole height of the tube, which happens at really low heat loads. The model indeed assumes that there is no NCG at the tube entrance. Like for the polymer condenser, the agreement between the measured temperature profiles and those exported from the model is quite good when adjusting the input NCG masses. 

Parametric study

A parametric study is conducted in order to evaluate the sensitivity of the model to uncertain parameters. Another objective is the comparison of polymer and aluminum condensers of strictly identical geometry.

Influence of uncertain input parameters of the model on the wall temperature profile

Among the input parameters, the NCG mass is not the only one being difficult to estimate: the uncertainties in ! 0) and % derived from experiments are significant. Their effect on the wall temperature profile is thus studied for the polymer condenser at low and high heat loads in Fig. 22. These results have to be compared with the experimental results of Fig. 12, where the effects of the heat load and of the NCG could not be dissociated. This can be done using modelling results.

Fig. 22a and Fig. 22b show that, when , rises, the front is shifted to the right (i.e. to the bottom of the tube) because NCG occupies a larger volume. For a similar heat load, the effective surface for heat transfer is then reduced, leading to an increase in the temperature difference between the top and the bottom ends of the tube. This is consistent with the analysis of experimental results detailed in section 1.4.2.

The influence of the heat transferred by the fins on the temperature profile is presented in Fig. 22c and Fig. 22d. A higher heat load shifts the front to the top of the tube. Besides, an increase in ! 0) generates a larger temperature difference between the tube ends and a steeper front. Hence, the temperature rise observed in Fig. 12 is due to the increase in the NCG mass rather than the decrease of the heat transferred by the fins.

Lastly, the effect of a variation in % is visible in Fig. 22e and Fig. 22f. Since air-cooling is the limiting phenomenon for heat transfer as explained in section 1.4.1, a change in % has a significant impact on the saturation temperature and thus on the temperature at the bottom of the fin. If the convection coefficient is reduced, so is the efficiency of heat transfer. Therefore, and the temperature difference between the two ends of the tube increase.

From the comparison of Fig. 22 (a), (c), (e) to Fig. 22 (b), (d), (f), is can be deduced that the sensitivity of the temperature profile to the NCG mass is more pronounced at low heat loads whereas at high heat loads, it is more affected by the heat dissipated by the fins and by the external convective heat transfer coefficient. 

Influence of wall thermal conductivity on the temperature profiles

Thanks to the numerical model, polymer and aluminum condensers can be compared considering the exact same geometry (the reference being the polymer condenser geometry given in Table 1) and identical operating conditions. The only varying parameter is then G , which is a thousand times higher for aluminum (G = 200 W/m.K) than for polymer (G = 0.2 W/m.K). The external cooling coefficient % was set at 100 W/m².K and the coolant temperature at 23°C. The model was solved in both cases for ! 0) = 75 W and , = 5 mg. The results are presented in Fig. 23.

The saturation and external wall temperature profiles are displayed in Fig. 23a. The wall temperatures for polymer and aluminum condensers are relatively close because air-cooling is the limiting phenomenon in both cases. The difference that is observed at the top of the tube is due to longitudinal heat conduction in the wall. Longitudinal conduction is indeed negligible for polymer but not for aluminum. It tends to smooth the temperature profiles, leading to higher temperatures at the top of the tube. Concerning the saturation temperature, it is higher in the polymer case because of a significantly greater wall thermal resistance in the radial direction compared to aluminum. The saturation temperature at the bottom of the tube is used in the thermal resistance calculation:

& 0) = -)* ! 0) (50) 
According to the model, the performance of an air-cooled aluminum condenser is better than that of an air-cooled polymer condenser of same geometry: the increase in & 0) when using polymer instead of aluminum is around 15% at 75 W. This percentage decreases slightly when , rises because the polymer condenser is somewhat less affected by NCG than the aluminum one: the presence of 5 mg of NCG leads to a 13% increase in & 0) compared to pure vapor in the former case and a 15% increase in the latter case.

The higher sensitivity of the aluminum condenser to NCG can be explained using Fig. 23b, which presents the NCG mass fraction profiles. The mass fraction b indirectly depends on the saturation temperature through equation [START_REF] Bejan | Convection Heat Transfer. 4 th Edition[END_REF]: it decreases when increases. Since the wall and saturation temperatures at the top of the tube are higher for aluminum because of longitudinal heat conduction, NCG mass fractions are lower and the volume occupied inside the aluminum fins is greater compared to polymer fins. Consequently, the wall conductivity influences the gas distribution, which in turn affects the condenser's sensitivity to NCG. Overall, the difference between air-cooled aluminum and polymer condensers is relatively small regarding the absolute performance as well as the degradation due to NCG. However, the effect of the wall conductivity strongly depends on the operating conditions. Additional simulations considering water-cooling (% = 2000 W/m².K) instead of air-cooling showed that the effect of the material on the results is all the more important as external cooling is efficient. In the absence of NCG, the impact of using polymer instead of aluminum on the thermal resistance is around ten times greater for water-cooled condensers (+200% in & 0) at 75 W) than for air-cooled ones. Besides, the sensitivity to NCG of water-cooled condensers is significantly affected by the choice of material: for instance, the presence of 1 mg of NCG leads to a 16% increase in & 0) for a water-cooled polymer condenser and a 50% increase in a water-cooled aluminum one at 75 W. By comparison, in the same conditions, the air-cooled polymer and aluminum condensers are both marginally affected by NCG: their thermal resistance increases by 2.5% and 3%, respectively.

Conclusions

A vapor chamber with hollow fins was designed and manufactured. Experiments were carried out both with a polymer condenser and an aluminum condenser cooled by forced air convection. Aircooling was shown to be the limiting phenomenon for heat transfer in both cases, so the performance of the condensers is almost similar. Consequently, the use of polymer is of interest for weight reduction when the cooling medium is air. The impact of NCG was studied using IR temperature measurements on the fins and performance monitoring over time. For the polymer condenser, the height affected by NCG is discernible from the IR temperature profiles and is greater at low heat loads. The performance degradation due to NCG is thus more pronounced at low heat loads, which is confirmed by the evolution of the thermal resistance. For the aluminum condenser, on the other hand, the height affected by NCG is not visible due to axial heat conduction in the fins wall. Besides, the influence of NCG in this case is not discernible from the available experimental data. Following experimentations, a numerical model of film condensation inside a vertical tube in the presence of NCG was developed to achieve a better understanding of the NCG effect in air-cooled condensers with hollow fins. The model combines both hydrodynamic and axial mass diffusion phenomena with 2D heat conduction in the wall. First, model predictions were compared with experimental results: a good agreement was found between the numerical model and the measured external wall temperature profiles both for the polymer and aluminum condensers, using the input NCG mass as a fitting parameter. Several other input parameters derived from experiments such as the heat load ! 0) or the external cooling coefficient % influence the modelling results. Their effect on the temperature profiles was studied though a parametric analysis, as well as that of the wall thermal conductivity. The latter was shown to impact the condenser performance, which is obviously better for high conductivity materials, but also the volume occupied by NCG inside the fins. For a given set of operating conditions, when the wall thermal conductivity increases, so does the occupied volume and the impact of NCG on the thermal resistance. In other words, aluminum condensers are more sensitive to NCG than polymer ones, and the difference is all the more important as external cooling is efficient.

Even if some challenging technical aspects remain, polymer hollow-finned condensers are of interest for applications requiring weight reduction such as transportation systems, especially when the cooling medium is air. Indeed, the substitution of a metallic condenser by a polymer one having identical performance would lead to fuel economy. Concerning tightness requirements, which are generally critical for the design and manufacturing of heat pipes, they could be reduced when considering polymer condensers for a given application. Further, the use of polymer and additive manufacturing methods allow fast prototyping and a great flexibility in the shape, orientation and location of the fins. The optimization of hollow-finned condensers offers interesting prospects for future work. 
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Table 1 .

 1 Input parameters of the model for comparison with experiments

	Condenser tubes geometry and properties	Vapor chamber operating conditions
		polymer	aluminum		polymer	aluminum
	number of tubes F [mm]	135	27	100	working fluid non-condensable gas	n-pentane air
	) [mm]		2.65		u w [Pa.m².s -1 at 298 K]		0.87
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e . = e + e = e + y z (g -g ) & { [START_REF] Kays | Basic heat transfer and flow function design data for gas flow normal to banks of staggered tubes[END_REF] where y z is the molar mass and & { the ideal gas constant. In each control volume, NCG and vapor are assumed to be at the same temperature , the vapor saturation temperature at pressure g . The vapor pressure is a function of the NCG mass fraction b and is calculated at every axial position with the following relationship: 

Thermal modelling

In the thermal model, as in the hydrodynamic model, the tube is axially divided into several control volumes of height (Fig. 18). Conduction in the wall is modeled by two constant thermal resistances: & , in the axial direction and & ,* P in the radial direction. At the top and bottom ends of the tube, axial conduction through the cylindrical sleeve of the cap (& ' ) and condenser base plate

) is considered. As for forced air convection cooling outside the tube, the heat transfer coefficient between the fin external wall and the cooling air flow % is assumed constant and independent of the wall temperature. The air temperature E is also constant. Inside the tube, phase change at the liquid-vapor interface and conduction through the condensate film must be taken into account. Two local thermal resistances & ) and & 0 are thus defined, at each node | along the axis:

Subscripts h and n denote the liquid-vapor interface and the condensate film, respectively. Longitudinal conduction in the film is neglected, as well as heat conduction through the gas phase.

The axial evolutions of the film thickness a and of the saturated vapor pressure and temperature, from which the liquid properties depend, are given by the coupled hydrodynamic and NCG diffusion models described previously. The iterative resolution procedure is detailed in section 2.4. At the liquid-vapor interface, the heat transfer coefficient % ) is derived from the gas kinetic theory [START_REF] Carrey | Liquide-vapour phase change phenomena: an introduction to the thermophysics of vaporization and condensation process in heat transfer equipment[END_REF]:

where is the accommodation coefficient. As mentioned in [START_REF] Lips | Physical mechanisms involved in grooved flat heat pipes: Experimental and numerical analyses[END_REF], this coefficient is very difficult to determine experimentally and thus not well referenced in the literature. Furthermore, the coefficient % ) given in equation [START_REF] Shah | Laminar Flow Forced Convection Heat Transfer and Flow Friction in Straight and Curved Ducts -A Summary of Analytical Solutions[END_REF] does not take into account the NCG effect on condensation as it accumulates at the liquid-vapor interface. A large amount of research has been performed about condensation in the presence of NCG and reviewed by Huang et al. in 2015 [START_REF] Huang | Review of vapor condensation heat and mass transfer in the presence of non-condensable gaz[END_REF]. Several heat transfer correlations are available in the literature: some are empirical and others semi-theoretical. Semi-theoretical correlations are based on the heat and mass transfer analogy. They are more versatile than empirical formulas but usually require an iterative resolution. The influence of the heat transfer coefficient % ) calculated using these models is studied in the appendix, showing that radial diffusion has a negligible impact on the temperature profiles compared to axial diffusion in the case studied.

The energy balance in each control volume leads to a set of equations as follows: 

Appendix. Influence of radial diffusion on the temperature profiles

As the gas kinetic theory (equation 38) does not take radial diffusion of NCG into account, the semi-theoretical correlation proposed by No and Park [START_REF] No | Non-iterative condensation modeling for steam condensation with noncondensable gas in a vertical tube[END_REF] was tested to include this phenomenon in the calculation of % ) (which thereby depends on the NCG mass fraction). This correlation is based on the heat and mass transfer analogy but, unlike most formulations, it does not require an iterative resolution. The heat transfer coefficient is also strongly dependent on the interfacial shear stress so, according to No and Park, it is important to adopt the appropriate interfacial friction factor. In the present work, the friction factor used by Liao et al. [START_REF] Liao | Reflux condensation of flowing vapor and noncondensable gases counter-current to laminar liquid film in a vertical tube[END_REF] for counter-current flow was chosen. Besides, since the correlation is suitable for a limited range of NCG mass fractions b , the considered % ) is:

The comparison of % ) calculated from the gas kinetic theory and No and Park's correlation is presented in Fig. A.1 for the high heat load reference case of Fig. 22. When considering NCG, the heat transfer coefficient is greatly reduced at the top of the tube where the gas accumulates. The condensation coefficient is also shown in Fig. A.1 (bold lines). % P includes heat transfer at the liquid-vapor interface as well as through the condensate film. It is locally defined by the following equation:

When radial diffusion is not taken into account, heat conduction through the film is the limiting phenomenon all along the tube since % P is lower than % ) . With No and Park's [START_REF] No | Non-iterative condensation modeling for steam condensation with noncondensable gas in a vertical tube[END_REF] correlation, on the other hand, two regions exist: vapor condensation is limited by radial diffusion through NCG at the top of the tube (% ) smaller than % P ) and by the liquid film when % P is smaller than % ) .

The effect of radial diffusion on the interface coefficient is substantial at the top of the tube. However, according to Fig. A.2, the impact of this parameter on the results seems negligible. The saturation and wall temperature profiles are indeed unchanged whatever the correlation. Since the difference between and is really small at the top of the tube, the % ) value has no significant influence on the heat transfer in this area. In other words, in the case studied, the presence of NCG is detrimental to condensation mainly because of the induced saturation temperature reduction, and not because of a gas barrier to the condensing vapor. That is why radial diffusion has a negligible impact on the results compared to axial diffusion. The same conclusions can be drawn for the aluminum case. 38) and from No and Park's [START_REF] No | Non-iterative condensation modeling for steam condensation with noncondensable gas in a vertical tube[END_REF] correlation and the resulting % P at high heat load (