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Abstract

Active magnetic bearing (AMB) technology provides to rotating machinery, high operating speeds, direct
couplings, almost frictionless support and a reduced footprint. In case of strong base excitations, the rotor
may contact its touchdown bearings (TDBs), which are used as landing and safety bearings, while AMBs
still operate. The paper presents, experimentally and numerically, this particular operating conditions where
sliding friction-induced vibrations or AMB instabilities might be triggered. For this purpose, the developed
�nite-element model of the rotor-AMB-TDB system is experimentally validated using a lab-scale rotor test
rig mounted on shaker. The validation is �rst conducted with no base excitation by analysing the mass
unbalance responses and drop onto TDBs. In the presence of harmonic then impulse base excitations,
the mass unbalance response are analysed in time and frequency domains. Considering harmonic tests,
particular combinations of base motions and rotordynamics are observed depending on the frequency ratio
between the base motion and the speed of rotation. TDB interactions produce rotor orbits �attening. The
impulse tests highlight the friction e�ects and short periods of backward whirl are observed just after the
contact. Despite some transient instabilities, the controller was always able to maintain the system stable
by bringing damping. At each of these steps, the model reliability is assessed and predictions are close to
the measured phenomena.

Keywords: Rotordynamics, Active magnetic bearing, On-board rotor, Touchdown bearing, Rotor-stator
interaction

1. Introduction

Global energy consumption constantly grows and turbomachinery have a crucial role in energy conver-
sion. Depending on the desired applications, the external environment, such as swell, cobblestone road, or
earthquake may be critical to their dynamic behaviour, a�ecting their operability and maintainability. In
order to guaranty such performances, the research investigations of the base motion e�ects on rotordynamics5

have begun since mid 1980s.
Earthquake may be approximated by non-stationary random process such as the Monte Carlo method

and the e�ect of this kind of excitations on rotordynamics was studied in references [1�4]. Even if the shaft-
bearing system natural frequencies are generally higher than the representative frequency of earthquake, the
rotordynamics may become unstable when supported by oil-�lm bearings. Lee et al. [5] studied, numerically10

and experimentally, the e�ects of vertical shock on a rotor-bearing system and showed that ampli�cations
of the rotor response are to be expected when the shock impulse is close to a system natural frequency.

Support rotations yielding parametric excitations may generate complex rotordynamics. At some speci�c
support angular frequency, combined with the rotor-bearing system natural frequencies, instability zones are
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exhibited and their surfaces depend on the angle amplitude, as shown in [6�10]. The use of magnetic forces,15

through actuators, may overcome these instabilities by making the system sti�er using a PD feedforward
loop, as demonstrated by Das et al. [11], or using various control strategies as shown by Soni et al. [12].

The combined e�ects of support and shaft rotations were analysed previously by [6, 10, 13�15]. The rotor
orbits may be �xed and perfectly periodic or quasi-periodic with more complex shapes depending on the
ratio of the support angular frequency over the shaft speed of rotation. In case of high loads, the analysis20

of base motions combined with nonlinear bearing restoring forces exhibits the speci�c features of nonlinear
dynamics, such as periodic, quasi-periodic or even chaotic regimes.

On the other hand, the use of active magnetic bearings (AMBs) is rising in industrial applications due
to reduced costs but also to the improvement of electronic hardware performance and reliability. In addition
to being an almost frictionless solution without lubrication device, it is convenient for high rotor speeds25

and a reduced system installation footprint. Being inherently unstable, the main di�culty is to develop the
proper controller managing AMBs, see [16]. A wide variety of control strategies exist and most often, the
conventional proportional-integral-derivative (PID) controller is employed in industrial applications. The
use of touchdown bearings (TDBs) is systematic in rotor-AMB systems. These components are crucial to
ensure safety in non-nominal operating conditions. They provide a support during transportation and a30

mechanical protection for AMBs against too large rotor de�ection amplitudes due to aerodynamic overload
or base motions. In case of magnetic levitation loss, the rotor is forced by gravity to drop onto its touch-
down bearings, ensuring a back-up support. This transient phenomenon has been intensively analysed in
the literature, see references [17�26] for more details. TDBs are generally composed of cageless ball bear-
ings, comprising one or two rows, limiting the emergence of dangerous rotor behaviours induced by sliding35

friction. In most industrial designs, TDBs are �tted into the stator through compliant mountings. Ribbon
damper technology has been widely adopted in modern designs. It is made of a corrugated steel foil and
permits limiting the transmitted loads and brings stability, with a properly designed sti�ness and damping
respectively, when interactions with the rotor occur.

The e�ects of base motion on rotor-AMB systems are studied since the end of 90s when Murai et40

al. [27] analysed the response to earthquake excitation. Since then, some works were dedicated to the
implementation of control strategies to overcome these base motions and avoid TDBs interactions.

An e�ective solution is to implement a feedforward compensator added to a conventional feedback loop,
as shown by Matsushita et al. [28] where the vibration amplitudes of a rotor-AMB system subjected to
Kobe earthquake were reduced by 60 %. Using less control current, Suzuki [29] implemented the in�nite45

impulse response �lter as feedforward control loop and showed that the rotor response could be reduced
about the half of the response only using PID. Nonlinear dynamic systems generate sub and super harmonic
responses when subjected to harmonic forcing. Based on this observation, Marx and Nataraj [30] developed
a feedforward loop, where the correction current was set to be a sum of multiples and fractions of the base
motion frequency. The acceleration feedforward compensation appears to be also e�ective in Kang and50

Yoon [31] to limit harmonic base motions for applications such as electro-optical sight mounted on a moving
vehicle. The compensator was designed experimentally thanks to the �ltered-x least mean square algorithm,
which was also used by Kim et al. [32].

Other works emphasized mostly on the AMB feedback control loop adapted to limit base motions. Kang
et al. [33] used the sliding mode control, which was able to achieve high performance robust control against55

parameter uncertainties and external disturbances. The e�ect of an horizontal impact was analysed by Cole
et al. [34]. Three control strategies were developed to reduce the direct forcing as well as the motions
of the support. If the controller was not suitable, the base motion generated rotor-TDB contacts. Some
control strategies, however, can limit or even prevent the rotor-stator interaction such as the H∞ controller
according to Keogh et al. [35]. The combined wavelet − H∞ controller gives the best performance in60

terms of transmitted forces and vibration limitations. The case of base rotations control was investigated by
Maruyama et al. [36] where the stator motions, integrated as rotation disturbances, acted on the rotor-stator
relatives angles. The dynamic behaviour of on-board rotor-AMB system was numerically investigated by
Jarroux et al. [37], considering rotation and translation motions of the base. The model was validated using
previous experimental results where angular shocks were applied to a �exible rotor with high gyroscopic65

e�ects supported by conventional ball bearings.
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Most of AMB controllers employed in industrial applications are of PID type, without any base dis-
turbance consideration. Therefore, some works analysed the e�ects of base disturbances when the control
strategy was not speci�cally tuned for that purpose. Hawkins et al. [38] tested a vertical �ywheel-AMB
system subjected to translational shocks for transit bus applications. Even if the controller was not speci�-70

cally tuned for base disturbance rejections, it was able to maintain the rotor and no TDB contact occurred.
The use of a shock isolator permitted reducing the transmitted axial shock by 65 %, corresponding with
the work of Leilei et al. [39]: using �exible supporting conditions, base disturbance rejection of rotor-AMB
system can be improved. Hawkins et al. [40] presented an experimental and numerical comparison of a
magnetic bearing supported shipboard compressor subjected to sinusoidal translation up to 1.5 G. The75

vibration requirements were in accordance with MIL-STD-167 standards. AMBs remained in their linear
range during these tests. This was not the case in the work of Kasarda et al. [41] where a non-rotating mass
mounted on magnetic bearings controlled by PID feedback and subjected to a sinusoidal base motion was
analysed numerically and experimentally. In case of extremely low damping, nonlinear dynamics responses
were observed.80

In most of these previous studies, the rotor responses due to base motions remained limited and were
not su�cient to generate contact with the TDBs, either because a speci�c control strategy was applied to
reject external disturbances or because the acceleration levels tested remained quite small. However, in case
of large foundation displacements, rotor-TDBs contacts could occur while AMBs still operate. Indeed, even
if the conventional procedure is to stop the machine in few seconds when the rotor displacements exceed85

a designed threshold, the dynamic behaviour of the shaft during this phase remains quite unknown and
potential instabilities may be triggered. For example, the sliding friction forces produced at the rotor-TDB
interface could lead to dangerous rotordynamics such as backward whirl followed by dry whip. More details
about rotor-stator interactions and the wide variety of induced dynamic regimes, are provided in references
[42�52]. On the other hand, AMBs could destabilise the rotor by producing negative damping forces due to90

the emergence of undamped frequencies.
The literature shows few studies regarding the combined e�ect of base motions, TDB contact nonlin-

earities and magnetic forces on rotordynamics. Hawkins [53] studied numerically the transient dynamic
behaviour of a rotor supported by homopolar permanent magnet bias magnetic bearings subject to vertical
shocks and TDB contact interactions. More recently, Hawkins et al. [54] analysed the e�ect of shock and95

TDB contacts on a magnetic bearing supported chiller compressor. After short period of rebounds, the
rotor recovered its centered position and no particular damages were noti�ed after the tests. Jarroux et al.

[55] also investigated those aspects and it was shown that the dynamic behaviour of the system remains
mostly stable after rotor-TDB interactions. Su et al. [56] numerically analysed the e�ects of TDB contact
parameters onto the dynamic behaviour of a rigid rotor supported on AMBs subjected to strong base motion100

(up to 20 G). Periodic, nT-periodic, quasi-periodic responses as well as jump phenomena are revealed.
The presented work is a contribution to the understanding of complex phenomena associated with the

dynamic behaviour of turbomachinery supported by AMBs facing critical external events. In particular, it
investigates the �exible rotordynamics exhibited when the e�ects of mass unbalance forces, rigid base motions
and TDBs contact are combined while AMBs still operate. The numerical and experimental analyses are105

conducted both with harmonic and impulse foundation motions in vertical translation.
First is developed the modelling approach, using the �nite-element method, required to perform the

transient and nonlinear simulations. Then, the experimental set-up, comprising the lab-scale rotor-AMB
system test rig mounted on a 6-DOF shaker, is described. Before carrying on base motion tests, two steps
of validation are performed. At each step, the observed phenomena are explained, the numerical model is110

assessed and the prediction-measurement correlation is discussed.

2. On-board rotor-AMB system modelling

The di�erent parts of the numerical model required to perform nonlinear and transient simulations are
presented in the following subsections. The on-board �exible rotor, the AMB and the TDB models are
described separately. A typical rotor-AMB system is sketched in Fig. 1.115
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Figure 1: AMB and TDB assembly

2.1. On-board �exible rotor model

The e�ects of �exible support on rotordynamics was analysed by Cavalca et al. [57]. However generally
speaking, the stator of industrial turbomachinery support is very sti� in comparison with the rotor. In this
investigation, the support is assumed to be rigid but movable.

Considering the six motions of the rigid support, see Fig. 2, implies deep changes into the energy formu-120

lations of rotor components, such as disc, shaft, mass unbalance distribution and �nally, into the equations of
motion. In what follows, only the main guidelines are given on the derivation of the rotordynamics equations
of motion in bending taking into account the FE method and the e�ect of the base motion. For more details
about the mechanical modelling, the matrices and vectors formulations, readers shall refer to the references
[6�8].125
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Figure 2: On-board rotor - set-up of the di�erent frames of references

The proposed model requires the use of three distinct frames of reference to set-up correctly the equations
of motion. The rotor neutral line de�ections, represented by the non-inertial local frame Rl (xl, yl, zl), are
described with respect to the rigid support, referred to as the non-inertial frame R (x, y, z), as for conven-
tional rotordynamics. The motions of this rigid support are described with respect to the ground, Galilean
or inertial frame, called Rg (xg, yg, zg). The rotor de�ections are therefore always described relatively to the
support motions which makes it easy to integrate any type of bearings. Then, the method to derive the
equations of motion is identical to the one proposed by Lalanne and Ferraris [58], for conventional rotordy-
namics. Once the frames of reference established, the formulation of vectors describing the relative motions

between each others is determined: the instantaneous angular velocity vector −→ω Rg

R and the position vector
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−−→
OgO are needed. These vectors are expressed in Eq. (1), with respect to Rg in R.

−−→
OgO =

x0

y0

z0


R

;−→ω Rg

R =

ωxωy
ωz


R

(1)

where x0, y0, z0 and ωx, ωy, ωz are the positions and the instantaneous angular velocities of the base, described
in Fig. 2. The energies or the virtual work of each component is then calculated: the �exible shaft modelled
Timoshenko beam element, comprising 4-DOFs per node, contributes with its kinetic and strain energies,
the one-node rigid disc element as well as the discrete mass unbalance with their kinetic energies, and the
bearing with the virtual work of its restoring forces. The di�erent contributions of the base are expressed130

in R in motion with respect to Rg. The base motions modify only the kinetic energies.
Once the elementary energies are gathered, they are derived by using the Lagrange's equations:

d

dt

(
∂T

∂δ̇i

)
− ∂T

∂δi
+
∂U

∂δi
= Fδi (2)

with δi a DOF of the system, T and U , the kinetic and strain energies, respectively, and Fδi the external
force applied to the DOF δi. The equations of motion are obtained as follows:

Mδ̈ +
(

ΩCG + ωyC
bm
ωy

)
δ̇ + (K + Ω̇KG + ω̇yK

bm
ω̇y

+ Ω ωyK
bm
Ωωy

+ ωx2Kbm
ωx2

+

ωy2K
bm
ωy2

+ ωz2K
bm
ωz2

+ ωxωzK
bm
ωxωz

)
δ = Fmu + Fbm + Fg + Famb + Fc

(3)

where M , K and CG are respectively the mass, the structural sti�ness and the gyroscopic matrices. The
e�ects of the variable speed of rotation Ω are considered in the sti�ness matrix KG, see Bouziani and Ouelaa135

[13]. The vector δ gathers all the DOFs of the mesh. The superscript bm stands for the base motion e�ects.
The support rotations bring Cbmω ,Kbm

ω , the additional gyroscopic and sti�ness matrices which are responsible
for parametric excitations, leading to potential lateral instabilities. The external force vector Fbm includes
the support translation e�ects combined with rotations, Fmu is the mass unbalance force vector taking into
account the normal centrifugal forces and the tangential e�ects associated with a variable speed of rotation.140

The e�ect of gravity is considered in Fg. The external force vectors Famb and Fc represent the AMBs and
the TDBs contact forces respectively. They are developed in the next section.

The modal superposition method is employed to perform low computational time simulations with a
reduced system of equations while maintaining high reliability. A modal truncation is realised and the �rst
ten mode shapes are chosen in order to reduced the modal equations to be solved. The damping is introduced145

through the modal damping ratio αψ evaluated from experimental modal analysis and the modal damping
matrix Cψ is written as:

Cψ = 2αψ
√
KψMψ (4)

To perform transient simulations using RK5 scheme, the Eq. (3), projected into the modal basis, is
rewritten in its state space form Eq. (5). The subscript ψ stands for matrices and vectors established in the
modal base. For practical reasons, the time dependent and parametric matrices are considered as external150

forces and placed in the second member. {
Ẋ = AX +BU
Y = CX +DU

(5)

where X is the state vector, q is the modal variable vector and A the matrix of the system dynamics, such
as:

X =

{
q
q̇

}
(6)
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A =

[
0 I

−M−1
ψ Kψ −M−1

ψ Cψ

]
(7)

B is the input matrix and U is the input vector comprising the forces applied to the system, such as:

B =

[
0

M−1
ψ

]
(8)

U = −
(

ΩCG,ψ + ωyC
bm
ωy,ψ

)
q̇ − ( Ω̇KG,ψ + ω̇yK

bm
ω̇y,ψ

+

Ω ωyK
bm
Ωωy,ψ

+ ωx2Kbm
ωx2 ,ψ

+ ωy2K
bm
ωy2 ,ψ

+ ωz2K
bm
ωz2 ,ψ

+ ωxωzK
bm
ωxωz,ψ

)
q

+ψt (Fmu + Fbm + Fg + Famb + Fc)

(9)

Finally, C is the output matrix and Y is the output vector comprising the DOFs of interest. The matrix D155

is the feedforward matrix and is zero in this study.

2.2. Active magnetic bearings model

AMBs are used to levitate the rotor and the Fig. 3 recalls all the required electromechanical components,
from the controller to the electromagnet, to generate the attractive magnetic force famb along the action line.
The control current ic is provided by the controller according to the measured rotor relative displacement

PID 

controller

Position

Amplifier

Bias

Current

Amplifier

Rotor

0 ci I i= −

0 ci I i= +

0I

0I

ci−

ci

pu

Lead-lag

filters

Low pass

filter

Augmented PID

ambf

Sensor

x

G

Figure 3: Sketch of AMB supporting the rotor

160

with respect to the centre of AMBs, I0 and up being respectively, the bias current and the coil voltage. The
augmented PID is used for conventional rotordynamics since it remains the most employed in industrial
application, due to its simplicity and robustness. The complete controller transfer function Gco is provided
in Eq. (10), in the Laplace domain.

Gco = Gampl ×Gso ×Gfo ×Gpid (10)

where Gampl, Gso, Gfo and Gpid are respectively the ampli�er, the second order lead-lag �lter, the �rst order
lead-lag �lter and the PID transfer functions. The simplest way to formulate the PID transfer function is:

Gpid (s) = Kp +Kds+
Ki

s
(11)
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The gain Kp is equivalent to the controller sti�ness and is chosen to counteract the inherent negative165

sti�ness of AMBs. Ki is the integral gain, it permits centering the rotor in the bearing. Finally, Kd is the
derivative gain, providing damping and stability into the system on the operating speed range. The �rst
order lag �lter is used to limit the increase of damping generated by the derivative gain. Indeed, a too large
increase of phase on the operating speed range may imply a low sti�ness and di�culty to limit the gain in
higher frequency. Its transfer function Gfo is given by:170

Gfo (s) =
s+ 2πfn
s+ 2πfd

(12)

where fn and fd are the numerator and denominator frequencies which characterized the �lter.
The high frequency modes, outside the operating speed ranges but still comprised in the controller

bandwidth are also damped to avoid spillover e�ect (high frequency instability). Second order lead-lag
�lters are used to this end, and the transfer function is given in Eq. (13). For robustness purpose, the
gyroscopic e�ects on the di�erent rotor modes are taken into account for the application of phase.175

Gso (s) =
s2 + 2ξn (2πfn) s+ (2πfn)

2

s2 + 2ξd (2πfd) s+ (2πfd)
2 (13)

with fn, fd and ξn, ξd, the numerator, denominator �lter frequencies and the damping ratios respectively.
The ampli�er controls the electromagnet by applying the voltage up on the coil, as shown in Fig. 3.

Its transfer function Gampl is described with a �rst order low pass �lter. Then, the electromagnet, used in
di�erential driving mode for more stability, generates an attractive force, called famb, along the action line
which adopts the following formula:180

famb = 4 cosαµ0SN
2

 (I0 − ic)2(
L
µr

+ 2g0 − 2x cosα
)2 −

(I0 + ic)
2(

L
µr

+ 2g0 + 2x cosα
)2

 (14)

with µ0 and µr the vacuum and iron core magnetic permeabilities respectively, S the pole area, N the
number of turns in one coil, g0 the nominal air gap, x the rotor position along the considered action line,
L the average length of the magnetic �ux lines and α the angle between the action line and the line joining
the pole and the rotor centres.

To compensate the base motions, the augmented PID controller may have to generate large control185

currents ic to counteract large rotor displacements x. For this reason, the AMB forces are not linearised as
done usually and the ampli�er saturation e�ects are taken into account.

2.3. Touchdown bearings model

The modelling of TDBs have been extensively developed in the literature, especially in the context of
magnetic levitation loss. As explained by Kärkkäinen et al. [22], the overall rotordynamics prediction of a190

turbomachinery using detailed models, where each rolling element has several DOF, is not necessary. The
modelling approach is inspired by Schmied and Pradetto [18]. Though the ribbon damper has demonstrated
dry friction damping under harmonic forcing, it was shown by Jarroux et al. [23] that a speci�c contact law
using viscous damping could correctly describe the overall transient dynamics and transmitted loads of an
industrial-scale rotor drop. The same modelling approach is employed in this work.195

Rotor-TDB interactions generate a normal contact force fn and an induced friction force µfn in tangential
direction, as shown in Fig. 4. The shaft �rst impacts the coupled ball bearing ribbon damper system in a
series mode. Once the ribbon is completely crushed, it only has a static contribution and the rotor faces
the ball bearing restoring force. The TDB model is characterized by softness, large damping and linear
ball bearing when the ribbon is not crushed, then by high sti�ness, low damping and nonlinear bearing200

when the ribbon is crushed. The rotor-TDB misalignments are considered since they can seriously a�ect
the rotordynamics during contact, as shown by Halminen et al. [59] when analysing rotor drop response.
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Figure 4: Sketch of the touchdown bearing model

The contact problem is solved using the penalty method and the related normal component fn is described
in Eq. (15).

fn (urs) =


fbrg (urs − urd) + cbrgu̇rs + kequrd ;urs ≥ urd

kequrs + cequ̇rs ;urd > urs ≥ 0

0 ;urs < 0

(15)

with urs, u̇rs the rotor-TDB normal relative clearance and its time derivative, in Eq. (16) and (17), where
xr, zr, xs, zs and us are the rotor displacements, the TDB misalignments and the initial clearance respec-
tively.

urs = rrs − us =

√
(xr − xs)2

+ (zr − zs)2 − us (16)

u̇rs =
durs
dt

=
ẋr (xr − xs) + żr (zr − zs)√

(xr − xs)2
+ (zr − zs)2

(17)

with urd the ribbon crushing capacity, keq and ceq the coupled ball bearing ribbon damper dynamic parame-205

ters considered in series mode and computed using the linearised ball bearing kbrg, cbrg. The ribbon damper
has krd, crd as dynamic parameters. The ball bearing restoring force fbrg comes from the force-de�ection
relationship, obtained from analytical results based on [60, 61], as done in Jarroux et al. [23]. As it is
di�cult to predict the depth of penetration, these forces are conserved nonlinear.

The tangential component ft, Eq. (18), applied on the rotor, considers the sliding friction force µ (vs) fn210

generated at the rotor-TDB interface due to di�erent speeds of rotation, vs being the relative rotor-TDB
sliding velocity. The tangential damping ct provided by the ribbon damper counteracting the relative rotor
whirl velocity wrs is also taken into account.

ft (urs) =


µ (vs) fn ;urs ≥ urd

µ (vs) fn − ctwrs ;urd > urs ≥ 0

0 ;urs < 0

(18)

where wrs is the relative whirl speed de�ned by Eq. (19) and where γrs is the relative whirling angle given

8



by Eq. (20).

wrs = rrsγ̇rs =
ẋr (zr − zs)− żr (xr − xs)√

(xr − xs)2
+ (zr − zs)2

(19)

γrs = arctan

(
zr − zs
xr − xs

)
(20)

The sliding friction coe�cient µ (vs) is a polynomial formulation of the regularized Stribeck model, Eq.
(21), used by Nguyen et al. [62].215

µ (vs) =
vs

2vref

 1−
√

1− µdyn

µdry

1 + |vs|
2vrefµdyn

(
1−

√
1− µdyn

µdry

) +
1 +

√
1− µdyn

µdry(
1 + |vs|

2vrefµdyn

(
1−

√
1− µdyn

µdry

))2

 (21)

where µdry, µdyn being respectively the dry and the dynamic friction coe�cient, depending on the value
of the relative sliding velocity vs. vref is a numerical parameter that speci�es the slope of the transition
between two slip states in opposite direction.

In order to avoid discontinuities inherent to linear viscous damping in the contact force, arctangent laws
are employed to regularize the normal fn and the tangential fn components when the relative clearance220

exceeds zero urd > urs ≥ 0 and when it exceeds the ribbon crushing capacity urs ≥ urd.
The TDBs are driven in rotation by the previously described sliding friction forces µ (vs). The modelling

approach assumes a perfect rolling-without-slipping kinematic condition. This assumption seems not too
strong according to Helfert et al. [63]. They analysed with a rapid camera the rotation of the balls of a
cageless TDB during a rotor drop and observed that the balls as well as the inner race reached the shaft225

speed almost at the same time: the sliding between the rolling elements has few in�uence on the time needed
for the TDB to reach the rotor speed of rotation.

The rotational equation of motion is provided by:

JeqΩ̇s + ΦΩs = µ (vs) fnRs −Mf (22)

with Ωs the TDB speed of rotation, Mf the resistive torque based on the Palmgren theory [64], Rs the
inner race radius and Φ the rotational damping used to break the bearing when no more external loads230

are present. Assuming a perfect rolling-without-slipping kinematic condition between balls and races, the
equivalent rotational inertia Jeq, comprising balls and inner race, can be computed.

The complete numerical model is �nally schemed in Fig. 5. Each modelling part developed in this
section is represented by dedicated AMB, support motion and TDB blocks. All the contributions, not
directly related to the rotor structure, are added as second members in the equations of motion. The235

approach is modular and each model can be employed or not in the simulations.

3. Test rig

The base motion experimentations are carried out using a lab-scale rotor-AMB system mounted on a
6-axis shaker.

3.1. Lab-scale rotor-AMB system240

The lab-scale rotor-AMB system, see Fig. 6, is composed of a standard steel rotor with an o� centred
disc and two identical radial AMBs called NDE (Non Driven End) and DE (Driven End) equipped with
TDBs.

The 6.5 kg rotor is made of standard steel. It was designed to have its dynamic behaviour representative
of a high-speed turbomachinery, without any bending modes in the operating speed range and low gyroscopic245

e�ects. The disc, 120 mm in diameter and 25 mm in thickness, is placed at two-third of the bearing span
from the DE side. The rotor dimensions are provided in Fig. 6.
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Figure 6: Lab-scale rotor test rig

The �nite-element rotor model and its �rst three bending mode shapes at rest (�xed support, no speed of
rotation) are sketched in Fig. 7. Table 1 gathers the evolution of the rotor natural frequencies with respect
to the speed of rotation and shows the weak gyroscopic e�ects.250

Table 1: Rotor natural frequencies in bending

Modes 0 rpm (Hz) 15 000 rpm (Backward) (Hz) 15 000 rpm (Forward) (Hz)
Cylindrical 75 75 75
Conical 92 89 94

1 203 194 213
2 581 563 598
3 1 142 1 036 1 260

The rotor is driven by a 500 W electric motor through a �exible coupling, which also plays the role of
axial thrust. The maximum operating speed was set to 9 500 rpm (160 Hz), which includes the �rst two

10



Y (m)

0 0.1 0.2 0.3 0.4 0.5 0.6

Z
(m

)

-0.2

-0.1

0

0.1

0.2
1st bend 2nd bend 3rd bend

Figure 7: The �nite-element rotor model and its �rst three bending mode shapes

suspension modes. The speed of rotation is measured by using a key phasor placed close to the motor.
The AMBs were manufactured by SKF R© and designed in the con�guration load between action line

axes. Each of them has a maximum static capacity of 280 N with an air gaps of 0.432 mm. They are255

powered in di�erential driving mode with a bias current of 1 A. Pulse width modulator (PWM) ampli�ers
control the coil currents, provided in the range of [0-3] A. Two variable reluctance probes, integrated in the
housing of each bearing, measure the rotor displacement. These sensors are non-colocalised with actuators
which is considered in the augmented PID tuning. The AMB characteristics using the previously de�ned
parameters are provided in Tab. 2.260

Table 2: Active magnetic bearings properties

Parameter Value
Angle between the action line and the line joining the pole - α π

8
Pole area - S 233e−6 m2

Number of turns in one coil - N 138
Magnetic air gap - g0 0.432 mm
Average length of the magnetic �ux lines - L 114 mm

The AMBs are controlled with an augmented PID based on Eq. (10) and its complete transfer function
is plotted in Fig. 8. Damping is brought over the operating speed range by applying a positive phase thanks
to the derivative gain combined with a �rst order lag �lter. Concerning high frequency range, the green
rectangles indicate the bending mode positions and their thickness are related to the gyroscopic e�ects.
To avoid spillover instabilities, positive phase is provided in these rectangles using second order lag �lters.265

When a vibration node is placed between the sensor and the actuator, the phase is turned by 180 degrees,
as for the third bending mode, at the NDE side, see Fig. 7.

The rotor-AMB system is equipped with two TDBs which are cageless single row deep groove ball
bearings composed of nitrogen steel races and ceramics balls. They are �tted into the housing through a
ribbon damper, characterized by its sti�ness, damping and dynamic crushing capacity, see Tab. 3.270

3.2. 6-DOF Shaker

To perform base motion tests, the lab-scale rotor-AMB system is �xed on a 6-axis hydraulic shaker of
63 kN, as shown in Fig. 9. It is able to apply various combinations of solicitations along and around the
3 axes (translations and rotations) to a maximum payload of 450 kg in a range [0-250] Hz. A maximum
acceleration of 10 G, ± 50 mm in translation and ± 4 degrees in rotation can be reached.275
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Figure 8: Controller transfer function - augmented PID

Table 3: Touchdown bearing properties

Parameter Value
NDE touchdown bearing measured clearance - usnde 0.1 mm
DE touchdown bearing measured clearance - usde 0.11 mm
Pitch diameter - dm 45.5 mm
Ball diameter - D 4.7 mm
Number of balls - Z 23
Computed ball bearing static capacity - CS 8200 N
Computed ball bearing equivalent inertia - Jeq 1.4e−5 kg.m2

Computed ball bearing sti�ness - kbrg 1.5e8 N.m-1

Estimated ball bearing normal damping - cbrg 4e2 Ns.m-1

Computed ribbon sti�ness - krd 3e6 N.m-1

Estimated ribbon normal damping - crd 1e3 Ns.m-1

Estimated ribbon tangential damping - ct 5e2 Ns.m-1

Estimated ribbon crushing capacity - urd 0.02 mm

13W 13V

24W 24V

x
z

y

CubeZ

CubeY
CubeX

Figure 9: Rotor rig - CubeTM assembly - measuring sensors
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Base motion tests were carried out considering harmonic and impulse test in vertical translation. The
shaker stop was also recorded to analyse the capacity of the AMBs to control the rotor after contact
situations. Base accelerations were recorded in the three directions (Xcube, Ycube, Zcube) using four tri-
axial accelerometers �xed on the shaker. The displacement and current sensors for each action line (V13,
W13, V24, W24), see 9, and the speed of rotation were also recorded. The sampling frequency was set to280

24 756 Hz.

4. System identi�cation

The base excitations is nil. Mass unbalance responses were �rst realised to identify the rotor-AMB
system dynamics and assess the reliability of the numerical model predictions for simple linear test cases.
Rotor drop response at rest were also performed since it is an e�cient method to validate the TDB contact285

model.

4.1. Mass unbalance response

The speed of rotation was slowly increased up to 9 500 rpm with a rate of 50 rpm per seconds. AMBs
are considered linear for these simulations since rotor de�ections are expected to be small. The numerical
and experimental rotor synchronous responses, considering a 17 g.mm mass unbalance located at 0◦ of the290

key phasor top dead centre, are depicted in Fig. 10. Due to the symmetry of the rotor-AMB system the
numerical are identical along V and W axes. Trends are identical in terms of vibration amplitudes and
frequency position of the suspension modes. The deviations revealed at low speed, particularly visible at
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Figure 10: Predicted (dotted lines) vs measured mass unbalance response

DE side, are due to the electrical motor. Between 0 and 2 500 rpm, the motor was not able to produce a
purely constant rotational speed. Investigations of base motion e�ects were then realised above 3 000 rpm.295

4.2. Drop response

The rotor is at rest and initially levitated by the AMBs. At 1 s, the AMBs are shut-down. The results
of the predicted and measured drop responses are provided in Fig. 11.

The transient dynamics seems to be well described and the rotor displacements are comparable. The
measurements demonstrate more damping during this phase and the predicted rebounds are larger at the300
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Figure 11: Predicted (a) vs measured (b) vertical rotor displacements (solid lines) and touchdown bearing clearances (dotted
lines) - drop at rest

NDE side. It is noteworthy that this phase is a�ected especially by the vertical misalignments in�uencing
the height of drop and the rotor trajectory. Once the transient passed, a low damped, small amplitude
harmonic regime associated with the cylindrical mode of the coupled rotor-TDB system sets-up. This low
damping could be due to the nonlinear stick-slip behaviour of ribbon dampers under harmonic loadings, as
shown in Jarroux et al. [23]. Indeed, if the ribbon bumps remain in stuck position due to the too weak305

gravity loads, no slip transition occurs and quite no damping is generated while during the �rst rebounds,
a slip state of the ribbon bumps generated by the larger drop loads could explain larger damping.
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Figure 12: Predicted normal contact loads (a) and force-de�ection loops (b) - drop at rest - [1-1.06]s
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As the measured rotor drop dynamics is quite well described by the model, one can be con�dent on the
predicted TDB contact loads which should be close to the real ones, and might overestimate them. The
drop loads as well as the force-de�ection loops are displayed in Fig. 12. The maximal loads are found at DE310

side with almost 400 N which is far lower from the estimated static load capacity of the TDBs. The peaks
appearing during the �rst rebounds are related to the complete crushing of the ribbon damper, also revealed
by the appearance of the tiny peaks in the force-de�ection loops. The latter demonstrate the large damping
provided by the ribbon during the �rst rebounds characterized by large areas. It is worth mentioning that
when the rotor stabilizes at the bottom of its TDBs, the contact loads at both DE and NDE tend to 33 and315

31 N respectively, which the sum is the rotor weight.
These preliminary tests show the e�ectiveness of the numerical model to reproduce quite accurately the

measures for simple test cases.

5. Support motion investigations - Harmonic tests

The harmonic translation support motion was set to 20 Hz ranging from 0.1 to 1.1 G, see Fig. 13. The
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Figure 13: Measured base vertical acceleration (Zcube) - 0.1 to 1.1 G at 20 Hz

320

frequency was chosen according to the lowest AMB gain in order to easily trigger TDB contacts. Moreover,
it is a representative frequency of earthquake whose energy is mainly comprised in the range [20-30] Hz,
as explained by Matsushita et al. [28]. The targeted acceleration level was applied progressively, during
almost 30 s, to limit overshoots and was then maintained for approximately 40 s to analyse potential onset
of nonlinear dynamic regimes. The rotor speeds of rotation were set to 3 000, 6 000 and 9 500 rpm. For all325

the running tested, the same level of mass unbalance was applied: 32 g.mm at 0 degree that corresponds
to four times the recommended mass unbalance by the API standards. These base motion tests have been
carried out three times and it appeared that the observed phenomena considering the rotordynamics were
repeatable each time. For this reason, only one test is further investigated hereafter.

The accelerations recorded on the shaker, Fig. 13, were implemented into the numerical model.330

5.1. Overall dynamics

This subsection is entirely treated using the case where the rotor is running at 6 000 rpm, the related
observations being identical with respect to the 3 000 and 9 500 rpm cases. Fig. 14 displays the overall
predicted and measured responses in vertical direction. After 10 s, the support motion starts and TDB
contact occurred close to 35 s. The controller seems able to manage the mass unbalance forces combined335

with frame motions and TDB contacts. This is corroborated by the fact that once the shaker stops, the
rotor quickly recovers its centred position. The measured and predicted rotor displacements are larger at
the DE side because the DE controller gain is smaller but also because the centre of inertia is closer to this
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Figure 14: Predicted (a) vs measured (b) vertical rotor displacements (solid lines) and touchdown bearing clearances (dotted
lines) - 6 000 rpm and 1.1 G at 20 Hz

bearing. The predicted normal contact loads are given in Fig. 15(a): they are small in comparison with
those generated during a rotor drop at rest, see Fig. 12. The ribbon damper is not fully crushed: the ball340

bearing, comprising a much higher sti�ness, is lightly loaded. The base motion overshoot e�ects is visible
just after 40 s. TDBs are driven in rotations by the rubbing contacts, as displayed in Fig. 15(b). At the
DE, the touchdown bearing reaches the rotor full speed while at the NDE side, it only reaches 4 000 rpm
preceding by a maximum at 5 000 rpm associated with the overshoot.
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Figure 15: Predicted normal contact loads (a) and touchdown bearing speeds of rotation (b) - 6 000 rpm and 1.1 G at 20 Hz

More detailed rotordynamics are provided in Fig. 16 and 17 where a zoom on three base motions periods345
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is plotted both in vertical and horizontal directions. From a qualitative point of view, the predictions are
close to measurements. The e�ects of contacts are visible in horizontal direction each �ve periods of rotating
speed, which correspond to the base motion frequency. As expected, sliding friction forces are weak and this
is due to small normal contact forces but also to a reduced relative sliding friction coe�cient at the DE,
resulting from the TDB full speed.
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Figure 16: Predicted (a) vs measured (b) vertical rotor displacements (solid lines) and touchdown bearing clearances (dotted
lines) - 6 000 rpm and 1.1 G at 20 Hz - zoom in the range [60.7-60.85]s

350

Predicted and measured top currents plots are given in Fig. 18 for all the action lines. The overall trends
are similar. No ampli�er saturation occurred and the control current remained in its nominal range. AMBs
do not destabilize the rotor in both numerical and experimental results. The e�ects of contact generate high
frequency current content, especially during the bottom rotor-TDB interactions. These e�ects are more
noticeable in the measurements where the generated currents are ampli�ed with respect to predictions, as355

if the controller gain was higher on these frequencies. This could be due to some di�erences between the
numerical and experimental controller transfer functions, especially at the NDE side.

The Fig. 19 depicts the predicted TDB contact loads. It shows that the rotor oscillates due to a
resonance e�ect of the rotor-TDB system. This could explain the high frequency content observed in the
currents provided by the controller. It was di�cult to obtain a value of that frequency since the TDB model360

has a nonlinear behaviour. According to the force-de�ection relationship, the ribbon damper is not fully
crushed, and the generated load remained limited.

Finally, it is shown that when the rotor exceeds the TDB clearance, loads are shared between AMBs and
TDBs and the base motions are mainly counteracted by magnetic forces.

The spectral analysis gives further informations on the rotordynamics. In presence of contacts, nonlinear365

features such as sub-super harmonic responses or chaotic regimes may be highlighted. The time evolution
of the NDE horizontal displacement frequency content is obtained through Short-Time Fourier Transform
(STFT) and results are provided in Fig. 20 and 21, respectively.

The plots are composed of STFT and the average spectra, computed along the time axis. The predicted
and measured results are qualitatively similar. The e�ects of contact are clearly highlighted, close to 30370

s where a wide frequency bandwidth is excited, including the �rst three bending modes located close to
200, 580 and 1 140 Hz. Gyroscopic e�ects split these frequencies into forward and backward whirl modes:
this is visible especially for the second and third bending modes. The level of response of these modes is,
however, small. The full spectrum, usually computed to determine whether the rotor orbit motion frequency
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Figure 17: Predicted (a) vs measured (b) horizontal rotor displacements (solid lines) - 6 000 rpm and 1.1 G at 20 Hz - zoom
in the range [60.7-60.85]s
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Figure 18: Predicted (a) vs measured (b) top currents - 6000 rpm and 1.1 G at 20 Hz - zoom in the range [60.7-60.85]s

components are forward or backward, was not employed here since no particular backward whirl components375

were observed.

5.2. Orbital responses

Orbit plots provide insights onto rotordynamics and permit analysing the combined e�ects of mass
unbalance forces, base motion loads with TDB interactions. Once the requested support acceleration of 1.1
G is reached, this combination can be further analysed.380
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Figure 19: Predicted normal contact loads - 6 000 rpm and 1.1 G at 20 Hz - zoom in the range [60.7-60.85]s
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Figure 20: Predicted NDE STFT and average spectrum in horizontal direction - 6 000 rpm and 1.1 G at 20 Hz

The predicted and measured orbits of the rotor subjected to 1.1 G base acceleration are respectively
plotted in Fig. 22, 23 and 24 running at 3 000, 6 000 and 9 500 rpm. These plots are obtained based on ten
base motion periods.

The rotor orbits are �attened at the bottom and the top by the TDB interactions and speci�c periodicities
can be observed.385

Driot et al. [6] showed that when the ratio n between the base rotation frequency ω and the speed of
rotation Ω was a rational number, periodic orbits were found and while when it was a ordinary one, they
were quasi-periodic. This conclusion may be extended for the translation case since typical combinations of
foundation motions and mass unbalance forces are exhibited. In this case, the TDB contacts do not change
these periodicities.390

This can be demonstrated by the Eq. (23).

ω =
β

χ
Ω = nΩ (23)

where β and χ are integers. When Ω equals 3 000 rpm and 6 000 rpm, orbits are periodic and the ratio n
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Figure 21: Measured NDE STFT and average spectrum in horizontal direction - 6 000 rpm and 1.1 G at 20 Hz
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Figure 22: Predicted (a) vs measured (b) rotor orbits (solid lines) and touchdown bearing clearances (dotted lines) - 3 000 rpm
and 1.1 G at 20 Hz

is a rational whereas when Ω equals 9 500 rpm, orbits are quasi-periodic and n becomes an ordinary. Table
4 summarizes these results.

Table 4: Rotor orbit periodicities

3 000 rpm 6 000 rpm 9 500 rpm
β 2 1 20
χ 5 5 158
n rational rational ordinary

Orbit type periodic periodic quasi-periodic

Orbit plots exhibit mainly forward whirl indicating low sliding friction e�ects. As previously explained,395
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Figure 23: Predicted (a) vs measured (b) rotor orbits (solid lines) and touchdown bearing clearances (dotted lines) - 6 000 rpm
and 1.1 G at 20 Hz
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Figure 24: Predicted (a) vs measured (b) rotor orbits (solid lines) and touchdown bearing clearances (dotted lines) - 9 500 rpm
and 1.1 G at 20 Hz

this could be the consequence of weak normal contact loads, since base motions are mainly counteracted by
AMBs, but also of weak rotor-TDB relative sliding velocities. Indeed, as the latter are driven in rotation by
the friction forces produced by intermittent contacts, they quickly reach the rotor speed of rotation.
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6. Support motion investigations - Impulse tests

The impulse tests were also carried out in vertical direction. The shock lasted 0.02 s (50 Hz) and increased400

from 0.5 to the set value of 3.1 G. Once the acceleration set level reached, ten shocks were repeated each
second as shown in Fig. 25. The applied mass unbalance was the same according to harmonic tests, 32
g.mm at 0 degree. The rotor speed of rotation was set to 9 500 rpm. As for the harmonic case, these base
motion tests have been carried out three times and it appeared that the observed phenomena considering
the rotordynamics were repeatable each time. For this reason, only one test is further investigated hereafter.405

The accelerations recorded on the shaker, see Fig. 25, were implemented into the numerical model.
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Figure 25: Measured repeated shocks of the base (Zcube) - 3.1 G at 50 Hz

6.1. Overall dynamics

From an overall point of view, the rotor response predictions and measurements in vertical direction look
in agreement, as displayed in Fig. 26.

The measured displacements are larger than the predicted, and this is visible especially during the �rst410

shocks. No dangerous friction-induced vibration regimes are triggered and the rotor is quickly centred
after each shock without generating established instabilities. As for harmonic cases, the currents remain in
reasonable range (less than 2.2 A) for both measures and predictions up to 3.1 G.

The predicted normal contact loads are given in Fig. 27(a). The maximum values reach almost 600 N
and 320 N at DE and NDE, respectively, and are related to the maximal acceleration level. During contact,415

the TDBs are driven in rotation but never reach the rotor full speed as shown in Fig. 27(b). The rotor-TDB
relative sliding velocity is then always large and the dynamic friction coe�cient is expressed.

Figure 28 displays results during one impulse. The acceleration pro�le is also plotted in green: the
related values have no physical meanings, the maximum value being 3.1 G. Numerical and experimental
results are close during the �rst phase of the shock, related to the maximum acceleration level, between420

the point 1 and 2 on the Fig. 28. Then, the measured rotor rebounds show that for one base shock, three
successive contacts are generated while two are predicted.

6.2. Sliding friction e�ects

The TDB contact loads are rather large with respect to the drop or the harmonic response. Moreover,
the sliding friction e�ects are more expected to occur since TDB never reach the rotor full speed. This425
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Figure 26: Predicted (a) vs measured (b) vertical rotor displacements (solid lines) and touchdown bearing clearances (dotted
lines) - 9 500 rpm and 3.1 G at 50 Hz

Time (s)

0 10 20 30

F
o
rc

e
(N

)

0

100

200

300

400

500

600

700
DE
NDE

(a)

Time (s)

0 10 20 30 40

R
o
ta

ti
o
n
a
l
sp

ee
d

(r
p
m

)

0

1000

2000

3000

4000
DE
NDE

(b)

Figure 27: Predicted normal contact loads (a) and touchdown bearings speed of rotation (b) - 9 500 rpm and 3.1 G at 50 Hz

subsection is devoted to the analysis of the tangential friction force e�ects on the rotordynamics throughout
the duration of the �rst contact, located at the bottom of the TDBs. The related range in time domain are
set between the instants 1 and 2, in Fig. 28. The predicted and measured orbits on that particular range
are given in Fig. 29.

The initial forward whirl response, indicated by the black arrow, is induced by the mass unbalance forces.430

As observed in the time domain, the �rst contact is described well by the numerical model, at both DE and
NDE sides, in terms of height and direction of rebound. The blue and red arrows indicate the instantaneous
rotor whirl directions at the DE and NDE sides, respectively. Sliding friction e�ects are clearly visible in
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Figure 28: Predicted (a) vs measured (b) vertical rotor displacements (solid lines), touchdown bearing clearances (dotted lines)
and acceleration pro�le (green lines) - 9 500 rpm and 3.1 G at 50 Hz - zoom on one shock
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Figure 29: Predicted (a) vs measured (b) rotor orbits - 9 500 rpm and 3.1 G at 50 Hz - between the instants 1 and 2 in Figure
28

Fig. 29 since orbit has backward whirl during the contact.

6.3. Fleeting instabilities435

This subsection provides further insights into particular phenomena observed during impulse tests. It
is shown, in Fig. 28, that the second measured rotor rebound, located at the top of TDBs, seemed more
violent than the predicted one while the normal contact loads should logically be smaller. The orbit responses
between the instants 1 and 3 are given in Fig. 30 with a measured ��eeting event� during the top contact.
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Figure 30: Predicted (a) vs measured (b) rotor orbits - 9 500 rpm and 3.1 G at 50 Hz - between the instants 1 and 3 in Fig. 28

To understand this phenomenon, each of the bottom and top contacts (green rectangle) are analysed440

by means of orbit plots superimposed with the AMB force vectors. Indeed, the predicted and measured
coil currents permit the computation of the applied magnetic forces, given at each time step by blue and
purple arrows for the DE and NDE AMBs respectively. The rotor trajectory, or instantaneous whirl, is
represented by black arrows, numbered in chronological order, from 1 to 5 and speci�cally at the DE side
since trends are identical at the NDE side. This permits analysing the capacity of AMB to counteract TDB445

forces throughout the duration of contact. The predicted and measured bottom contacts are depicted in
Fig. 31. As previously shown, the rotor trajectory is qualitatively well described by the model. In both
measures and predictions, the magnetic forces counteract the e�ects of base motion and TDB contact. After
the rebound, the rotor is pushed to recover its centred position.

A zoom on the top contact is provided in Fig. 32. It seems that during a short period, the measured450

magnetic forces at DE side push the rotor in backward direction between the arrows 3 and 4, but not in the
predictions. This could be due to negative damping provided by the experimental AMB transfer function or
to the controller delay to apply the instruction. Obviously, tangential forces induced by friction contributes
also to this backward whirl motion. However, the predicted contact loads, especially the tangential ones,
are supposed to be small during the top contact.455

Just after this event, the rotor is quickly recentred by the AMBs and no established instabilities are
triggered.

7. Outcomes and discussions

The test con�gurations were chosen to be representative of high speed industrial turbomachinery where
the rotor has no bending modes in the operating speed range and the PID controller was tuned for con-460

ventional rotordynamics. The numerical and experimental investigations for harmonic and impulse tests in
vertical direction were conducted:

• Considering harmonic tests, TDB contact generates the rotor displacements �attening and rich fre-
quency responses comprising many superharmonics of the fundamental base motion frequency and
modal content. The restoring magnetic forces generated by actuators remain in an acceptable linear465

range. No ampli�er saturations were noticed. The rotor-TDB coupled modes are excited throughout
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Figure 31: Predicted (a) vs measured (b) rotor orbits and AMB forces during the bottom TDB contact - 9 500 rpm and 3.1 G
at 50 Hz - between the instants 1 and 2 in Fig. 28
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Figure 32: Predicted (a) vs measured (b) rotor orbits and AMB forces during the top TDB contact - 9 500 rpm and 3.1 G at
50 Hz - between the instants 1 and 2 in Fig. 28

the duration of each contact. Even if the PID controller was tuned without considering these particu-
lar frequencies, the rotor-AMB controller remains globally stable in both numerical and experimental
tests. The rubbing contacts did not triggered dry whip instabilities in both experimental and numer-
ical results. It seems that the TDBs are driven in rotation reaching the rotor rotational speed during470

harmonic tests: tangential friction e�ects are limited. Moreover, the acceleration level did not generate
large contact loads.

• Considering impulse tests, the sliding friction e�ects are more visible. On the one hand, because the
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acceleration levels tested were higher and on the other hand, because the TDBs are not driven in
rotation up to the rotor speed. The sliding friction was then higher than for harmonic cases. At the475

bottom contact, short periods of backward whirl were exhibited both in predictions and measures with
similar amplitude. The rotor was then quickly recentred. At the top contact, some �eeting instabilities
were recorded experimentally. The latter are most likely to be triggered by AMBs since during a short
period, AMBs pushed the rotor in the sens of its trajectory. These instabilities failed to settle and the
rotor was always quickly recentred just after.480

• For all these analyses, no AMB nonlinearity was exhibited, in both predictions and measures, whether
ampli�er saturation or strong magnetic force nonlinearity. This is mainly due to the fact that TDB
contacts prevent actuator nonlinearities emergences. It should be mentioned that the TDB over AMB
clearances ratio is close to 0.25 which is smaller than industrial values, closer to 0.5, making the
nonlinearities of the actuator restoring forces more relevant.485

Phenomena associated with rotor-TDB interactions are sensitive to contact parameters such as clearance,
misalignments, damping and sti�ness, sliding friction, boundary conditions, etc. On the other hand, rotor-
AMB systems are also sensitive to the electromagnetic forces driven by the controller. The combination
of both these phenomena is complex and several discrepancies were noticed when comparing predicted and
measured results:490

• The �eeting events observed during impulse tests were not predicted by the model. A slight di�erence
between the numerical and the experimental AMB transfer function, not plotted in this article, was
noticed. The identi�cation procedure carried-out revealed that the ampli�er was the most probable
source of discrepancies.

• The measured rotor-TDB clearance was not exactly the provided one. Several assumptions can ex-495

plain these di�erences: manufacturing issues, the uncertainties of TDB internal clearance and ribbon
parameters, the ribbon elastoplastic behaviour (dry-friction during the crush).

• Measured orbits at both DE and NDE sides are not perfectly vertical and are symmetrically tilted
with respect to the vertical axis. This is probably due to the assembly, introducing a twist between the
DE and NDE AMBs. Therefore, the base motion in vertical direction appears to be slightly inclined500

in the DE and NDE AMB sensors.

8. Conclusions

The aim of this research work was to provide further insights into the understanding of the dynamic
behaviour of embedded rotor-AMB systems and to carried out an experimental validation of the proposed
model. The e�ects of base motions, involving TDB interactions, on the system dynamics and on AMBs were505

of particular interest.
The developed numerical model permits performing nonlinear and transient simulations in order to

understand phenomena and to have a reliable tool enabling the optimization of the system performance. It
comprises an on-board rotor, active magnetic bearings (augmented PID controller and nonlinear actuator
forces) and touchdown bearings (contact law and rotational dynamics). A lab-scale test rig, designed to be510

representative of industrial turbomachinery, was employed to perform harmonic and impulse testings. The
control strategy was not speci�cally tuned to withstand bases excitations.

Harmonic base excitation demonstrate periodic or quasi-periodic orbits depending on the ratio between
the base motion and the speed of rotation. Rotor orbit shapes are �attened by TDB interactions. Forward
whirls were exhibited and no dry whip instabilities were noticed. Considering impulse excitations, short515

periods of backward whirl induced by TDB rubbing contacts were observed. The restoring magnetic forces
generated by actuators remained in an acceptable linear range and no ampli�er saturations were exhibited.
Even if the PID controller was tuned without considering this particular excitation, it remained mostly
stable in both numerical and experimental tests.
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The model was able to reproduce the overall dynamics and the main observed phenomena which provides520

con�dence considering the prediction of the dynamic behaviour of on-board industrial turbomachinery. In
particular, this model will be use to conduct further investigations regarding the in�uence of TDBs, AMBs
and mass unbalance parameters on the rotordynamics. The aim will be to extend the understanding of
phenomena, to analyse the system sensitivity to parameter changes and to provide e�cient design solutions
to avoid dangerous dynamics, such as dry-whip.525
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