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Abstract. During operation mechanical structures can experience large vibration amplitudes. One of
the challenges encountered in gas-turbine blade design is avoiding high-cycle fatigue failure usually
caused by large resonance stresses driven by aeroelastic excitation. A common approach to control
the amplitude levels relies on increasing friction damping by incorporating underplatform dampers
(UPD). An accurate prediction of the dynamics of a blade-damper system is quite challenging, due to
the highly nonlinear nature of the friction interfaces and detailed validation is required to ensure that
a good modelling approach is selected. To support the validation process, a newly developed experi-
mental damper rig will be presented, based on a set of newly introduced non-dimensional parameters
that ensure a similar dynamic behaviour of the test rig to a real turbine blade-damper system. An ini-
tial experimental investigation highlighted the sensitivity of the measured response with regards to
settling and running in of the damper, and further measurements identified a strong dependence of the
nonlinear behaviour to localised damper motion. Numerical simulations of the damper rig with a sim-
ple macroslip damper model were performed during the preliminary design, and a comparison to the
measured data highlighted the ability of the basic implicit model to capture the resonance frequencies
of the system accurately.

Introduction

One of the main problems encountered in turbine blade design is avoiding high-cycle fatigue
caused by large resonance stresses [1]. Different approaches for lowering the amplitude levels and the
stresses in a turbine are available, one of the most common relying on energy dissipation at dry friction
contacts of the blade. This energy dissipation can reduce the vibration amplitude significantly, but it
also leads to shifts in the resonance frequencies of the bladed disk. Dry friction can occur in various
locations in a blade (root, shrouds etc.), however the most effective practical solution is an underplat-
form damper [2]. The underplatform damper consists of a metal device which sits in a groove on the
underside of the platform between adjacent blades, and it is kept in place and loaded by the centrifu-
gal force (see Fig. 1). When the blades vibrate, the relative motion between the blades and the damper
leads to friction in the contact interface, which in turn provides energy dissipation and damping to the
system.

The dynamics of a bladed disk assembly, with underplatform dampers, is governed by nonlin-
ear differential equations [3—5]. Many studies on damper modelling have been conducted in the past
[6—13], but despite all the research efforts, there is still not a standardised approach for the analysis.
For this study initially, the blade was modelled as a single degree of freedom system [7, 14], followed
by multi-degrees of freedom models with some kinematic hypothesis on the damper motion (eg. par-
allel platform and damper surfaces during motion) [8, 10, 15]. More recently detailed full 3D models
were introduced to more accurately capture the damper motion [11]. The modelling approaches de-
veloped must be validated against experimental data to ensure the correct prediction of the nonlinear
behaviour. The most common experimental set-up is a double beam with platforms and a damper fit-
ted in between with centrifugal load provided via wires [10, 16, 17]. A complete rotating blisk with



cottage-roof dampers has also been tested [ 18] allowing full engine order excitation. A full not rotating
blisk has recently been developed by Berruti et al. [19,20] overcoming the lack of symmetry in the
double beam set up. Test rigs based on blisks can better mimic the effect of dampers on a real turbine
stage, but the inevitable mistuning introduced due to the manufacturing and the asymmetries in the
loading of the dampers makes the analysis more complicated. Most of these rigs focused on capturing
the nonlinear effect correctly, but did not consider a realistic blade-platform motion in great detail.

To overcome these difficulties a new experimental underplatform damper rig is presented in this
paper, which follows the scheme of previously developed rigs [10,16] with two pseudo-blades and one
damper. However the geometry has been tuned to allow a more realistic damper motion and a similar
friction damping on the blade dynamics. For this purpose, a set of non-dimensional parameters partly
new and partly selected from literature, has been used. Nonlinear simulations with an implicit damper
model [21] have been performed to support the design and a study on their abilities to capture the
experimental FRFs of the introduced test rig will be presented.

UPD rig development

Rig concept. The underplatform damper (UPD) test rig is an experimental set up that allows the
effect of UPDs on blade like structures to be evaluated. A static rig design was chosen, to isolate the
effect of the damper on the dynamics from the mistuning effect and to create a simplified experimental
set up. The basic concept of the rig can be seen in Fig. 1. Two pseudo beam like blades are fixed on a
common base, which simulates a rigid disk. The damper is a wedge type, [10], which has a triangular
cross section with a characteristic angle. Unlike a real high pressure turbine blade (HPT), the aerofoil is
substituted by a straight rectangular cross-section beam, given the similar vibration modes of the beam
like blade to a real blade. These simplifications may lead to a different nonlinear dynamic behaviour,
and for this reason, it is important to tune the geometry to minimise this difference.
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Fig. 1: Basic concept of the UPD rig

Non-dimensional parameters. In order to make the design of the test rig as realistic as possible, it
is necessary to tune the geometry to reflect the dynamics of real blades. For this purpose a set of non-
dimensional design parameters (Table 1) characterising the main aspects of the dynamic behaviour of
a turbine blade has been introduced. These parameters, in part selected from the literature [10, 14,22]
and in part newly defined, are:

A) The force ratio [14] of the centrifugal load over the excitation force controls the regime in which
the damper is operating. At a low ratio, the excitation force is predominant and the damper is
in “slip” condition, whereas at very high levels the damper is in full stuck condition. During the
measurement this parameter can be varied by modifying the damper pull load or the shaker force.
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Table 1: Non-dimensional parameters.

Description Expression
CF
A Force ratio
) FEZ'C
02
B) Acceleration ratio T_z
aw
O) Displacement ratio Up
Uy
D) Platform displacement ratio Up
Up
E) Frequency shift wd
wu
E ri
F) Energy ratio f
Etot
) o
G) Contact strain T

The acceleration ratio, in a real engine, represents the ratio between the centrifugal acceleration
of the damper, due to the rotational speed, and the acceleration of the blade platform projected
along the same direction. This parameter controls whether the damper separates from the platform
when the damper acceleration is exceeded by the platform acceleration. In the simplified test rig
the damper maximum acceleration is governed by the flexibility of the wire-pulley system.

The displacement ratio [22] is the ratio between the horizontal displacement of the platform and
the horizontal displacement of the blade tip in the first flexural mode of the blade. Higher values
cause more relative motion at the damper interface leading to more energy dissipated. It allows
similar mode shapes between the real blade and the test rig.

The platform displacement ratio is the ratio between the horizontal and vertical displacement of
the platform. This parameter influences the kinematics of the damper during a vibration cycle and
ensures realistic damper motions.

The frequency shift [10] indicates the change in frequency caused by the damper compared to
the baseline configuration (no damper) . The damper causes a stiffening of the system due to the
coupling of the blades which depends on the load, on the mode considered, and on the platform
and damper geometry. It will ensure that the chosen design leads to realistic frequency shifts.

The energy ratio considers the energy dissipated by the friction damping and the energy dissi-
pated due to the material hysteresis. It quantifies the contribution of the damper to the total energy
dissipation in the dynamic system.

The contact strain is the ratio between the contact pressure and the Young’s modulus of the material
used at the interface. Keeping it similar to a real blade allows the rig to reproduce a similar pressure
distribution and similar wear behaviour.



Design features and measurement set-up. The design process of the UPD test rig was driven by
the above mentioned parameters and by minimising external factors that would affect the quality of the
nonlinear measurements. The geometry of the blade was defined and optimised using linear FE and
nonlinear dynamic analysis, leading to the final design shown in Fig. 2. In particular, the beam length
relative to the platform height was adjusted in order to match the displacement ratio and frequency shift
of a real blade. In addition, the platform displacement ratio was directly influenced by changing the
platform width. The correct contact strain at the blade-platform interface was reached by adjusting the
damper dimensions. The centrifugal force, which the damper experiences in a real engine, is simulated
with a pulley system and a set of variable weights. In order to have a correct acceleration ratio (defined
above) to control damper separation and clapping, the stiffness K of the stainless steel pulling wire is
chosen to satisfy the following relation:

E,A

K, = ] > mw? (1)

where K, is the stiffness of the wire, F,, is the equivalent Young’s modulus of the wire, A is the
nominal cross section area of the wire, 1 is the free length between the damper and the first pulley,
m is the mass of the damper and w is the vibration frequency of the blades. It must be noted that
the equivalent Young’s modulus E is not constant and it increases with the load, since the strands of
the wire tend to get closer. The energy parameter, newly introduced here, is affected by all the other
parameters, and reasonable values can be achieved only after some design iterations. Compared to a
real HPT blade, the fir-tree attachment used to connect the blade to the disk is removed in order to
minimise the number of friction joints and focus the non linear rig dynamics on the damper effects
alone. The correct alignment between two consecutive platforms, which guarantees a symmetrical
loading of the damper, is ensured by a shim between the two blocks (see Fig. 2). The test rig was
manufactured to the defined design and the blades were then clamped tightly to a 2 tons inertia block
via a newly developed hydraulic vice capable of 200 kN clamping force. The measurement set up can
be seen in Fig. 2. The excitation is provided by an electrodynamic shaker, attached below the platform,
and the response is measured with two non-contact laser doppler vibrometers (LDV) focused near the
tip of each blade.

Fig. 2: Rig design and lab set-up ©Rolls-Royce plc.



Measurements

Rig set-up assessment. When evaluating the non linear dynamic response caused by friction
damping, it is very important that the underlying dynamic system without a damper is linear and
the nonlinearities introduced by the clamping are minimal [23,24]. For this reason, frequency sweeps
of the rig without the damper at increasing clamping forces have been performed, and the modal pa-
rameters were extracted (Fig. 3a) to obtain an understanding of the damping performance.
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Fig. 3: Clamping effect on the 1F modal parameters a) Resonance frequency b) Loss factor

Both loss factor and resonance frequency show some small variations at low clamping forces but
seem to converge above 30 kN. The small influence of the clamp on the dynamics is confirmed by
the values of the loss factor which are below 0.1 %, which is very close to the free-free configuration
of the blade. In order to evaluate the nonlinear behaviour of the rig at a given force ratio, which
should guarantee a constant response as suggested in the literature [7, 14, 17], various FRFs have been
measured over a wide range of damper loads, each time adjusting the harmonic excitation to maintain
the same force ratio. In this condition, the FRFs should be similar, since similar levels of nonlinearities
are triggered, however, our findings (Fig. 4) show a clear change in the resonance frequency at low
damper load. A possible explanation could be an inaccurate settling of the damper, leading to a non
uniform contact at the interface. When the damper load exceeds 700 N the resonance frequency of the
first mode stabilises, providing a minimum loading condition for the subsequent tests.
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Fig. 4: FRFs at constant force ratio and variable damper load



Non-linear measurements. The initial nonlinear measurements focussed on the first flexural
mode (1F), as it normally leads to the highest alternating stresses near the blade root. The double
blade configuration of the rig leads to an in phase (IP) and out of phase (OoP) 1F mode, whereas in a
real engine, the inter blade phase angle (phase between two consecutive blades) will be between these
two extreme values depending on the nodal diameter excited. The pulling load for the damper was
kept at a high level (960 N) to ensure a good conformity at the contact interface. A stepped sine test
with a Data Physics SignalCalc ACE card was performed around each resonance at various levels of
excitation, from 0.01 N to 17 N. A feedback control kept the excitation force constant throughout the
sweep, which guarantees that the nonlinear behaviour is activated every time in a similar way.
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Fig. 5: Experimental FRFs at various excitation forces and constant damper load (960 N)

The out of phase mode (OOP) in Fig. 5a shows a significant amplitude reduction from the nearly
linear case (C'F'/ F.,. = 10000 ) increasing the excitation force. This could be explained by the strong
contribution of the local microslip on the energy dissipation mechanism as, even at low excitation
levels, when the macroslip is not triggered, the damper is still effective. A very slight frequency shift
can also be observed (less than 1%) from the linear to the more damped measurements.

The in phase mode (Fig. 5b), shows a slightly lower amplitude reduction, and in addition large
jumps appear at low force ratios due to the strong nonlinear softening in the system. Different maxima
are reached when the sweep direction is changed, as the position of the jump, on the two stable FRF
branches, shifts. The strong softening effect observed in the in phase FRFs (see Fig. 5b) has a signif-
icant impact on the blade dynamics, as it causes large shifts in the resonance frequency compared to
the linear case. A possible explanation could be based on the tendency of the damper to roll in the IP
mode [10, 17], which can reduce the damper-platform contact area at higher amplitudes, leading to a
softer system. In particular, the contact on the platform which is lifting tends to shift down close to
the lower edge and the contact on the platform which is lowering tends to move up close to the upper
edge.

To confirm the previous assumption on the damper motion, a local measurement of the damper
kinematics has been performed for the IP and OOP modes. Two LDV single-point lasers were directed
by two mirrors to the bottom corners of the damper as shown in Fig. 6a similarly to the set up shown
in [17]. It can be seen that for the [P mode the corners of the damper are moving out of phase, causing a
rolling motion, whereas the OOP mode shows a pure translation of the damper (Fig. 6b). This confirms
the strong difference in damper motion between the IP and OOP mode, and highlights the significance
on the overall blade behaviour.
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Fig. 6: a) Damper kinematics measurement position, b) Damper motion for the IP and OoP blades
modes

Numerical simulations

Model. A model of the rig was generated in order to help with the understanding of the damper
behaviour and identify possible uncertainties with the rig design. The analysis, conducted in FORSE
(Forced Response SuitE), is based on a multi-harmonic balance solver with a powerful model reduction
technique [25-27]. To allow a fast computation, an implicit model of the wedge damper [21] was used
in this investigation, which consists of a lumped mass at the centre of gravity of the damper, coupled
to the blade platforms by the macroslip friction elements as shown in Fig. 7.

load

Fig. 7: Cottage-roof damper model

Normal load variation, including separation of the contact interface is considered in the model,
as well as the tangential friction forces, responsible for the stick-slip transitions. The interface pa-
rameters required for the contact model are the friction coefficient i, and the normal and tangential
contact stiffness kn and kt. No limiting hypothesis is made on the damper motion, which is calculated
instead iteratively as a result of the coupled blade-damper dynamic problem. The element allows for
3D translational motion, but no rotating DOFs are considered.

For the analysis, a detailed FE model of the UPD rig was created, and updated to accurately rep-
resent the dynamics of the linear rig without a damper. Great care was taken to identify the correct
interface parameters for the nonlinear element, as they can significantly influence the results [28].
Measured values for the tangential and normal contact stiffness and the friction coefficient (1 = 0.6)
were used to ensure a realistic model [29,30]. The UPD element is connected to a central node at the
contact interface of the linear FE model and the contact area of each damper side must be specified.



The initial static normal load N; and N, for each side of the damper is calculated by taking friction
into account [21]:

1 F
2 (cos(a) + psin(a))

Ny =N, = )

where F' is the radial force due to the CF loading and « is the damper angle.

For the multiharmonic analysis, the first three harmonics were included in the Fourier series, as it
has been shown that this allowed the most significant nonlinear phenomena to be accurately captured
[28] in most cases. Modal damping extracted from a single blade test was used as baseline material
damping (¢ = 0.05%). The position of the sinusoidal excitation and the location of the output response
was chosen to coincide with the experiment (see Fig. 2).

Results. The plot in Fig. 8a shows a numerical FRF for the IP (left peak) and OOP (right peak)
first flexural mode at the lowest excitation level ( force ratio = 10000). At this level, both friction
contact elements at the two sides of the damper are stuck, and therefore, no energy dissipation occurs.
The magnitude of the OOP mode is close to the measurements in the linear case, however the IP mode
results in much higher amplitudes, indicating a possible dissipation in the test rig even at very low
amplitudes, which is not captured correctly with the implicit damper model. A possible explanation
for this could be the detected rolling motion of the damper in the IP mode, which can not be described
by the basic UPD model. The shifted resonance frequencies are close to the measured ones, with the
IP mode about 3% higher, and the OOP about 5% lower, which highlights the capability of the element
to introduce the correct stiffness between the two blades.
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Fig. 8:a)IP (left) and OoP (right) linear simulation, b) OoP Numerical NL simulation and experiments

The nonlinear analysis was focused on the OOP mode due to the difficulty of this modelling ap-
proach to capture the IP mode correctly. The amplitude reduction caused by the friction dampers was
one of the main design concerns during the initial investigation, and it can be used to evaluate the
accuracy of the modelling approach. Fig. 8b shows the peak magnitude of the receptance for the OOP
mode at different excitation levels, both experimental and numerical. In the experimental curves, a
drop in peak amplitude can be observed, even at very low force levels, indicating unexpected energy
dissipation. The model, based on the measured contact interface parameters, is unable to correctly cap-
ture this initial drop, but it tends to get closer to the experimental amplitudes at higher excitation levels.
This difference may indicate that microslip phenomena are taking place at the contact interface, which
can not be captured with the basic macroslip model, leading to incorrect amplitude predictions at very
low excitation levels. To better capture the contribution of the microslip with a macroslip model, the



friction contact parameters were adjusted to achieve a better match at lower amplitudes as suggested
in [31]. With a friction coefficient of 4 = 0.2, much better results were obtained at high excitation
levels (see Fig. 8b), but still some discrepancies were observed for lower excitation levels. A further
decrease in the friction coefficient to a very low value of 1 = 0.05 helped to get a good match in the
low excitation zone, however it overestimates the damping effect at higher forcing levels. For these
reasons, a simple macroslip UPD element is a very helpful tool during preliminary design stages to
capture the shifts in frequencies in the model, but care needs to be taken in the prediction of the re-
sulting amplitudes, due to its intrinsic inability to correctly capture microslip phenomena. Tuning the
friction coefficient could improve the results, however it is hard to find an optimal value for a wide
range of excitation forces. In addition, the IP mode dynamics, which seems to be strongly influenced
by the rotation of the damper, can not be captured correctly by this simple implicit damper model.

Conclusions

A new static underplatform damper test rig, made of two pseudo blades has been designed and com-
missioned. A set of non-dimensional parameters has been suggested to ensure a dynamic behaviour
of the test rig with realistic loading, displacement and stiffness characteristics. During commission-
ing of the rig, the settling of the damper was identified as the main issue affecting the quality of the
measurements. Nonlinear measurements were performed for the first bending IP and OOP mode at a
range of forcing levels, to explore the dynamic behaviour of the rig. The OOP mode showed signif-
icant nonlinear damping, whereas the IP mode showed a marked softening effect, which reflects the
influence of the rotation of the damper.

A simple UPD model with two macroslip friction elements was used for the analysis of the real
damper. This approach allowed a fast computation during the preliminary design phase and a com-
parison with the final rig behaviour demonstrated a good representation of the frequency shifts caused
by the damper. However, the macroslip nature of the UPD element did not allow small excitation
amplitudes to be captured accurately, due to an expected presence of microslip in the rig. Using the
friction coefficient as a tuning parameter led to a slightly better damping prediction, but relatively low
values were required, which may not have a physical meaning for a dry friction interface. Due to the
inability of the model to capture the rotation of the damper and its effect on the dynamics, particular
care needs to be taken when evaluating lower nodal diameters of the bladed disks where the dynamic
behaviour of adjacent blades approaches an IP mode. When more accurate predictions are required
over a wide range of force levels, some more advanced modelling approaches that can capture the
microslip phenomena and rotational effects are required.
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