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Abstract

An inverse wavenumber identification tool is used to characterize the vibration behavior of three structures

and meta-structures with different complexity levels: a plane steel panel, a curved thick composite sandwich

shell and a stiffened aluminum aircraft sidewall panel. Bare structures are first studied and then equipped

with spatially distributed small-scale resonators, leading to meta-structures. For the two curved panels, tests

are conducted under diffuse acoustic field and point mechanical excitations.

For each studied case, the effect of the industrially-oriented small-scale resonators is highlighted using fre-

quency and wavenumber analysis, showing general attenuation of the vibration level and even band gaps

occurrence. The complex wavenumber identification allows also estimating the structural loss factor in the

composite sandwich panel, while the multi-modal behavior is captured in the aluminum aircraft sidewall

panel.

Keywords: local resonances, wavenumber, dispersion curves, vibrations control, periodic structures,

meta-structures

1. Introduction

In the aerospace sector, curved shells and axial-symmetric structures are widely used. The presence of

stringers and frames in the longitudinal and circumferential direction of aircraft fuselages lets assume a certain

degree of structural periodicity which, if properly designed, can give some advantages in the vibroacoustic

response.5

Composite materials are more and more used in this sector, to fulfill the requirements of reduced struc-

tural weight and high mechanical performances. The anisotropic behavior and the complexity related to

their composite nature make the development of an analytical theory or of a predictive model very hard

to obtain. The vibro-acoustic response and the dynamical behavior of laminated composite sandwich shells

are of fundamentals relevance for the industry. The identification of the energy propagation, of the waves10
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attenuation, with the related damping informations, and of the waves dispersions characteristics are relevant

aspects to fully describe the vibro-acoustic behavior of a system [1]. Some semi-analytical approaches have

been developed in order to estimate the mechanical properties of sandwich composite structures [2, 3, 4, 5].

These formulations are limited to the low-frequency domain, in which the modes are well defined; in the

mid-high-frequency range, classical analytical approaches do not give a good estimation of the waves disper-15

sion characteristics, due to an high modal density. As alternatives, in a wave propagation framework, for the

parameter identification other methods based on the wavenumber domain (k -space) analysis [6, 7, 8, 9] or

based on the Statistical Energy Analysis (SEA) [10, 11, 12] are introduced.

Some applications of the Prony’s method to the wavenumber analysis of two-dimensional structures have

been proposed [13]. The Prony technique is a means of identifying the constituent complex wavenumbers20

and their corresponding amplitudes in an exponential model of the spatial response. It is a two-steps pro-

cess: the wavenumbers are first found and the amplitudes for these wavenumbers are then obtained from a

linear least-squares fit of the model to the data. A modified extended technique based on Prony method to

estimate the complex wavenumbers is shown in Grosh et al. [14]. Ferguson et al. [15] proposed a technique

to identify the dominant wavenumber in a considered area, using a windowed field of the displacement of the25

structure, computing the correlation between the normal velocity measurement and an harmonic wave-field.

An algorithm for the identification of the complex wavenumber and of the damping loss factor was developed

by Berthaut et al. [8, 9, 16]; the proposed method is called Inhomogeneous Wave Correlation (IWC) method

and it allows to identify the complex flexural wavenumber in the broadband frequency range.

In order to increase the waves attenuation in certain frequency band or to generate some band gaps, peri-30

odic adds-on and locally resonant devices are widely used. The effect of wave propagation in ribs-stiffened

plate structures is investigated in [16, 17], showing the multi-modal behavior in the wavenumber domain, in

terms of uncoupled plate and stringer flexural wavenumbers. A vibroacoustic study of a fluid-loaded ribbed

plate is shown in Maxit [18], where the response is investigated in the wavenumber domain using a discrete

Fourier Transform based approach. A numerical investigation of the IWC method on curved shells and axial-35

symmetric structures is presented in [19], showing a good prediction of the angle-dependent wavenumber at

different excitation frequencies and compared with the Fast Fourier Transform technique. For what concerns

the stop bands behavior of tuned resonators, Claeys et al. [20, 21] have demonstrated their potential use to

reduce the vibrational response of panels, spatially distributing them over the panel surface. An application

of the IWC method on a metamaterial plate with distributed resonators is given by Van Belle et al. [22].40

An experimental investigation on the vibroacoustical response of a cylindrical shell is presented in Williams

et al. [23], where the dominant wavenumbers are well identified in the regions close to the natural frequencies

of the structure. An analysis in the wavenumber domain is used in Photiadis et al. [24] to investigate the

acoustic response of a ribbed shell, demonstrating the dominant flexural behavior in the mid-frequency range.

Photiadis et al. [25] investigated the effect of distributed internal oscillators on the acoustic response of a45

complex ribbed shell, showing their influence in the wavenumber domain compared to the bare configuration.
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The effect of the internal frames on the vibroacoustic response of an aluminum cylinder is performed by

Meyer et al. [26], providing a better understanding of frames’ influence in the wavenumber domain and on

the dispersion curves, mainly based on the numbers and the spatial distribution of the internal frames.

Nateghi et al. [27, 28] have discussed and experimentally validated that by adding locally resonating struc-50

tures to cylindrically curved panels and pipes, improved noise and vibration behavior can be obtained in a

targeted and tunable frequency band. This concept was applied on an aircraft sidewall panel by Droz et al.

[29] , improving the acoustic properties of the panel in the ring frequency region, showing how a smart design

of metamaterial structures can be adopted to improve the vibroacoustic performance.

This work is fully devoted to the experimental identification of the dispersion characteristics of these com-55

plex structures, subjected to either a diffuse acoustic field or a point mechanical excitations. Each considered

structure is first tested alone, and then with the addition of spatially-distributed small-scale resonators. The

method used in this work is an extended version of the IWC method, introducing the effect of the local

dynamics of the resonators and the effect of the acoustic excitation, in presence of periodic adds-on. The

main advantages of this method are the possibility to investigate both in-plane and curved structures, the60

identification of the resonators related band gaps and the use of the experimental measured data, without

any restriction related to an ordered mesh-grid for the acquisition points.

In section 2, an overview of the IWC method is presented and an extended formulation to take in account

the curvature effect is developed. The experimental set-up for each studied case is fully described in section

3, showing how the experimental tests were performed and giving information about the tuning frequencies65

of the resonators. The section 4 is fully devoted to the results discussion; the isotropic steel panel is first

considered, then all the results concerning the curved structures are discussed. A numerical simulation on

an isotropic curved panel is performed to validate the feasibility of the proposed IWC formulation for curved

structures, followed by experimental results on the two considered curved structures for tests.

2. Overview of the Inhomogeneous wave correlation method and new formulation for curvature70

effect

The method developed in this work is derived from the Inhomogeneous Wave Correlation (IWC) method.

The inverse approach here proposed is extended to complex curved structures in presence of periodic elements

and small-scale resonators. The aim of this approach is the complete description of the angle-dependent

dispersion characteristics and the identification of the structural damping information of a vibrating structure,75

using the whole wave field of a vibrating structure as primary input [8, 9, 16, 30, 31]. This method calculates

the correlation between the energy carried on by an inhomogeneous traveling wave and the total energy of

the vibrational field. Considering a plane structure and a plane wave approach, the inhomogeneous wave can

be expressed as follows:

w̃kC,θ(x, y) = exp{−ikC(θ)(x cos θ + y sin θ)} (1)

3



(a)

0 50 100 150 200

Re{k} [rad/m]

0

0.05

0.1

0.15

0.2

0.25

IW
C

 f
u

n
c
ti
o

n

(b)

Figure 1: Schematic representation of the IWC algorithm: vibrational field and propagative plane wave (a) and IWC correlation

function (b)

where θ is the angle of propagation and kC = k< + ik= is the complex wavenumber, which contains both80

propagation and attenuation informations. At each frequency f and for a given direction θ, the unknown

complex wavenumber kC can be identified as the location of the maximum of the normalized correlation

function, denoting the point where the measured signal ŵ correlates best with the inhomogeneous wave

w̃kC,θ(x, y):

I(kC, θ) =

∣∣ ∫∫
Ω
ŵ · w̃∗kC,θ dx dy

∣∣√∫∫
Ω
|ŵ|2 dx dy ·

∫∫
Ω
|w̃kC,θ|2 dx dy

(2)

where * denotes the complex conjugate. Rewriting Eq. 2 in the discrete domain, the integration over the85

entire surface Ω is replaced by a finite weighted sum:

∫∫
Ω

dx dy =⇒
N∑
j=1

hjΩj (3)

where hj is the coherence of the measured signal at each point (hj = 1 if the coherence is not available), Ωj

is an estimation of the surface around the point j and N is the total number of acquisition points. Introducing

Eq. (3) into Eq. (2), the correlation function becomes

I(kC, θ) =

∣∣∑N
j=1 ŵ(xj , yj) · w̃∗kC,θ(xj , yj)hjΩj

∣∣√∑N
j=1|ŵ(xj , yj)|2hjΩj ·

∑N
j=1|w̃kC,θ(xj , yj)|2hjΩj

(4)

The algorithm first puts angle θ into a discrete set of values; for each of these angles, the maximum of90

IWC is located at a value (k<, k=), creating two functions θ → k<(θ) and θ → k=(θ) defined on a set of

discrete values of θ. A schematic representation of the IWC algorithm is shown in Fig. 1.
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Figure 2: Curved structure coordinates system

From the identified structural wavenumber, k, the kx and ky components in the x and y direction are

defined by

kx = k cos θ

ky = k sin θ
(5)

The full complex dispersion relation is calculated by a repetition of the algorithm on the whole frequency95

band of interest.

For point harmonic excitations, the estimate of the decaying part of the wavenumber can be improved by

taking in account the location of the excitation (x0, y0) [22]. The spatially decaying plane wave assumes the

following expression:

w̃kC,θ(x, y) = exp{−ikC(θ)((x− x0) cos θ + (y − y0) sin θ)} (6)

Based on this initial description, a new formulation for curved structures can be derived, which takes in100

account the curvature effect in the IWC formulation. From the notations and the coordinates system shown

in Fig. 2, identifying with R the curvature radius of the structure and with ϕ the angular coordinate, the

following relationships can be derived:

y = R sinϕ ≈ Rϕ and kϕ = Rky (7)

where a small value of the angle ϕ is assumed (this value strictly depends on the discretization resolution).

Substituting these relationships in the expression of the inhomogeneous wave, we obtain:105

w̃kC,θ(x, ϕ) = exp{−ikC(θ)((x− x0) cos θ + (ϕ− ϕ0) sin θ)} (8)

where ϕ0 is the angular position of the excitation point.
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Figure 3: Schematic representation of the resonator (a) and its application on the host structure (b)

Moving from the Cartesian coordinate system to the curved one, Eq. 4 is modified as follows

I(kC, θ) =

∣∣∑N
j=1 ŵ(xj , ϕj) · w̃∗kC,θ(xj , ϕj)hjΩj

∣∣√∑N
j=1|ŵ(xj , ϕj)|2hjΩj ·

∑N
j=1|w̃kC,θ(xj , ϕj)|2hjΩj

(9)

The location of the maximum of the correlation function I(kC, θ) gives the identified complex wavenumber

in the specified direction. When the structure is complex, the correlation function could be characterized

by an absolute maximum and some other local maxima, denoting the presence of different bending waves110

propagating at the same time. Following the evolution of the local maxima, the multi-modal behavior of the

structure can be described, as shown in section 4.3.

3. Experimental methods

Three different structures have been experimentally investigated: an isotropic steel plane panel, a thick

curved composite laminated sandwich panel and a thin aluminum aircraft sidewall panel, including frames115

and stringers. The resonator is schematically represented in Fig. 3; the shape is similar to a cantilever beam,

with a rectangular prism base of dimensions 10 x 10 x 8 mm3 and a magnet glued on the opposite side,

with the possibility to tune it by adding or removing the magnet masses. The resonators are 3D-printed

using polycarbonate polymer, with a total dimensions of 33 x 10 x 8 mm3 and a unit weight of 2.72 g. The

resonator main beam has dimensions 23 x 10 x 4 mm3 and the stiffener element has section of 4 x 3.5 mm. The120

concept of the resonators and their feasibility in reducing the bending wavenumber was demonstrated in [32].

The same concept was used in [29], in which they were also tested on the aluminum aircraft sidewall panel

considered in the present work, with the aim to improve the sound insulation properties of the considered

structure. A schematic representation of the resonator and its application on the host structure are shown

125        in Fig. 3. A uniform distribution of the resonators on the surface of the structures is chosen to avoid any

local and/or directional effect.

3.1. Isotropic plate

An isotropic steel plate of dimensions 0.95 m x 0.6 m and thickness of 2 mm is considered. The host

structure has a total weight of 9 kg, approximatively. To simulate free boundary conditions, the structure

was suspended at three points along the longer edge using Polylactic Acid filaments. The plate was excited130

by a point mechanical force using a Brüel & Kjær shaker attached to the host structure using an impedance
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Figure 4: Set-up of the steel plate with distributed resonators

head (Fig. 4). The out of plane vibrational field was acquired using a Polytec PSV-500 Scanning Vibrometer.

An acquisition window of 0.92 m x 0.56 m was scanned, using a mesh of 60 x 24 along length and width,

respectively, with a total number of 1440 acquisition points. The bare structure was first tested, and then

the effect of distributed resonators tuned at frequencies of 800 Hz and 1400 Hz were successively tested. The135

resonators frequency being adjusted with varying tuning masses, the added weight was different for the two 

considered frequencies. For the first one (800 Hz), the added weight from the resonators represented 2.5% of 

the total panel weight, while for the second one (1400 Hz), the panel weight was increased by 1.5%.

The shaker and the resonators were mounted on the rear surface of the host structure while the front

one was scanned by the Laser Doppler Velocimeter system. The excitation was generated using a white140

noise signal from 100 Hz to 2000 Hz. A schematic representation of the distributed resonators and of the

experimental set-up is shown in Fig. 4.

3.2. Curved composite sandwich panel

The composite panel dimensions are 1.54 m x 1.62 m, with a curvature radius approximatively of 0.97 m,

and thickness equal to 27.5 mm (Fig. 5a).145

A preliminary experimental investigation of the dispersion characteristics of the composite laminated

sandwich panel was first conducted. The panel has been simply hanged in the anechoic room assuming free

boundary conditions. The tests are performed using an impact hammer and four accelerometers, placed in

the circumferential and axial directions; the experimental data have been recorded using a Brüel & Kjær

real-time, multichannel sound and vibration data acquisition card. The experimental wavenumbers were150

calculated using the phase difference between the accelerometers, placed along the specific direction [33, 34].

The recorded time data were filtered in the time domain to eliminate the reverberant field contribution.

The panel was then installed in the aperture between the coupled reverberant-anechoic rooms of the

GAUS (Groupe d’Acoustique de l’Université de Sherbrooke) laboratory, at Université de Sherbrooke (Fig. 5).

The representative scheme of the coupled rooms is shown in Fig. 6. The reverberant room has dimensions155
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(a) (b)

Figure 5: Curved composite laminate sandwich panel: bare configuration (a) and distributed resonators configuration (b)

7.5 x 6.2 x 3.0 m3 with an averaged reverberation time (T60) of 5.5 s in the frequency band [50 Hz - 1000 Hz].

The acoustic excitation was generated by a loudspeaker placed close to a corner of the room, with a white

noise signal input from 100 Hz to 3000 Hz. Concerning the mechanical excitation, a Modal Shop Model 2025E

shaker was installed in the reverberant room and attached to the test structure using an impedance head, as

shown in Fig.5b; the excitation was generated using a white noise signal from 100 Hz to 3000 Hz. The full160

vibrational field was measured using a Polytec 3D Scanning Vibrometer (PSV-3D), installed in the anechoic

room, with dimensions 6.0 x 7.0 x 3.0 m3. The acquisition window was approximatively of 1.2 m x 1.0 m, in

order to be sufficiently far from the boundaries and to reduce the influence of the boundary conditions, with

a total number of 3111 measured points (mesh grid of 61 x 51).

A distributed pattern of 3D-printed small-scale resonators was then attached to the panel and compared to165

the bare test case (Fig. 5b). The chosen tuning frequency was 1000 Hz; the panel weight was increased by 4% 

for a total number of 246 resonators. For each considered excitation (diffuse acoustic field (DAF) and point 

mechanical excitation), the bare structure was first tested, and then the effect of distributed resonators tuned 

at a frequency of 1000 Hz was tested. In the reverberant room, a control microphone was placed close to the

surface of the excited structure to double check the incident pressure and normalize the FRFs (Frequency170

Response Functions).

3.3. Aluminum aircraft sidewall panel

The aluminum panel has dimensions 1.45 m x 1.70 m, with a curvature radius approximatively of 1.30 m

and a thickness of 1.2 mm (Fig. 7). The panel was installed in the aperture between the coupled reverberant-

anechoic rooms of the GAUS laboratory, already described in the section 3.2. For the point mechanical175

excitation, the bare panel was first tested with free boundary conditions. For the diffuse acoustic field

excitation, the bare structure was first tested and the effect of distributed resonators tuned at three different
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Figure 6: Illustration of the coupled rooms

frequencies was then tested. The resonators were tuned at three different frequencies, equally distributed;

the chosen frequencies were 670 Hz, 820 Hz and 980 Hz, in order to cover a relatively large frequency band.       

180       The presence of the 246 resonators increased the panels weight by 4.5% in this case.

The same Modal Shop Model 2025E shaker, described in the section 3.2, was used to excite the aluminum

panel, using a white noise signal input from 100 Hz to 2000 Hz. The structure was freely suspended to

simulate free boundary condition; the shaker was placed on an internal frame structure, as shown in Fig.

8a. The external surface was scanned using a Polytec 3D Scanning Vibrometer, with an acquisition window

of approximatively of 0.85 m x 0.95 m, with 5451 acquisition points (equivalent to a mesh grid of 69 x 79).185

To test the aluminum panel under diffuse acoustic field excitation, the panel was installed between the two

rooms, as shown in Fig. 7. The resonators were attached on the external surface (in the reverberant room)

and the internal surface was scanned by a Polytec 3D Scanning Vibrometer, in the skin regions between

stringers and frames, as shown in Fig. 9a; the total number of scanned points was 2916, with a mesh grid of

27 x 9 for each region (total mesh grid of 54 x 54).190

4. Numerical validations and experimental results

Firstly, the proposed IWC formulation for curved structures is numerically validated. The method is

applied on an isotropic curved panel; the employed material is a standard aeronautical aluminum alloy,

similarly to the experimental measured case. The dimensions are 0.85 m x 0.95 m, thickness equal to 1.2 mm

and curvature radius of 1.3 m. The finite element model of this structure, shown in Fig. 10a , is built using195

13328 shell structural elements (ANSYS SHELL181), with a total number of degrees of freedom equal to

81560. A point mechanical force is positioned as it was made for experiments. The analysis is performed

in the frequency range from 100 Hz to 2000 Hz. The dispersion curve obtained with the proposed approach

9



(a) (b)

Figure 7: Set-up and installation of the bare configuration: outer skin subjected to DAF excitation (a) and inner surface (b)

(a) (b)

Figure 8: Set-up and installation for mechanical excitation: shaker installation (a) and acquisition region (b)

(a) (b)

Figure 9: DAF excitation: acquisition window (a) and detail of the host structure and the resonators (b)
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Figure 10: FE model of the curved panel (a) and dispersion curves comparison (b)

is validated by the Wave Finite Element Method (WFEM) [35, 36, 37, 38] ; the dispersion curves are in

agreement on the whole frequency range, as shown in Fig. 10b.200

4.1. Steel plate: experimental results and validation

In this case, the dispersion curves obtained with the IWC method is compared with the classical Kirch-

hoff’s thin plate theory. An analytical expression of the dispersion relation can be derived from this theory,

obtaining the following expression for the flexural wavenumber

k =
√
ω

(
ρh

D

)1/4

(10)

where ρ is the mass density, h is the plate thickness and D is the bending stiffness.205

The dispersion curves are estimated for all tested configurations and compared with the analytical solution,

as shown in Fig. 11. The estimated dispersion curves are in agreement with the analytical solution in the

whole frequency range. In Fig. 11a, the effect of the resonators tuned at 800 Hz is shown, giving a band

gap of approximatively 200 Hz width; before and after the band gap, the dispersion curve follows the one of

the bare configuration and the analytical solution. For what concerns the resonators tuned at 1400 Hz, the210

originated band gap width is of approximatively 250 Hz, as shown in Fig. 11b. For both configuration, a

strong attenuation is observed in the resonators tuning frequency regions.

4.2. Curved composite laminated sandwich panel: experimental results and validation

Firstly, the Frequency Response Functions (FRFs) of the two configurations of the panel are compared, for

both excitations (Fig. 12). For what concerns the FRF of the panel under diffuse acoustic field excitation, the215

natural modes are not well identified due to the high damping level; in any case, around the tuning frequency

11
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Figure 11: Dispersion curves comparison for the steel plate, with and without the resonators: at 800 Hz (a) and at 1400 Hz (b)

of the resonators a drop of amplitude is observed (Fig. 12a). Under mechanical excitation, the natural modes

of the structure can be easily identified; the drop around the tuning frequency of the resonators is clearer, as

shown in Fig. 12b.

The measured displacement fields for all four configurations and for both excitation condition are plotted in220

Fig. 13, choosing a frequency around the tuning frequency of the resonators. To make a comparison between

the experimental displacement fields, all the displacements have been normalized by the maximum value.

Fig. 14 shows the bending dispersion curves under diffuse acoustic field excitation for both configurations,

with and without resonators; the dispersion curves are computed in the two orthogonal directions, axial and

circumferential. For both directions, the local dynamics of the resonators is well described.225

The same comparison is done using the mechanical excitation, as shown in Fig. 15; the dispersion curves are

calculated in both directions, with and without the resonators. The local dynamics of the resonators is well

described in both directions.

From the estimation of the complex wavenumbers, a calculation of the damping loss factor is performed,

using the following relationship between the real and imaginary part of the wavenumber230

η =

∣∣∣∣∣k4
=
k4
<

∣∣∣∣∣ (11)

The experimental damping loss factor is calculated for both configuration, the test case and the panel with

distributed resonators, as shown in Fig. 16a, where the damping loss factor is expressed in one twelfth octave

band. In low frequency region, the damping loss factor appears very high, mainly due to the boundary

conditions influence. Around the tuning frequency of the resonators an increase of the damping factor is

present; this effect is correlated to the continuously increasing of the imaginary part of the wavenumber and235

decreasing of the real one, consequently to a strong reduction of the vibration level.

A different method derived from the Statistical Energy Analysis (SEA) is used to estimate the damping loss
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Figure 12: FRFs comparison for both configurations and excitations: DAF excitation (a) and point mechanical excitation (b)

factor: the power input method (PIM). The basic idea is that, in steady-state condition, the input power is

equal to the dissipated power [1]. The damping loss factor is expressed by

ηf =
Pf
ωEf

(12)

where Pf is the input power and the Ef is the total energy, averaged in the frequency band. Input power240

and total energy are calculated by the following expressions, respectively

Pf = 0.5 · <(F ∗ v) = 0.5 · <

(∫ ω2

ω1

GFv(ω) dω

)
(13)

Ef = Mfv
2
f = Mf

(∫ ω2

ω1

Gvv(ω) dω

)
(14)

where GFv is the cross-spectral density between the force F and the velocity v, Mf is the mass related

to the measurement area and Gvv is the auto-spectral density of the velocity. The quadratic velocities and

the force are averaged over 200 points. All these quantities are derived from the use of an impedance head.

4.3. Aluminum aircraft sidewall panel: experimental results and validation245

The finite element model of the panel is built and shown in Fig. 17; the numerical displacement field is

obtained by a full FE analysis, using a point harmonic excitation at the same location of the shaker in the

experimental test. The material properties introduced in the numerical model are of a standard aluminum

alloy for aeronautical application: Young’s modulus E = 73.1 GPa, mass density ρ = 2780.0 kg m−3 and

Poisson coefficient ν = 0.33. The structure is not modeled with a very high degree of fidelity. For example,250

the all the joints and connections are not modeled, stringers and frame are considered rigidly connected; the

small air-gap present in the real structure is neglected and some small holes in the frames structure are not
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(a) (b)

(c) (d)

Figure 13: Normalized displacement fields, with and without the effect of the resonators: bare test case under DAF excitation

(a), resonators configuration under DAF excitation (b), bare test case under shaker excitation (c) and resonators configuration

under shaker excitation (d)
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Figure 14: Dispersion curves under DAF excitation, with and without resonators: axial (a) and circumferential (b) directions
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Figure 15: Dispersion curves under shaker, with and without resonators: axial (a) and circumferential (b) directions
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Figure 16: Damping Loss Factor estimation: bare test case and resonators configuration comparison with Eq. 11 (a) and bare

test case comparison between Eq. 11 and PIM (b)
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present in the numerical model, because their effect on the dispersion characteristics is considered of small

influence. The FE model is built using shell elements (ANSYS SHELL181); the total number of structural

elements is approximatively of 3.2 · 104. The normal displacements of the nodes of the external surface are255

used as primary input in Eq. 9; from the full-field measurement, the multi-modal behavior is well identified

in the numerical simulation and experimental test, with shaker excitation and full-field acquisition, as shown

in Fig. 18a. The two different modes of propagation are quite evident in the axial direction and they are

well captured when the full-structure is scanned. The same behavior is not captured when the acquisition

window is reduced to the internal bays (as shown in Fig. 9a), because the stringers vibration is not acquired.260

Two uncoupled wavenumber are identified at the same frequency: plate flexural and stringer flexural. Some

discrepancy between the numerical and experimental dispersion curves are present in Fig. 18a, mainly due

to the modeling choices. A good agreement between the numerical dispersion curve and the experimental

ones, under the two different loading conditions, is shown in Fig. 18, both in the axial and circumferential

directions.265

The effect of the resonators on the dispersion curves is remarkable, in both directions. In the axial direc-

tion (19a) the bending dispersion curve appears higher in frequency; in the circumferential one a band-gap

between 500 Hz and 1000 Hz appears, as shown in Fig. 19b. In this frequency band, the energy flowing in

structure is dissipated by the vibration of the resonators, showing an high apparent stiffening behavior (lower

values of the wavenumbers compared to the bare test case).270

5. Conclusions

In this paper, the feasibility of the Inhomogeneous Wave Correlation method on complex structures, in

presence of a local dynamics effect and under diffuse acoustic field excitation have been demonstrated, giving

a good estimation of the dispersion curves for all tested configurations. The global bending behavior of275

the aeronautical aluminum panel is well captured, even if the acquisition window is reduced to the bays

between the stringers and the frames. At the same time, the local dynamics and the multi-modal behavior

is not described. This is one of the main advantages of the proposed approach, which allows to describe the

global behavior from a reduced acquisition window and a reduced number of points. The efficiency of this

3D-printed small-scale resonators is also demonstrated, obtaining a reduction of the vibrational field of the280

panels. For all tested configuration, in the frequency band the resonators are tuned to work in, a drop in

the dispersion curves is observed. The method described in this work is mainly an energetic approach, which

makes a correlation between the energy carried on by the inhomogeneous wave and the total energy of the

vibrating structure. The drops in the dispersion curves appear because the energy flow in the structure is

strongly reduced and dissipated by the resonators.285

This preliminary study on the industrial application of small-scale resonators on real aeronautic structures

opens the possibility to attenuate the vibration level in some specific frequency bands, working on the design
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Figure 17: Finite element model of the aluminum panel
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Figure 18: Dispersion curves for the bare configuration and different loading conditions: axial (a) and circumferential (b)

directions
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Figure 19: Dispersion curves under DAF excitation, with and without resonators: axial (a) and circumferential (b) directions

of the resonators. A deep investigation about the design of the resonators can be done in order to increase

the waves’ attenuation and to enlarge the band-gap and the resonance zone.
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