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Abstract
Rotative systems do not have a constant revolution speed. The problem is even more significant in internal
combustion engines, where the crankshaft is submitted to a torque that is far from being constant over a rev-
olution period. This matter causes unacceptable noises in the the gearbox and fatigues the shaft, and it can
be even further amplified by the shaft dynamics. This well-known problem is already tackled by numerous
passive systems, and some active devices are being introduced to further enhance their capabilities. However,
these ones are complex, not always fail-safe, need a control unit and consume high levels of energy.
In this paper, the authors introduce a hybrid self-fed damper for the so-called rotational irregularities, based on
a tuned massed damper controled through an electromagnetic coupling by the irregular behaviour itself. For a
better description, the whole behaviour of this non-stationary process is governed with an angular approach.

1 Introduction

In an internal combustion engine, the impulse initiated by the combustion of gas within the cylinders is able
to put the crankshaft into a rotating movement, thus transmitting a torque to the wheels through the drivetrain.
However, the movement of the piston is not uniform, and the transmitted torque is far from being constant at
a steady engine regime [1]. Indeed, the important pressure variations on the piston as well as the influence
of the alternating mass inertia create a periodic oscillation around an average value in torque. This creates a
similar oscillation in angular acceleration, speed, and position, which is commonly referred to as rotational
irregularities.
This oscillation tends to generate unacceptable noises, such as rattling noise in the gearbox, and fatigues the
drivetrain parts, shortening the operating lifetime. For these reasons, such irregularities need to be reduced,
which is traditionally done by a flywheel located between the crankshaft and the gearbox, while a viscous
Lanchester damper on the front end reduces the torsional magnitude through energy dissipation. However, due
to the downsizing of engines for fuel-consumption reasons, the simple flywheel is not enough anymore for
acceptable noise levels.
This rotational irregularity phenomenon can be further amplified when the critical frequency of the crankshaft
is a multiple of the current engine average speed. Here again, downsizing is a problem as a crankshaft length
reduction increases the critical frequency, enabling a larger spectrum of engine speeds to excite the resonance.
The presence of the viscous damper ensures that the crankshaft does not immediately break, but at the cost of
a dissipated power up to 1kW for heavy duty vehicles.

For those reasons, there is a continuous research for more efficient solutions tackling the two presented is-
sues : mitigation of the torsional levels in service and especially at the critical frequencies, and reduction of
the dissipated energy in the damper. A large amount of passive solutions have been introduced over the two
last decades in order to decrease the magnitude of torsional motions, typical examples being the Double (or
Triple) Mass Flywheel ([2],[3]), variable inertia flywheels ([4],[5]), planetary gear systems ([6]), or Centrifugal
Pendulum Vibrations Absorbers ([7],[8],[9]). These latter rely on the creation of an extra degree of freedom,
enabling an "escape way" during resonance. However, its behaviour is still dependent on the steady engine
regime, complicating a tuning process[10].
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Some active concepts have also been proposed ([11],[12],[13],[14]), as the control possibilities they offer
greatly enhance the capabilities of such dampers. Their limitation is the need for a power source.
Regarding the second issue, a promising way would be to collect the otherwise dissipated energy, and to store
it so that it can be used by other devices in the vehicle. Several possibilities exist for the conversion, based
on piezoelectricity - R-EHVTA [15] or pendulum harvester [16] - or on electromagnetic coupling, with some
concepts developped over the last years, such as [17] or [18].

In this paper, the authors introduce a concept for a new self-fed rotational hybrid damper, combining an
electromagnetic harvester with a hybrid Tuned Mass Damper (hTMD), that has already proved its capabilities
for translational motions applications [19]. It is based on the generation of a counteracting torque by a set
of permanent magnets and coils, similar to what happens in active dampers, coupled with the principle of the
TMD, efficient against resonance issues. The TMD embeds a permanent magnet that moves in a coil. Both
movements will change the local magnetic fields and generate an induced current in a common circuit, acting
on each other.
In order to tackle non-stationary operating conditions, the present model involves angular and time approaches
to describe the cyclic excitations and the frequency resonances.

2 Model building, important concepts and assumptions

The present concept can be applied to any rotating shaft submitted to rotational irregularities, no matter
their profile. However in this paper we consider a 6-cylinder crankshaft, each with a cubic capacity of 1,3L.

2.1 Mechanical model

The crankshaft is first reduced to a 2 DoF-in-torsion part, as only the first torsional mode is of interest in
this academic first application. As described in Fig.1, a regime-dependant cyclic excitation Cexc is introduced
on the front degree of freedom. This excitation is the sum of the the torque produced by the explosion in the
cylinders and of inertial effects. It is further described in the next section.
The measures are conducted on both ends, the second being the output of the shaft, connected to the gearbox.
On this one, a resistive torque Cc assumed constant is applied, so as to balance the system and enable a steady
speed. The actual interest is indeed the difference between both angles θ2 −θ1 for a constant engine regime.
Numerical values of the introduced parameters are to be found in Table.1.

(a) Full crankshaft (b) Reduced model

Figure 1 – Model reduction

This model is governed by the system of equations :{
I1θ̈1 + cTeq(θ̇1 − θ̇2)+ kTeq(θ1 −θ2) =Cexc

I2θ̈2 + cTeq(θ̇2 − θ̇1)+ kTeq(θ2 −θ1) =−Cc
(1)
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Parameter Value
I1 0.23 kg.m2

I2 1.65 kg.m2

kTeq 524 114 Nm/rad
cTeq 100 Nms/rad

Table 1 – Parameters of the 2-DoF model

In a perfect engine, the natural frequency is excited only by the orders that are multiples of the number of
cylinders, Ncyl , devided by two. To that extent, only the orders multiple of 3 are here taken into account.
According to Table 2, as our engine speed range is from 600RPM to 2600RPM and the natural frequency is
256,8 Hz, we can restrict the analysis up to the 24th order : higher orders will not excite the natural frequency .

Order Engine steady regime
3 -
6 2569 RPM
9 1713 RPM

12 1285 RPM
15 1028 RPM
18 857 RPM
21 734 RPM
24 642 RPM

Table 2 – The investigated orders and the corresponding engine regime at resonance

2.2 Excitation torque profile and non-stationary conditions

In a 4-stroke internal combustion engine, a complete period is accomplished in two revolutions, each stroke
corresponding to half a revolution. Among them, only the firing stroke produces a useful torque, with a non-
constant force over the revolution. However, the presence of the crank also causes it to be highly dependant
on the instantaneous position α , as it is depicted in Fig.2. Noting λ the ratio of the rod length LB to the crank
radius R, Fbg the projection on the rod of the gas-induced force and d its lever arm, a geometric projection of
Cg =−Fbg.d brings :

Cg(α) =−Fg(α) ·R · sin(α) ·

(
1+

cos(α)√
λ 2 − sin(α)2

)
(2)

Figure 2 – Crankshaft, piston and rod

3



The force Fg, created by the explosion in the piston, is also dependant on the engine steady regime. In this
expression, a constant part is the engine torque, and the oscillations around it are a first source of rotational
irregularities.

The second source originates from the motions of the masses around and above the axis : the sum of the
forces created by their inertias is not 0. Here again, there is a strong dependence on the instantaneous angular
position, and also on the instantaneous angular speed. We note malt the mass considered in a translational
motion when the shaft rotates. Assumed that the inertias do not change with speed and position :

Fi =−malt .
d2Z
dt2

Z = R
(

cos(α)+
√

λ 2 − sin(α)2
)

Ci =−Fi.R.
(

cos(α)+
√

λ 2 − sin(α)2
) sinα√

λ 2 − sin(α)2

(3)

Which provides :

Ci =−malt .R2
((

sin(α)+
sin(2α)

2
√

λ 2 − sin(α)2

)
α̈+

(
cos(α)+

λ 2cos(2α)+ sin(α)4

(λ 2 − sin(α)2)3/2

)
α̇

2
)

sin(α)
(

1+
cos(α)√

λ 2 − sin(α)2

)
(4)

The final excitation torque Cexc is the sum of the inertial torque and the oscillating gas torque. Its process
is non-stationnary, though the simplifying stationary assumption α = ω.t with a constant ω is often made.
However, the instantaneous speed does not remain constant, since the input torque itself is harmonic : the
angular acceleration is not 0, and its magnitude is directly linked to Cexc. In order to prevent any hidden
behaviour to disappear in the analysis, and as the angular position θ1 appears as the natural variable for such a
rotating system, we use this variable instead of time for the resolution. The counterpart here is the introduction
in the equations of a non-linear behaviour when the variable is swapped, as there is now a division by the
instantaneous angular speed : dX

dθ1
= 1

θ̇1

dX
dt .

2.3 TMD model

First addition to the previous 2-DoF model is the mass damper, tuned on its resonance frequency according
to Den Hartog’s principles [20]. It consists in a magnet clamped on a mass, linked to the rotating shaft with a
spring set at a certain distance RT MD of the rotation axis. The resulting torsional stiffness kT MD depends on the
tuning. Around this magnet, a coil is set, clamped to the shaft, in such a way that the TMD can translate within.

Figure 3 – Reduced model of crankshaft including a TMD in front position

However, as we want to control the torsional behaviour, determined by the difference of the angles, both
degrees of freedom are potential candidates to host the TMD set, but the two will not act the same.
The front end has the greatest amplitude during vibration due to its lower inertia, and the lower the inertia, the
lower the efficient modal inertia Ieq. At a given RT MD, a lower mass for the TMD is then required, as the ratio
of its inertia I0 to Ieq is the key parameter of the tuning. To that extent, better performance can be achieved for
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Parameter Value
I0 0.013 kg.m2

µ 0.05
kT MD 29 617 Nm/rad
cT MD 7.36 Nms/rad
RT MD 0.2 m
mT MD 0.325 kg

Table 3 – Parameters of the 3-DoF model

a TMD on the front end and in the rest of the paper, this integration possibility is chosen, described in Fig.3. Its
absolute angle around the rotation axis is parameterized by θ0.
To bring what happens to the TMD in a more practical frame, let us define a relative variable for the new degree
of freedom : x = RT MD(θ0 −θ1). This variable translates the torsional motion of the TMD around the axis of
rotation in regard to the disc to which it is clamped. The values for all introduced parameters can be found in
Table 3. The inertia ratio µ is chosen to 0.05, as this value allows a realistic mass and a realistic distance to the
shaft to be chosen.

2.4 Electromagnetic model

The electromagnetic model actually consists in two parts. One has already been introduced in subsection
2.3, and describes the interaction of the magnet on the TMD and its surrounding coil. Indeed, any motion of
the TMD creates an induced current in the coil, and conversely, any current circulating in the coil creates a
magnetic field interacting with the magnet.

The second part is located around the flywheel. It consists in a set of coils and another of magnets, one
being embedded in the flywheel and rotating with the shaft, the other being fixed in the vehicle, all around the
flywheel. Again, moving a magnet close to a coil will create a current, itself generating a magnetic field that
will slow down the motion, according to Lenz’s law, and eventually damp the rotational irregularities. We note
φ the magnetic flux.

The red arrows in Fig.4a show the different electromagnetic interactions that occur. The two parts are linked
to another through an impedance ZEM, as to be seen in Fig.4b. What this impedance covers depends on the
interaction scenario.

(a) Reduced model with EM interactions (b) Electromagnetic circuit

Figure 4 – Electromagnetic model

With the electromotive forces eFW at the flywheel and eT MD at the TMD, defined as: eFW =−dφ

dt
eT MD =−T2ẋ

(5)
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and under the assumption that ZEM = 0, the total model can thus be described with a system of five equations,
three mechanical equations and two electrical ones :

I0ẍ+(1+
I0

I1
)(cT MDẋ+ kT MDx)− I0

I1
RT MD(cTeq(θ̇1 − θ̇2)+ kTeq(θ1 −θ2)) =− I0

I1
RT MD.Cexc +R2

T MDT2i2(1+
I0

I1
)

I1θ̈1 + cTeq(θ̇1 − θ̇2)+ kTeq(θ1 −θ2)−
cT MD

RT MD
ẋ− kT MD

RT MD
x =Cexc −R2

T MDT2i2

I2θ̈2 + cTeq(θ̇2 − θ̇1)+ kTeq(θ2 −θ1) =−Cc +T1.Rext i1

L1
di1
dt

+R1i1 =−pT1θ̇2

L2
di2
dt

+R2i2 =−T2ẋ
(6)

Where T2 is the coupling factor depicting the electromagnetic interaction between the TMD and the surrounding
coil [21], p is a scalar and T1 is a coupling function linked to dφ

dt . Both are further described in the next
subsection.
In the case where the TMD is actually located on the flywheel, or depending on ZEM, these equations can be
slightly different.

2.5 The T1 function and p parameter

In subsection 2.2, we have stated that an angular approach is better suited to describe the rotation of the shaft
and the irregularities that occur. Moreover, Faraday’s law states that the electromotive force is proportional to
the time derivative of the magnetic flux, which itself is then a function of the instantaneous angular position,
here measured at the flywheel. Changing the variable t to θ2 provides eFW =−θ̇2

dφ

dθ2
.

On the other hand, the countering torque Ccount created at the flywheel by the current also depends on the
location of the various coils and magnets. It is able to mitigate the rotational irregularities when it and the
excitation torque Cext have the same main harmonics, but with a 180◦ phase shift. Assuming this torque and
dφ

dθ2
have a same sine shape involving the same harmonics, the introduced T1 function aims to bridge the gap

between them. To that extent, the torque exerted when a number n of coils and a number m of magnets interact
during the revolution can be described using the expression :

T1 =
n

∑
i=1

m

∑
j=1

Ki, jm jµ0
Ni

Lsol,i
sin(βi, j) (7)

and the relationship :
Ccount = T1.Rext i1 (8)

In (7), Ni is the number of turns in solenoid i, Lsol,i the length of the same solenoid, m j the magnetic moment
of magnet j, and K is a matrix describing the coupling coefficient between coil i and magnet j. βi, j is a local
variable standing for the angular position θ2 when a magnet interacts with a coil.
With this description, we also have the relationship :

eFW =−pθ̇2T1 (9)

the description of the harmonics being included in T1, except for their amplitude. To that extent, in order to
keep realistic values for the electromotive force eFW , we introduce an additional parameter, p, which purpose
is to adjust the magnitude of the harmonics.

3 Model results

3.1 Efficiency of the TMD

To display the efficiency of the concept in our model, let us first consider a decoupled electromagnetic
circuit, as modeled in Fig.5a. With a low value for T2, the created current is very low, and the natural motion
of the TMD is almost not impeded. Regarding the electromagnetic setup around the flywheel, there is also
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little impact on the overall rotation as the countering torque Ccount is four orders of magnitude lower than the
excitation torque Cexc. Such configuration is equivalent to actually no circuit at all, and enables to measure the
effect of a passive TMD.

As we can see on the Bode diagram in Fig.5b, the TMD flattens the peak at the natural frequency of the
torsional mode. The tuning parameters used are those detailed in Table.3. This enables a reduction of 15%
the amplitude in torsion, as displayed in Fig.6a for the response at 2600RPM. At this regime, the 6th order
excites a frequency which is very close to the natural frequency. At 2200RPM, situation displayed in Fig.6b,
the frequencies excited are further from the natural frequency, and the damping is smaller, even though still
present.

(a) Decoupled electromagnetic circuit (b) Bode diagram with the harmonics at 2600RPM

Figure 5 – Passive TMD scenario

(a) At 2600RPM (b) At 2200RPM

Figure 6 – Typical magnitude reductions

3.2 Coupling effect in the hybrid damper

Now let us consider a direct hookup between the two constituents of the electromagnetic circuit, a situation
depicted in Fig.7. The equations in (6) must then be changed, as it is now imposed i1 = i2. The parameters used
are listed in Table.4. In this situation, we still have ZEM = 0
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Parameter Value
L1 555mH
L2 185mH
R1 15.51Ω

R2 5.17Ω

T2 0.8
p 0.25

T1(θ) 0.01.sin(6θ)

Table 4 – Parameters for the coupled model

Figure 7 – Direct hookup electromagnetic circuit

(a) At 2600 RPM (b) At 2200 RPM

Figure 8 – Comparison with the previous case

As we can see in Fig.8a, at 2600RPM in that particular situation, the damping is slightly better, even though
the values considered are not tremendous. However, this results must be handled carefully, since no phase
effect has yet been taken into account in T1, effects that could make the hTMD ineffective or even worsen the
situation, which is what appears at 2200RPM in Fig.8b. Indeed, the hookup is equivalent to a modification of
cT MD and - to a lesser extent - of kT MD. A modification of the damping factor can thus be advantageous or
detrimental, and what happens is highly dependent on the involved harmonics and phases, and on the hookup
configuration. To that extent, it appears necessary to further investigate on the effect of each harmonic’s phase
and on the configurations for ZEM, in order to properly damp the torsional mode in all cases.
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Discussion - Conclusions

In this paper, a new concept for a hybrid mass damper against rotational irregularities has been introduced
and described. The self-fed property avoids any exterior source of power, but also complicates the tuning of the
system due to the instantanous angular position and the steady regime dependence. The interaction between
the two parts of the electromagnetic circuit is not yet fully understood, whereas this is a major requirement to
have them work together properly. Indeed, it has been seen in 3.2 that a direct hookup can provide unexpected
behaviour if the phases are not carefully handled.
Further work will also be devoted to a check of the assumptions that are made. In particular, it is necessary
to prove the possibility to approximate the dφ

dθ2
function to a sine with given harmonics. There is also no

guarantee that any harmonic signal can be approximated by at least one particular coil-and-magnet spatial
layout. The tayloring is quite straightforward when only one or two harmonics are involved, though here
8 different harmonics are being investigated. However a truncation to the fundamental or to a predominant
harmonic could be sufficient to efficiently damp the rotational irregularities. In all cases, further work on the
damping possibilities of such a hTMD is expected, in order to present its capabilities in comparison to a fully
passive TMD.
The hookup of the full electromagnetic circuit in a real engine also matters. It has been stated in 2.3 that the
TMD is more efficient when mounted on the lower inertia, however the rest of the electromagnetic circuit is
necessarily mounted on the flywheel, which is the other end of the crankshaft. In this configuration, it is nessary
to embody the wires along the shaft in the rotating referential. The choice is left to equip the flywheel with the
TMD instead, in another configuration that provides a better integration rate at the cost of a lower performance.
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