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
 

Abstract— In this paper, a coordinated control strategy is proposed to 

provide an effective improvement in handling stability of the vehicle, safety 

and comfort riding for passengers. This control strategy is based on the 

coordination among active steering, differential braking, and active 

suspension systems. Two families of controllers are used for this purpose, 

which are the high order sliding mode and the backstepping controllers. The 

control strategy was tested on a full nonlinear vehicle model in the 

environment of MATLAB/Simulink. Rollover avoidance and yaw stability 

control constraints, have been considered. The control system mainly focuses 

on yaw stability control. When rollover risk is detected, the proposed strategy 

controls the roll dynamics to decrease rollover propensity. Simulation results 

for two different critical driving scenarios, the first one is a double lane 

change and the other one is a J-turn maneuver, show the effectiveness of the 

coordination strategy in stabilizing the vehicle, enhancing handling and 

reducing rollover propensity. 

 

Index Terms— Active steering, active suspension, direct yaw 

control, backstepping control, Global Chassis Control (GCC), 

rollover, safety, sliding mode, vehicle dynamics,  vehicle stability. 

 

I. INTRODUCTION 

The increasing demand on highly comfort and safe automotive 

vehicles motivated industrials to integrate new control devices and 

techniques in their vehicles. Since developing precise control 

techniques depends on the model’s accuracy, several studies have 

investigated vehicle models, starting from simplified models reaching 

highly nonlinear ones. 

 

Global chassis control is an object of interest nowadays. Several 

active safety systems and actuators are introduced on modern vehicles 

to improve stability, handling and comfort, such as the active 

suspension system, active steering and active braking system. To 

increase ride comfort and vehicle road holding, many researchers 

applied various control methods on active suspension system, such as 

sliding mode controller [1], backstepping controller [2], LPV/H∞ 

control [3], fuzzy control [4], PID State Feedback Controller [5], and 

PID [6]. Few other papers develop controllers for the active suspension 

system for rollover prevention [7][8][9]. For longitudinal and lateral 

dynamics, research efforts have been focused on vehicle lateral 

stability by integrating active steering and differential braking system 

[10][11][12][13]. In this paper, a Global Chassis Control (GCC) has 

been proposed, based on a coordination control strategy between active 

suspension, active front steering and differential braking systems to 

ensure stability and rollover prevention on road vehicles. 
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Under critical driving circumstances, it is difficult for a driver to 

stabilize the vehicle, and dangerous accidents could happen. Safety of 

ground vehicles requires the improvement of yaw stability by active 

controllers (i.e. active steering and differential braking). Here, the 

basic idea is to assist the vehicle handling to be close to a linear vehicle 

handling characteristic that is familiar to the driver, and to restrain the 

vehicle lateral dynamics to be within the stable handling region in 

aggressive manoeuvres [14] . 

 

By applying additional steering angle to the front wheels, Active 

Front Steering control (AFS) can enhance the steerability and thus 

lateral vehicle behavior by directly regulating yaw rate dynamics, 

through the lateral tire forces [15]. Unfortunately, AFS becomes less 

effective when the vehicle reaches the handling limits due to the tire 

forces saturations. In order to maintain the vehicle’s stability under 

critical driving conditions, an alternative approach utilizes differential 

braking forces between the left and the right sides of the vehicle to 

produce the required corrective yaw moment [15]. This braking based 

technique is referred to as a Direct Yaw moment Control (DYC). Note 

that DYC is effective in both vehicle linear/nonlinear regions; 

however, it is not desirable in normal operation conditions because of 

the direct influence of the control action on the longitudinal vehicle 

dynamics (i.e. it causes the vehicle to slow down significantly). 

 

Moreover, Rollover is one of the main forms in vehicle’s traffic 

accident. In recent years rollover has become an important safety issue 

for a large class of vehicles. Even though rollovers constitute a small 

percentage of all accidents, they have a large contribution to severe and 

fatal injuries. Rollover is the primary cause of fatalities in accidents 

involving sport utility vehicles (SUVs)[16]. So, there is an urgent need 

to develop both analytical and experimental tools to predict rollover 

propensity of vehicles and to improve their design with respect to 

rollover prevention. Among the intelligent safety technologies for 

ground vehicles, active suspensions controlled by embedded 

computing elements for preventing rollover have received a lot of 

attention.  

 

The existing models for synthesizing and allocating forces in such 

suspensions are conservatively based on the constraint that no wheels 

lift off the ground. The suspension systems play a key role in vehicle 

dynamics. Indeed, a well-designed suspension system may 

considerably improve not only the passenger comfort, but also the car 

road holding. Several control design problems for suspension systems 

have then been tackled with many approaches during the last decades.  

 

For ride comfort, it is necessary to reduce the vertical, pitch and roll 

accelerations. However, this does not guarantee rollover prevention. 
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Generally, it is desirable to reduce the roll angle or roll rate to prevent 

rollover.  

 

In this work, the design of a global vehicle control scheme that 

integrates and coordinates braking, front steering, and active 

suspension systems is presented to enhance vehicle handling, yaw 

stability, safety and comfort. This paper is organized as follows:  

Section 2 expresses the four-wheel full vehicle model. Section 3 

describes the vehicle reference model (bicycle model) that will be used 

to generate the desired reference variables that the vehicle dynamics 

must follow. Section 4 introduces the actuators model used for the 

three active systems. Section 5 describes the Active Front Steering 

(AFS) controller, the Direct Yaw moment Controller (DYC) and the 

Active Suspension controller (AS) that were designed as stand-alone 

controllers using two robust approaches, a high order super-twisting 

sliding mode control and backstepping control. Section 6 shows in 

details the proposed coordinated control strategy. Section 7 shows the 

simulation results for two different critical driving scenarios, the first 

one shows the effectiveness of the coordination strategy in stabilizing 

the vehicle and enhancing handling. The second scenario shows the 

effectiveness of the coordination strategy in reducing rollover 

propensity. 

NOMENCLATURE 

Symbol Physical Meaning 

𝑪𝒐𝑮 Center of Gravity 

𝒛 Vertical displacement of CoG 

𝒛𝒔 Vertical displacement of the corner 

𝒛𝒖 Vertical displacement of the wheel 

𝒛𝒓 Road perturbation 

𝜽 Pitch angle 

𝝓 Roll angle 

𝝓̇  Roll rate 

𝝍 Yaw angle 

𝝍̇ Yaw rate 

𝒂𝒙 Longitudinal acceleration  

𝒂𝒚 Lateral acceleration 

𝑭𝒙 Wheel longitudinal force 

𝑭𝒚 Wheel Lateral force 

𝑭𝒛 Tire-ground contact force 

𝜹 Driver steering angle  

𝜴 Angular velocity of the wheel 

𝒗𝒙 Longitudinal speed of the wheel 

𝜷 Vehicle side-slip angle 

𝒙̇ Vehicle longitudinal speed 

𝒚̇ Vehicle lateral speed 

𝜶 Wheel slip angle 

𝝈𝒙 Wheel longitudinal slipping 

𝑪𝒎 Motor torque applied on the wheel 

𝑪𝒃 Braking torque applied on the wheel 

𝝁 

𝒇 

Coefficient of adherence 

Active suspension force 

  

Table I 

          SIMULATION PARAMETERS 

Parameter Value Unit Physical Meaning 

𝑴 1465 𝑘𝑔 Total mass of Vehicle 

𝒎𝒔 1286 𝑘𝑔 Sprung mass of the vehicle 

𝒎𝒖 40 𝑘𝑔 Unsprung mass 

𝑰𝒛 1972 𝑘𝑔.𝑚2 Moment of inertia around the yaw 

axis 

𝑰𝒙 535 𝑘𝑔.𝑚2 Moment of inertia around the x - axis 

𝑰𝒚 1859 𝑘𝑔.𝑚2 Moment of inertia around the y - axis 

𝑰𝒓 1 𝑘𝑔.𝑚2 Moment of inertia around wheel axis 

𝒂 1 𝑚 Distance from front axle to CoG 

𝒃 1.6 𝑚 Distance from rear axle to CoG 

𝒘 0.773 𝑚 Half Vehicle widths axle 

𝒌𝒔,𝒇 12548 𝑁/𝑚  Front suspension stiffness coefficient 

𝒌𝒔,𝒓 22639 𝑁/𝑚  Rear suspension stiffness coefficient 

𝒄𝒔,𝒇 1500 𝑁𝑠/𝑚 Front suspension damping 

coefficient 

𝒄𝒔,𝒓 3000 𝑁𝑠/𝑚 Rear suspension damping coefficient 

𝒌𝒕,𝒇 473520 𝑁/𝑚 Front wheel stiffness coefficient  

𝒌𝒕,𝒓 460780 𝑁/𝑚 Rear wheel stiffness coefficient  

𝒄𝒕 100 𝑁𝑠/𝑚 Wheel damping coefficient  

𝒉 0.52 𝑚 CoG height 

𝒉𝒓 0.4 𝑚 Distance from pitch axle to CoG 

𝒉𝒖 0.4 𝑚 Distance from roll axle to CoG 

𝒓 0.308 𝑚 Wheel radius 

𝑪𝝈  18700 𝑁/𝑟𝑎𝑑 Longitudinal stiffness of the tire 

𝑪𝜶  76776 𝑁/𝑟𝑎𝑑 Lateral stiffness of the tire 

    

Table II 

II. FULL VEHICLE MODEL 

Vehicle models have been widely studied in the literature, starting 

from simplified models or bicycle models to highly complex models 

[17][18][19][20][1]. In this section, we present the full vehicle model 

taking into consideration most of the nonlinearities existing in the 

vehicle dynamics. The proposed model is composed of several 

subsystems: Vertical Dynamics, Lateral and longitudinal Dynamics, 

Wheel Dynamics, Wheel-ground contact forces.  

 

A. Vertical Dynamics 

By the vertical dynamics, we mean the vertical displacement of the 

center of gravity (CoG), z, rotation of the system around x-axis, the 

Figure 1. Full vertical model. 
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roll angle 𝜙, and rotation around y-axis, the pitch angle 𝜃. 

 

Using Newton's laws, dynamics of the suspended mass (chassis) are as 

follows: 

 

{

𝑧̈ = 𝑓𝑧(𝑥, 𝑥̇) + 𝑔𝑧(𝑥, 𝑥̇)𝑢𝑧
𝜃̈ = 𝑓𝜃(𝑥, 𝑥̇) + 𝑔𝜃(𝑥, 𝑥̇)𝑢𝜃
𝜙̈ = 𝑓𝜙(𝑥, 𝑥̇) + 𝑔𝜙(𝑥, 𝑥̇)𝑢𝜙

  (1) 

 

Where: 

 

𝑀 ∗ 𝒇𝒛(𝒙, 𝒙̇) = {𝑘𝑠𝑓𝑟𝑧𝑢𝑓𝑟 +  𝑘𝑠𝑓𝑙𝑧𝑢𝑓𝑙 +

 𝑘𝑠𝑟𝑟𝑧𝑢𝑟𝑟 + 𝑘𝑠𝑟𝑙𝑧𝑢𝑟𝑙 + (𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑓𝑙 + 𝑘𝑠𝑟𝑟 + 𝑘𝑠𝑟𝑙)𝑧 −

[ 𝑎(𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑓𝑙) −  𝑏(𝑘𝑠𝑟𝑟 + 𝑘𝑠𝑟𝑙)]𝑠𝑖𝑛𝜃 − [𝑤(𝑘𝑠𝑓𝑙 +

𝑘𝑠𝑟𝑙) −  𝑤(𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑟𝑟)]𝑠𝑖𝑛𝜙 + 𝑐𝑠𝑓𝑟 𝑧̇𝑢𝑓𝑟 +

  𝑐𝑠𝑓𝑙 𝑧̇𝑢𝑓𝑙 + 𝑐𝑠𝑟𝑟 𝑧̇𝑢𝑟𝑟 + 𝑐𝑠𝑟𝑙𝑧̇𝑢𝑟𝑙 − (𝑐𝑠𝑓𝑟 + 𝑐𝑠𝑓𝑙 +

𝑐𝑠𝑟𝑟 + 𝑐𝑠𝑟𝑙)𝑧̇ − [𝑎(𝑐𝑠𝑓𝑟 +  𝑐𝑠𝑓𝑙) −  𝑏(𝑐𝑠𝑟𝑟 +

𝑐𝑠𝑟𝑙)]𝑐𝑜𝑠𝜃𝜃̇ − [ 𝑤(𝑐𝑠𝑓𝑙 + 𝑐𝑠𝑟𝑙) − 𝑤(𝑐𝑠𝑓𝑟 +

𝑐𝑠𝑟𝑟)]𝑐𝑜𝑠𝜙𝜙̇}  

(2) 

 

𝐼𝑦 ∗ 𝒇𝜽(𝒙, 𝒙̇) = 𝑐𝑜𝑠𝜃{ 𝑎𝑘𝑠𝑓𝑟𝑧𝑢𝑓𝑟  +  𝑎𝑘𝑠𝑓𝑙𝑧𝑢𝑓𝑙  −

𝑏𝑘𝑠𝑟𝑟𝑧𝑢𝑟𝑟  −  𝑏𝑘𝑠𝑟𝑙𝑧𝑢𝑟𝑙  − [𝑎(𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑓𝑙) − 𝑏(𝑘𝑠𝑟𝑟 +

𝑘𝑠𝑟𝑙)]𝑧 −  [𝑎
2(𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑓𝑙)  + 𝑏

2(𝑘𝑠𝑟𝑟 +

𝑘𝑠𝑟𝑙)]𝑠𝑖𝑛𝜃 − [𝑤(𝑎𝑘𝑠𝑓𝑙 −  𝑏𝑘𝑠𝑟𝑙)  − 𝑤(𝑎𝑘𝑠𝑓𝑟 −

 𝑏𝑘𝑠𝑟𝑟)]𝑠𝑖𝑛𝜙  + 𝑎𝑐𝑠𝑓𝑟 𝑧̇𝑢𝑓𝑟 + 𝑎𝑐𝑠𝑓𝑙 𝑧̇𝑢𝑓𝑙 −

𝑏𝑐𝑠𝑟𝑟 𝑧̇𝑢𝑟𝑟 −  𝑏𝑐𝑠𝑟𝑙𝑧̇𝑢𝑟𝑙 − [𝑎(𝑐𝑠𝑓𝑟 + 𝑐𝑠𝑓𝑙) −

 𝑏(𝑐𝑠𝑟𝑟 + 𝑐𝑠𝑟𝑙)]𝑧̇  −  [ 𝑎
2(𝑐𝑠𝑓𝑟 + 𝑐𝑠𝑓𝑙) + 𝑏

2(𝑐𝑠𝑟𝑟 +

𝑐𝑠𝑟𝑙)]𝑐𝑜𝑠𝜃𝜃̇   − [𝑤(𝑎𝑐𝑠𝑓𝑙 − 𝑏𝑐𝑠𝑟𝑙) − 𝑤(𝑎𝑐𝑠𝑓𝑟 −

𝑏𝑐𝑠𝑟𝑟) ]𝑐𝑜𝑠𝜙𝜙̇  − 𝑚𝑠. ℎ𝑟 . 𝑎𝑥}  

(3) 

 

𝐼𝑥 ∗ 𝒇𝝓(𝒙, 𝒙̇) = 𝑐𝑜𝑠𝜙 { −𝑤𝑘𝑠𝑓𝑟𝑧𝑢𝑓𝑟  +

 𝑤𝑘𝑠𝑓𝑙𝑧𝑢𝑓𝑙 −  𝑤𝑘𝑠𝑟𝑟𝑧𝑢𝑟𝑟 +  𝑤𝑘𝑠𝑟𝑙𝑧𝑢𝑟𝑙 − [𝑤(𝑘𝑠𝑓𝑙 +

𝑘𝑠𝑟𝑙) − 𝑤(𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑟𝑟) ]𝑧 − [ 𝑤
2(𝑘𝑠𝑓𝑙 + 𝑘𝑠𝑟𝑙) +

 𝑤2(𝑘𝑠𝑓𝑟 + 𝑘𝑠𝑟𝑟) ]𝑠𝑖𝑛𝜙 −  [ 𝑤(𝑎𝑘𝑠𝑓𝑙 −  𝑏𝑘𝑠𝑟𝑙)  −

𝑤(𝑎𝑘𝑠𝑓𝑟 − 𝑏𝑘𝑠𝑟𝑟) ]𝑠𝑖𝑛𝜃 − 𝑤𝑐𝑠𝑓𝑟 𝑧̇𝑢𝑓𝑟 + 𝑤𝑐𝑠𝑓𝑟 𝑧̇𝑢𝑓𝑟 −

𝑤𝑐𝑠𝑓𝑟 𝑧̇𝑢𝑓𝑟 + 𝑤𝑐𝑠𝑓𝑟 𝑧̇𝑢𝑓𝑟 − [ 𝑤(𝑐𝑠𝑓𝑙 + 𝑐𝑠𝑟𝑙) −

𝑤(𝑐𝑠𝑓𝑟 + 𝑐𝑠𝑟𝑟) ]𝑧̇  − [ 𝑤
2(𝑐𝑠𝑓𝑙 + 𝑐𝑠𝑟𝑙) + 𝑤

2(𝑐𝑠𝑓𝑟 +

 𝑐𝑠𝑟𝑟) ]𝑐𝑜𝑠𝜙𝜙̇  − [ 𝑤(𝑎𝑐𝑠𝑓𝑙 − 𝑏𝑐𝑠𝑟𝑙) − 𝑤(𝑎𝑐𝑠𝑓𝑟 −

𝑏𝑐𝑠𝑟𝑟) ]𝑐𝑜𝑠𝜃𝜃̇   + 𝑚𝑠. ℎ𝑢. 𝑎𝑦}   

(4) 

 

 

{

𝑔𝑧(𝑥, 𝑥̇) = 1/𝑀
       𝑔𝜃(𝑥, 𝑥̇) = 𝑐𝑜𝑠𝜃/𝐼𝑦 

        𝑔𝜙(𝑥, 𝑥̇) = 𝑐𝑜𝑠𝜙/𝐼𝑥 
  (5) 

 

{ 

𝑢𝑧 = 𝑓𝑓𝑟 + 𝑓𝑓𝑙 + 𝑓𝑟𝑟 + 𝑓𝑟𝑙
              𝑢𝜃 = 𝑎(𝑓𝑓𝑟 + 𝑓𝑓𝑙) −  𝑏(𝑓𝑟𝑟 + 𝑓𝑟𝑙)

              𝑢𝜙 = −𝑤(𝑓𝑓𝑟 + 𝑓𝑟𝑟) +  𝑤(𝑓𝑓𝑙 + 𝑓𝑟𝑙)

  (6) 

 

Where the dynamics of the non-suspended mass is as the following: 

 

𝑧̈𝑢𝜗 = [ 𝑘𝑠𝜗(𝑧𝑠𝜗 − 𝑧𝑢𝜗) + 𝑐𝑠𝜗(𝑧̇𝑠𝜗 − 𝑧̇𝑢𝜗) +

𝑘𝑡𝜗(𝑧𝑟𝜗 − 𝑧𝑢𝜗) + 𝑐𝑡𝜗(𝑧̇𝑟𝜗 − 𝑧̇𝑢𝜗) − 𝑓𝜗]/𝑚𝜗  
 (7) 

 

With                 𝜗 = {𝑓𝑟, 𝑓𝑙, 𝑟𝑟, 𝑟𝑙} 

 

and the displacements on each corner of the chassis are: 

 

𝑧𝑠𝑓𝑟 = 𝑧 − 𝑤𝑠𝑖𝑛𝜙 + 𝑎𝑠𝑖𝑛𝜃 

𝑧𝑠𝑓𝑙 = 𝑧 + 𝑤𝑠𝑖𝑛𝜙 + 𝑎𝑠𝑖𝑛𝜃 

𝑧𝑠𝑟𝑟 = 𝑧 − 𝑤𝑠𝑖𝑛𝜙 −  𝑏𝑠𝑖𝑛𝜃 

𝑧𝑠𝑟𝑙 = 𝑧 + 𝑤𝑠𝑖𝑛𝜙 −  𝑏𝑠𝑖𝑛𝜃 

(8) 

 

B. Lateral and longitudinal Dynamics 

In this section, we use the Four-wheel vehicle model (FWVM), 

commonly called the two tracks model, and widely used in the 

literature to study and control the longitudinal and transversal 

vehicle dynamics behavior [21], [22]. This model has the 

advantage that it clearly represents the four wheels. Fig. 2 

shows plane scheme for the vehicle. 

 
Applying Newton’s second law to the lumped vehicle mass 

longitudinally, laterally and about a vertical axis through the center of 

mass produces the following equations of motion: 

 

𝑀𝑥̈ = 𝑀𝜓̇𝑦̇ − 𝐹𝑥,𝑟𝑒𝑠  + 𝑐𝑜𝑠𝛿(𝐹𝑥,𝑓𝑟  + 𝐹𝑥,𝑓𝑙 ) +

𝐹𝑥,𝑟𝑟 + 𝐹𝑥,𝑟𝑙 − 𝑠𝑖𝑛𝛿(𝐹𝑦,𝑓𝑟 + 𝐹𝑦,𝑓𝑙 )    
(9) 

 

𝑀𝑦̈ = −𝑀𝜓̇𝑥̇ − 𝐹𝑦,𝑟𝑒𝑠  + 𝑠𝑖𝑛𝛿(𝐹𝑥,𝑓𝑟  + 𝐹𝑥,𝑓𝑙 ) +

𝐹𝑦,𝑟𝑟 + 𝐹𝑦,𝑟𝑙 + 𝑐𝑜𝑠𝛿(𝐹𝑦,𝑓𝑟 + 𝐹𝑦,𝑓𝑙 )   
(10) 

 

𝐼𝑧𝜓̈ = 𝑀𝑟𝑒𝑠 − 𝑤 (𝑐𝑜𝑠𝛿(𝐹𝑥,𝑓𝑙  − 𝐹𝑥,𝑓𝑟 ) +

𝑠𝑖𝑛𝛿(𝐹𝑦,𝑓𝑟 − 𝐹𝑦,𝑓𝑙 )) +   𝑎( 𝑠𝑖𝑛𝛿(𝐹𝑥,𝑓𝑙  + 𝐹𝑥,𝑓𝑟 )   +

𝑐𝑜𝑠𝛿(𝐹𝑦,𝑓𝑙 + 𝐹𝑦,𝑓𝑟 )) − 𝑏(𝐹𝑦,𝑟𝑟 + 𝐹𝑦,𝑟𝑙 ) −

𝑤(𝐹𝑥,𝑟𝑙  − 𝐹𝑥,𝑟𝑟 )   

 

(11) 

𝑎𝑦 = 𝑦̈  + 𝑥̇𝜓̇ (12) 

Figure 2. 2D representation of a four-wheel vehicle model. 
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𝑎𝑥 = 𝑥̈  − 𝑦̇𝜓̇ 

 

(13) 

 

𝛽 = 𝑎𝑟𝑐𝑡𝑎𝑛(𝑦̇/𝑥̇) (14) 

 

Knowing that  𝑥̈ 𝑎𝑛𝑑 𝑦̈ are the longitudinal and lateral acceleration in 

the mobile frame reference of the vehicle. Where 𝑎𝑦  𝑎𝑛𝑑 𝑎𝑥 are the 

longitudinal and lateral acceleration in the fixed frame reference. 

C. Wheels Dynamics 

The four equations describing the angular velocity of each wheel are: 

 

𝐼𝑟𝛺̇𝜗 = −𝑟𝜗𝐹𝑥,𝜗 + 𝐶𝑚,𝜗 − 𝐶𝑏,𝜗 (15) 

 

Each wheel has its longitudinal speed, which can be found by applying 

the classical principles of physics and are given by the following 

formulas: 

 

𝜈𝑥,𝑓𝑟 =  (𝑥̇ + 𝑐𝜓̇)𝑐𝑜𝑠𝛿 + (𝑦̇  +  𝑎𝜓̇)𝑠𝑖𝑛𝛿    (16) 

𝜈𝑥,𝑓𝑙 = (𝑥̇ − 𝑐𝜓̇)𝑐𝑜𝑠𝛿 + (𝑦̇  +  𝑎𝜓̇)𝑠𝑖𝑛𝛿  (17) 

𝜈𝑥,𝑟𝑟 = 𝑥̇ + 𝑤𝜓̇  (18) 

𝜈𝑥,𝑟𝑙 = 𝑥̇ − 𝑤𝜓̇  (19) 

 

Due to the elasticity of the tire and under the effect of the transversal 

efforts, a torque of auto alignment is created, this torque modifies the 

initial direction of the wheel by an angle called slip angle. So the slip 

angle can be defined as the angle that exists between the velocity 

vector of the wheel and the orientation of the wheel, it is calculated in 

the following way: 

 

𝛼𝑓𝑟 = 𝛿 − 𝑎𝑟𝑐𝑡𝑎𝑛(  
𝑦̇ + 𝑎𝜓̇

𝑥̇ + 𝑤𝜓̇
 ) 

(20) 

𝛼𝑓𝑙 = 𝛿 − 𝑎𝑟𝑐𝑡𝑎𝑛(  
𝑦̇ + 𝑎𝜓̇

𝑥̇ − 𝑤𝜓̇
 ) 

𝛼𝑟𝑟 = −𝑎𝑟𝑐𝑡𝑎𝑛(  
𝑦̇ − 𝑏𝜓̇

𝑥̇ + 𝑤𝜓̇
 ) 

𝛼𝑟𝑙 = −𝑎𝑟𝑐𝑡𝑎𝑛(  
𝑦̇ − 𝑏𝜓̇

𝑥̇ − 𝑤𝜓̇
 ) 

 

The longitudinal slipping for each of the four wheels is given by the 

following equations: 

 

𝜎𝑥,𝜗 =

{
 
 

 
 𝑟𝛺𝜗 − 𝑣𝑥,𝜗

𝑟𝛺𝜗
     𝑑𝑢𝑟𝑖𝑛𝑔 𝑎𝑐𝑐𝑒𝑙𝑒𝑟𝑎𝑡𝑖𝑜𝑛

𝑟𝛺𝜗 − 𝑣𝑥,𝜗
𝑣𝑥,𝜗

            𝑑𝑢𝑟𝑖𝑛𝑔 𝑏𝑟𝑎𝑘𝑖𝑛𝑔

 (21) 

 

The term slip expresses the difference between the wheel velocity and 

the vehicle velocity when a driving or braking force is applied on the 

tire [23]. 

 

D. Wheel-ground contact forces 

The vertical load on each tire can be expressed by the following 

equations: 

 

𝐹𝑧,𝜗 = 𝑚𝑧𝜗−𝑘𝑡𝜗(𝑧𝑢𝜗 − 𝑧𝑟𝜗) − 𝑐𝑡𝜗(𝑧̇𝑢𝜗 − 𝑧̇𝑟𝜗) (22) 

 

The lateral and longitudinal contact forces on each tire can be 

expressed by the following equations based on the Dugoff’s model 

[24]: 

 

 

𝐹𝑥,𝜗 = 𝐶𝜎
 𝜎𝑥,𝜗

1 −  𝜎𝑥,𝜗
𝑓(𝜆𝜗) (23) 

  

 𝐹𝑦,𝜗 = 𝐶𝛼
𝑡𝑎𝑛(𝛼𝜗)

1 −  𝜎𝑥,𝜗
𝑓(𝜆𝜗) (24) 

  

𝑓(𝜆𝜗) = {
(2 − 𝜆𝜗)𝜆𝜗     𝑓𝑜𝑟 𝜆𝜗 < 1
1                  𝑓𝑜𝑟 𝜆𝜗 ≥ 1

 (25) 

  

𝜆𝜗 =
𝜇𝐹𝑧𝜗(1 −  𝜎𝑥,𝜗)

2√(𝐶𝛼  𝜎𝑥,𝜗)
2 + (𝐶𝜎𝑡𝑎𝑛(𝛼𝜗))

2
 (26) 

 

It provides a simple formulation and the ability to describe forces under 

pure cornering, pure acceleration/braking and combined acceleration 

(braking)/cornering maneuvers. It assumes a uniform vertical pressure 

distribution on the tire contact patch. Compared to the Magic formula 

tire model, Dugoff’s model offers one significant advantage; it 

synthesizes all the tire property parameters into two constants, 𝐶𝜎 

and 𝐶𝛼, called longitudinal and cornering (lateral) stiffness of the 

tires[21]. 

III. REFERENCE VEHICLE MODEL 

The modeling of the vehicle movement can be considerably simplified 

by using a bicycle model of the vehicle. It is also known as the single 

track model. The bicycle model shown in Fig. 3 will be used to 

generate the dynamic reference which is desired by the driver without 

the existence of any external disturbances. For that the bicycle model 

is simplified to only account for the slip angle  𝛽𝑟𝑒𝑓   and the yaw rate   

𝜓̇𝑟𝑒𝑓, representing the lateral dynamics of the vehicle in normal 

driving conditions. 

 

This model is one of the most widely known models and it is fully 

described in [25]. The dynamic equations of the vehicle reference 

model can be written as follows: 

 

{
 
 

 
 𝛽̇𝑟𝑒𝑓  = −𝜓̇𝑟𝑒𝑓  +

1

𝑀𝑥̇
[𝐶𝑓 (𝛿 − 𝛽𝑟𝑒𝑓 −

𝑎𝜓̇𝑟𝑒𝑓

𝑥̇
) + 𝐶𝑟 (− 𝛽𝑟𝑒𝑓 + 

𝑏𝜓̇𝑟𝑒𝑓

𝑥̇
)]        

𝜓̈𝑟𝑒𝑓 =
1

𝐼𝑧
[𝑎𝐶𝑓 (𝛿 − 𝛽𝑟𝑒𝑓 −

𝑎𝜓̇𝑟𝑒𝑓

𝑥̇
) − 𝑏𝐶𝑟 (− 𝛽𝑟𝑒𝑓 + 

𝑏𝜓̇𝑟𝑒𝑓

𝑥̇
)]       (27)    

 

 

Where  𝐶𝑓 𝑎𝑛𝑑 𝐶𝑟  are the rigidity of front and rear wheels axles 

respectively, and for reason of safety 𝛽𝑟𝑒𝑓  and  𝜓̇𝑟𝑒𝑓 must be limited 

as follows [26]: 

 

|𝜓̇𝑟𝑒𝑓,𝑚𝑎𝑥| ≤ |
0.85𝜇𝑔

𝑥̇
|    &   𝛽𝑟𝑒𝑓,𝑚𝑎𝑥 =  𝑎𝑟𝑐𝑡𝑎𝑛(0.02𝜇𝑔) (28) 

Figure 3. Bicycle model. 
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The standalone controllers AFS & DYC are synthesized based on the 

linear bicycle model, this relatively simple model represents the lateral 

vehicle dynamics. However, it should be slightly modified taking into 

account the controller’s objectives and structure, the model is extended 

to include two control inputs from the active stability systems:  

 

- The direct yaw moment 𝑀𝑧
∗ that will be transformed into the 

corresponding differential rear braking torque of the DYC.  

- The steering angle 𝛿 is written as the sum of the driver’s steering 

input 𝛿𝑑 and the additive front steering input 𝛿𝑐
∗ of the AFS. 

 

Then the dynamic equations of the vehicle synthesis model will be 

written as follows: 

 

{
 
 
 
 
 

 
 
 
 
 

𝛽̇  = −𝜓̇  +
1

𝑀𝑥̇

[
 
 
 
 𝐶𝑓 (𝛿𝑑 + 𝛿𝑐

∗ − 𝛽 −
𝑎𝜓̇

𝑥̇
)

+𝐶𝑟 (− 𝛽 + 
𝑏𝜓̇

𝑥̇
)

]
 
 
 
 

        

 
 

𝜓̈ =
1

𝐼𝑧

[
 
 
 
 𝑎𝐶𝑓 (𝛿𝑑 + 𝛿𝑐

∗ − 𝛽 −
𝑎𝜓̇

𝑥̇
)

−𝑏𝐶𝑟 (− 𝛽 + 
𝑏𝜓̇

𝑥̇
) + 𝑀𝑧

∗ 
]
 
 
 
 

 

(29) 

IV. ACTUATORS MODEL 

The actuators models for active steering and differential braking are 

added to the global control scheme to take into consideration their 

dynamic response with respect to the control input signals. The 

following models used in [11] will be adopted: 

 

A. A steer-by-wire Active steering system that will generate an 

additive steering angle applied to the front wheel axle and 

modeled as:  

 𝛿̇𝑐 = 2𝜋𝑓1(𝛿
+ − 𝛿𝑐) (30) 

 

Where 𝑓1 = 10𝐻𝑧  is the cut-off frequency, 𝛿+ 𝑎𝑛𝑑 𝛿𝑐 are the output 

of the steering controller and actuator respectively. The output of the 

actuator is limited between [-5°, 5°].  
 

B. A brake-by-wire electromechanical braking system that will 

provide the positive braking torque modeled as:  

 

 𝑇̇𝑏𝑟𝑗 = 2𝜋𝑓2(𝑇̅𝑏𝑟𝑗 − 𝑇𝑏𝑟𝑗
∗ )  (31) 

 

Where 𝑓2 = 10𝐻𝑧  is the cut-off frequency,   𝑇̅𝑏𝑟𝑗𝑎𝑛𝑑 𝑇𝑏𝑟𝑗
∗   are the 

output of the ABS rear local controller and the actuator respectively. 

The output of the actuator is limited between [0, 1200] N.m. The 

braking torque is only applied to the rear wheels to avoid any 

interference with the front active steering command.  

 

ABS Control Strategy: 

The Anti-lock Braking System (ABS) control strategy is reproduced 

and added to the global scheme at the rear wheels where the braking 

command is applied. This local controller is used to avoid slipping 

situations leading to loss of maneuverability. It achieves good     

braking performances. When the required braking control torque  𝑇𝑏𝑟𝑗
𝑑   

is too high, it might lead to a skidding situation and an ABS         

strategy is needed. The principle of this ABS relies on the mixed        

slip / deceleration method developed in [27] 

 

𝑇̅𝑏𝑟𝑗 = 𝑚𝑖𝑛(𝑇𝑏𝑟𝑗
𝑑 , 𝑇𝐴𝐵𝑆,𝑏𝑟𝑗) (32) 

 

If the braking torque  𝑇𝑏𝑟𝑗
𝑑   exceeds   𝑇𝐴𝐵𝑆,𝑏𝑟𝑗  , the braking torque 

determined by the ABS, a skidding situation takes place and the ABS 

is activated. 

 

C. Active Suspension System 

The dynamics of the actuator of the active suspension system is 

represented by the following equation [1]: 

 

𝐴̇ = −𝛽𝑎𝐴 −  𝜅𝑆(𝑧̇𝑠 − 𝑧̇𝑢) + 𝑠𝑖𝑔𝑛(𝑝𝑠 −

         𝑠𝑖𝑔𝑛(𝑧𝑣)𝐴)𝛾√|𝑝𝑠 − 𝑠𝑖𝑔𝑛(𝑧𝑣)𝐴| 𝑧𝑣  
(33) 

 

Where 𝐴  represents the pressure given by the actuator, 𝑧𝑣 the 

displacement of the servo valves,  𝑆  is the area of the piston, 𝑝𝑠 the 

provided pressure, 𝑧̇𝑠 − 𝑧̇𝑢 the velocity of suspension deflection and  

𝛽𝑎  , 𝜅 𝑎𝑛𝑑 𝛾 are constant parameters. 

 

The dynamics of the servo valves is represented by the following 

equation: 

 

 𝑧̇𝑣 =
1

𝜏
(−𝑧𝑣 + 𝑢)  (34) 

 

Where  𝜏  is the time constant, 𝑢 is the entered command such that 𝑢 =
𝑅𝑖,  𝑖 is the current of the coil of the servo-valve and 𝑅 is the gain or 

resistance of servo-valve. 

 

Four actuators are used, one at every corner of the vehicle providing 

the necessary force 𝑓𝜗 , such that 𝑓𝜗 = 𝑆𝐴𝜗. 

 

V.  CONTROLLERS 

 

A. Active Steering controller 

This controller aims to control the maneuverability of the vehicle by 

reducing the yaw rate error, by determining the additive steering angle 

𝛿𝑐
∗ that will be added to the driver's steering input at the front wheels. 

Let the corresponding sliding variable 𝑆1 be: 

   

𝑆1 = 𝑒𝜓̇ = 𝜓̇ − 𝜓̇𝑟𝑒𝑓  (35) 

 

Where 𝜓̇ and 𝜓̇𝑟𝑒𝑓 are obtained from the synthesis vehicle model and 

the vehicle reference model respectively. It can be easily seen from 

(29) that the control input 𝛿𝑐
∗ appears explicitly in the first time 

derivative of 𝑆1. Therefore, the system has a relative degree of one with 

respect to 𝑆1. Hence, we can apply the second order Sliding Mode 

Control (SMC), super-twisting algorithm, where the control law acts 

on the time derivative of the sliding variable  𝑆1 and guarantees 𝑆1̇ =
𝑆1 = 0. The following expression must be derived for the 

corresponding sliding variable 

 

𝑆̇1 = 𝜉1(𝑡, 𝑆1) + 𝜑1(𝑡, 𝑆1)𝛿𝑐
∗ (36) 

 

On the other hand, we have: 

 

𝑆̇1 = 𝑒̇𝜓̇ = 𝜓̈ − 𝜓̈𝑟𝑒𝑓  (37) 
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It is necessary to assume some conditions over 𝜉1 and 𝜑1to guarantee 

the reachability of the sliding surface 𝑆1=0 in finite time: 

 

0 < 𝑘1 < |𝜑1| < 𝐾1 𝑎𝑛𝑑 |𝜉1 | < 𝐶1 (38) 

 

For all | 𝑆1| <  𝑆1,0 , where 𝑘1, 𝐾1, 𝐶1 𝑎𝑛𝑑 𝑆1,0 are positive constants. 

There exist different kinds of second order SMC algorithms in the 

literature [28]. Generally, most of the second order sliding mode 

requires the measurement of 𝑆1 and 𝑆1̇ to be available except the super-

twisting algorithm where 𝑆1 is the only needed variable. This 

algorithm has been developed to control systems with relative degree 

one and to avoid the chattering phenomena. The trajectories on the 

sliding plane (𝑆1; 𝑆̇1) are characterized by twisting around the origin. 

The control law  𝛿𝑐
∗ = 𝛿𝑐1

∗ + 𝛿𝑐2
∗   is composed of two terms that do not 

depend on 𝑆̇1: 

 

{

𝛿̇𝑐1
∗ = −𝜌1𝑠𝑖𝑔𝑛(𝑆1)

𝛿𝑐2
∗ = −𝛼1|𝑆1|

0.5𝑠𝑖𝑔𝑛(𝑆1)

𝜌1, 𝛼1  > 0

 (39) 

 

𝜌1 and 𝛼1 should satisfy the sufficient conditions precised in [29] to 

guaranty the convergence in finite time on the sliding surface. The 

conditions over 𝜌1 and 𝛼1 are function of the sliding variable behavior, 

i.e. a function of the vehicle synthesis model, the reference model and 

the vehicle's parameters:  

 

𝜌1 >
𝐶1
𝑘1
 𝑎𝑛𝑑  𝛼1 ≥ 

4𝐶1(𝐾1 𝜌1 + 𝐶1)

𝑘1
2(𝑘1𝜌1 − 𝐶1)

 (40) 

 
B.  Direct Yaw Controller 

To guarantee the lateral stability of the vehicle, the objective of this 

controller is to reduce the vehicle's side-slip error and its time 

derivative by computing a corrective yaw moment 𝑀𝑧
∗ which will then 

be transformed into a braking torque 𝑇𝑏𝑟
∗ . The same methodology used 

in subsection A is used in this subsection, and the sliding variable 𝑆2 

which was used in [10].  𝑆2 is defined as: 

 

𝑆2 = (𝛽 − 𝛽𝑟𝑒𝑓) + 𝜒(𝛽̇ − 𝛽̇𝑟𝑒𝑓)     𝑤𝑖𝑡ℎ 𝜒 > 0 (41) 

 

Where 𝛽, 𝛽𝑟𝑒𝑓  𝑎𝑛𝑑 𝛽̇, 𝛽̇𝑟𝑒𝑓  are obtained from the synthesis and 

reference vehicle models. It is simple to verify that the system has also 

a relative degree of one with respect to 𝑆2 and the control input 𝑀𝑧
∗ . 

The super-twisting algorithm is then used to derive the control input 

𝑀𝑧
∗  after deriving 𝜉2 and 𝜑2. The control law is constituted of two 

terms  𝑀𝑧
∗ = 𝑀𝑧1

∗ +𝑀𝑧2
∗  with: 

 

{

𝑀̇𝑧1
∗ = −𝜌2𝑠𝑖𝑔𝑛(𝑆2)

𝑀𝑧2
∗ = −𝛼2|𝑆2|

0.5𝑠𝑖𝑔𝑛(𝑆2)

𝜌2, 𝛼2  > 0

 (42) 

 

Same conditions over 𝜌1 and 𝛼1 described by (40) imply on 𝜌2 and 𝛼2. 

 

The corrective yaw moment 𝑀𝑧
∗  can be generated by applying 

different braking forces on the two sides of the rear wheels axle or by 

braking only one wheel at a time. From an optimal point of view, it is 

recommended to brake only one wheel at a time [30]. Moreover, the 

vehicle is more decelerated when both wheels are braked to generate 

the same amount of 𝑀𝑧
∗  . 

 

In [12] the equivalent torque difference Δ𝑇∗𝑏,𝑟 = 𝑇
∗
𝑏,𝑟𝑙 − 𝑇

∗
𝑏,𝑟𝑟 

between the left and right sides of the rear axle can be expressed in 

terms of 𝑀𝑧
∗  : 

Δ𝑇𝑏,𝑟
∗ =

2𝑀𝑧
∗𝑟

𝑤
 (43) 

 

The brake torque applied to the wheel must be positive; therefore, the 

choice of the wheel to be controlled is done as following: 

 

{
𝑖𝑓 Δ𝑇𝑏𝑟 < 0; 𝑇𝑏𝑟𝑟 = −Δ𝑇𝑏𝑟  ,   𝑇𝑏𝑟𝑙 = 0

𝑖𝑓 Δ𝑇𝑏𝑟 > 0; 𝑇𝑏𝑟𝑙 = Δ𝑇𝑏𝑟 , 𝑇𝑏𝑟𝑟 = 0
 (44) 

  

C. Active suspension Controller 

In this section, the design of a two-level controller is proposed for 

active suspension system. The required control force 𝑓𝜗   is computed 

by applying a high-level controller, which is designed using a 

backstepping method. The suspension structure contains nonlinear 

components, i.e. the dynamics of the dampers, the springs and the 

actuator dynamics. The actuator generating the necessary control force 

is a nonlinear state dependent switching system, for which a low-level 

backstepping-based force-tracking controller is also designed. The two 

levels structure is illustrated in the following scheme (Fig. 4) 

where  𝑧𝑟𝑒𝑓 , 𝜃𝑟𝑒𝑓 𝑎𝑛𝑑 𝜙𝑟𝑒𝑓 are equal to zero in our study, seeking the 

objective of providing comfort for passenger and road holding. 

 
We assume that the reference for 𝑓𝜗 (which is a linear function of 𝐴𝜗) 

is given by the high-level controller. The goal is to asymptotically track 

this reference with the actuator dynamics. 

 

a. Low-Level controller (Active suspension Actuator) 

 

The objective of this controller is to track the forces provided by the 

high-level controller 𝑓𝜗
𝑑  . This controller takes as input the desired 

forces and gives the needed control inputs 𝑢𝜗 as shown in Figure 4. 

The backstepping design for the actuator subsystem can be performed 

in two steps. The reference computed by the high level controller is 

denoted by 𝑓𝑑, then 𝐴𝑑 = 𝑓𝑑 𝑆⁄ . 
The pressure error can be expressed by the following equation: 

 

𝑒𝐴 = 𝐴 − 𝐴
𝑑 (45) 

 

In order to ensure that the pressure error converges to zero, it is 

sufficient that the required tracking error dynamics be defined as:  

 

𝑒̇𝐴 = −𝜂1𝑒𝐴 

 

𝐴̇  − 𝐴𝑑̇ = −𝜂1(𝐴 − 𝐴
𝑑)  𝑤𝑖𝑡ℎ  𝜂1 > 0  

(46) 

 

let 𝑄 =  𝑠𝑖𝑔𝑛(𝑝𝑠 − 𝑠𝑖𝑔𝑛(𝑧𝑣)𝐴)𝛾√|𝑝𝑠 − 𝑠𝑖𝑔𝑛(𝑧𝑣)𝐴|, then (46) can be 

Figure 4. Structure of  two level controller. 
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written as follows: 

 𝑧𝑣𝑄 = 𝛽𝑎𝐴 +  𝜅𝑆(𝑧̇𝑠 − 𝑧̇𝑢) + 𝐴
𝑑̇ − 𝜂1(𝐴 − 𝐴

𝑑)  (47) 

 

Then the reference for 𝑧𝑣  is given by: 

 

𝑧𝑣
𝑑 =

𝛽𝑎𝐴 +  𝜅𝑆(𝑧̇𝑠 − 𝑧̇𝑢) + 𝐴
𝑑̇ − 𝑘1(𝐴 − 𝐴

𝑑)

𝑄
 (48) 

 

The second step is to choose a control input 𝑢 that converges the error 

𝑒𝑧𝑣 = 𝑧𝑣  −  𝑧𝑣
𝑑  to zero. Then to ensure the convergence, the 

tracking error dynamics is chosen as: 

  

𝑒̇𝑧𝑣 = −𝜂2𝑒𝑧𝑣  

 

 

𝑧𝑣̇  − 𝑧𝑣
𝑑̇ = −𝜂2(𝑧𝑣  − 𝑧𝑣

𝑑)    𝑤𝑖𝑡ℎ  𝜂2 > 0 

(49) 

 

 

This gives 

  

−
1

𝜏
𝑧𝑣 +

1

𝜏
𝑢 − 𝑧𝑣

𝑑̇ = −𝜂2(𝑧𝑣  − 𝑧𝑣
𝑑) (50) 

 

 

From which the following expression for the physical input 𝑢 is 

deduced: 

 

𝑢 =
 
1
𝜏
𝑧𝑣  + 𝑧̇𝑣

𝑑 − 𝜂2(𝑧𝑣  − 𝑧𝑣
𝑑)  

1/𝜏
 (51) 

 

By applying the above design, the closed loop system will be 

asymptotically stable with control Lyapunov function 𝑉(𝑧) =
1

2
𝑒𝐴
2 +

1

2
𝑒𝑧𝑣

2, where 𝜂2 > 𝜂1 > 0 , which control the speed of convergence. 

 

 

b. High level controller (Chassis Supervisor) 

 

The main objective of the control of the active suspension is to reduce 

the effect of irregularities of the road to improve the passenger’s 

comfort and to increase safety during critical maneuvers, by roll and 

roll rate compensation. For this purpose a backstepping method is 

proposed.   

First, the control function  𝑢𝑧  for the heave motion is designed to 

guarantee the convergence of the tracking error 𝑒𝑧1 = 𝑧 − 𝑧𝑟𝑒𝑓 to zero.  

Starting with the equation of tracking error 𝑒𝑧1 = 𝑧 − 𝑧𝑟𝑒𝑓 , we have 

𝑒̇𝑧1 = 𝑧̇ − 𝑧̇𝑟𝑒𝑓. 

 

Choose a virtual control 𝑧̇𝑑 to make the tracking error 𝑒𝑧1 converges 

to zero. Let 𝑒𝑧2 = 𝑧̇ − 𝑧̇
𝑑 ,  then: 

 

𝑒̇𝑧1 = (𝑒𝑧2 + 𝑧̇
𝑑) − 𝑧̇𝑟𝑒𝑓 (52) 

 

Considering a Lyapunov function candidate as follows: 

 

𝑉1 =
1

2
𝑒𝑧1
2  (53) 

 

The time derivative of 𝑉1 : 

 

𝑉1̇ = 𝑒𝑧1 ∗ 𝑒̇𝑧1  (54) 

     =  𝑒𝑧1 ∗ (𝑒𝑧2 + 𝑧̇
𝑑  − 𝑧̇𝑟𝑒𝑓) 

     =  𝑒𝑧1 ∗ 𝑒𝑧2 + 𝑒𝑧1(𝑧̇
𝑑  − 𝑧̇𝑟𝑒𝑓) 

 
Choose  

 

(𝑧̇𝑑  − 𝑧̇𝑟𝑒𝑓) = −𝜂𝑧1 ∗ tanh (𝑒𝑧1) (55) 

 

𝑉1̇ = 𝑒𝑧1 ∗ 𝑒𝑧2 − 𝑒𝑧1 ∗ 𝜂𝑧1 ∗ tanh (𝑒𝑧1) (56) 

 

Clearly, if 𝑒𝑧2=0, then 𝑉̇1 = −𝜂𝑧1𝑒1𝑡𝑎𝑛ℎ(𝑒𝑧1) ≤ 0 and 𝑒𝑧1 is 

guaranteed to converge to zero asymptotically [31]. 

 

Then synthesize a control law for 𝑢𝑧, so that the error  𝑒𝑧2 converges 

to zero. Differentiating the error dynamics 𝑒𝑧2 results in: 

 

𝑒̇𝑧2 = 𝑧̈ − 𝑧̈𝑑 

       = 𝑓𝑧(𝑥, 𝑥̇) + 𝑔𝑧(𝑥, 𝑥̇) ∗ 𝑢𝑧 − 𝑧̈𝑟𝑒𝑓 + 

             𝜂𝑧1(1 − 𝑡𝑎𝑛ℎ
2( 𝑒𝑧1))𝑒̇𝑧1 

(57) 

 

Choosing the control law as following: 

 

 

𝑢𝑧 = 𝑔𝑧(𝑥, 𝑥̇)
−1(−𝜂𝑧1(1 − 𝑡𝑎𝑛ℎ

2(𝑒𝑧1))𝑒̇𝑧1 + 𝑧̈𝑟𝑒𝑓
− 𝜂𝑧2𝑡𝑎𝑛ℎ(𝑒𝑧2) − 𝑒𝑧1 − 𝑓𝑧(𝑥, 𝑥̇) ) 

(58) 

 

Then, 

 

𝑒̇𝑧2 = −𝜂𝑧2𝑡𝑎𝑛ℎ(𝑒𝑧2) − 𝑒𝑧1 
(59) 

 

𝑤ℎ𝑒𝑟𝑒 𝜂𝑧2  > 0  

 

And choosing a Lyapunov function candidate: 

 

𝑉2 = 𝑉1 +
1

2
𝑒𝑧2
2      (60) 

 

Calculating its time derivative gives: 

 

𝑉̇2 = 𝑉̇1 + 𝑒𝑧2 ∗ 𝑒̇𝑧2 
     = 𝑒𝑧1 ∗ 𝑒𝑧2 − 𝑒𝑧1𝜂𝑧1 tanh(𝑒𝑧1)

+ 𝑒𝑧2(−𝜂𝑧2 tanh(𝑒𝑧2) − 𝑒𝑧1) 
 

     = −𝑒𝑧1𝜂𝑧1 tanh(𝑒𝑧1) − 𝑒𝑧2𝜂𝑧2 tanh(𝑒𝑧2) ≤ 0 

    (61) 

 

Following a similar procedure, the resultant control function 

𝑢𝜃 𝑎𝑛𝑑 𝑢𝜙 for pitch and roll motion can be obtained as: 

 

𝑢𝜃 = 𝑔𝜃(𝑥, 𝑥̇)
−1(−𝜂𝜃1(1 − 𝑡𝑎𝑛ℎ

2(𝑒𝜃1))𝑒̇𝑧1 +

𝜃̈𝑟𝑒𝑓− 𝜂𝜃2𝑡𝑎𝑛ℎ(𝑒𝜃2) − 𝑒𝜃1 − 𝑓𝜃(𝑥, 𝑥̇))    
(62) 

 

 

𝑢𝜙 = 𝑔𝜙(𝑥, 𝑥̇)
−1(−𝜂𝜙1(1 − 𝑡𝑎𝑛ℎ

2(𝑒𝜙1))𝑒̇𝜙1 +

𝜙̈𝑟𝑒𝑓 −  𝜂𝜙2𝑡𝑎𝑛ℎ(𝑒𝜙2) − 𝑒𝜙1 − 𝑓𝜙(𝑥, 𝑥̇))   
(63) 

 

In order to obtain the desired forces 𝑓𝑓𝑟
𝑑 , 𝑓𝑟𝑟

𝑑  , 𝑓𝑓𝑙
𝑑 , 𝑓𝑟𝑙

𝑑
,we use the 

relation between the control inputs computed and the forces (6) that is: 
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(

 
 

𝑢𝑧

𝑢𝜃

𝑢𝜙)

 
 
=

(

 
 

1  

𝑎  

−𝑤     

 

1

𝑎

𝑤

 

    1

  −𝑏

     −𝑤

 

    1

  −𝑏

    𝑤)

 
 

(

 
 

𝑓𝑓𝑟
𝑑

𝑓𝑓𝑙
𝑑

𝑓𝑟𝑟
𝑑

𝑓𝑟𝑙
𝑑  )

 
 

 (64) 

 

A fourth relation added to the three above relations: the Roll Stiffness 

Distribution (RSD) factor 𝛼𝑅𝑆𝐷(𝑡)[32]. RSD factor distributes the 

active roll moments to the front and rear suspensions in way that causes 

variable load transfer distribution and influence tire side force 

saturation properties in the front and rear axles respectively and thus 

the lateral and longitudinal stability. 

 

The relation is as follows: 

 

𝑤 (𝑓𝑓𝑙
𝑑 − 𝑓𝑓𝑟

𝑑) = 𝛼𝑅𝑆𝐷(𝑡) ∗ 𝑢𝜙  (65) 

 

 

Then calculating the desired forces as follows: 

 

𝑓𝑑 =

(

 
 

𝑓𝑓𝑟
𝑑

𝑓𝑓𝑙
𝑑

𝑓𝑟𝑟
𝑑

𝑓𝑟𝑙
𝑑  )

 
 
=

(

 
 
 
 

1  

𝑎  

−𝑤     

 

1

𝑎

𝑤

 

    1

  −𝑏

     −𝑤

 

    1

  −𝑏

    𝑤 
 

−𝑤       𝑤        0        0)

 
 
 
 

−1

(

 
 
 
 

𝑢𝑧

𝑢𝜃

𝑢𝜙  
𝛼𝑅𝑆𝐷(𝑡) ∗ 𝑢𝜙)

 
 
 
 

 

 

                       (66) 

 

VI. CONTROL STRATEGY 

In order to obtain a global chassis control, a coordinated control 

strategy between the three subsystems; active steering, differential 

braking and active suspension was implemented. Active steering and 

differential braking plays an important role in stabilizing the lateral 

dynamics of the vehicle. In addition, active suspension system shows 

its good effect on lateral stability during maneuvering, using a 

proposed strategy for the distribution of its active forces 𝑓𝜗. This 

strategy also shows its efficiency in decreasing the propensity of 

rollover accidents in critical maneuvers at the same time by providing 

an anti-roll moment that decreases the roll angle and roll rate by the 

active suspension system. In normal driving situations, it provides 

comfort to passengers and road holding. 

 

Indeed, in normal driving situations (safe region), the lateral 

acceleration and roll angle have small values. In this case, the active 

suspension system work in the trade off choice to improve comfort and 

road holding by converging  𝑧, 𝜃 𝑎𝑛𝑑 𝜙 to their reference values, 

which are chosen to be zero in our study to achieve our objectives . We 

name this case as “soft-case”. When the driving situation reaches the 

dangerous region, the vehicle stability is weak, lateral acceleration 𝑎𝑦 

increases and the propensity for rollover increases (critical region). In 

this situation, the priority is given to roll angle and roll rate 

compensation, so a smooth switching to higher values is applied to the 

control parameters of active suspension controller, and this case is 

named as “hard-case”. 

The switching operation is implemented with the help of widely used 

index in the literature, which is the SSF index [33]. It represents the 

Static Stability Factor equal to  
𝑎𝑦

𝑔
 , it helps us to indicate the transition 

threshold between safe and critical region. Fig. 5 shows the switching 

operation for the control parameters corresponding to the backstepping 

method discussed before (Ⅴ.C.). In safe region the parameters 

(𝜂𝑧1, 𝜂𝜃1 𝑎𝑛𝑑 𝜂𝜙1) have the small value 𝜂1 
𝑠 𝑎𝑛𝑑 𝜂2

𝑠 and in critical 

region the values will increase smoothly to reach the values 𝜂1 
ℎ𝑎𝑛𝑑 𝜂2

ℎ. 

In this way, the roll compensation and anti-roll moment increases. 

 

By providing anti-roll moment, the controller shows its effectiveness 

in decreasing the rollover propensity. However, after simulating 

several test maneuvers, it is recognized that reducing the body roll 

angle causes the vehicle to slide laterally rather than to roll over. 

Therefore, it is important to implement a complementary strategy for 

the distribution of vertical suspension forces in a way that gives the 

lateral or longitudinal forces that create a convenient moment around 

the z-axis to stabilize the lateral vehicle dynamics. A proposed solution 

to increase stability is illustrated in Fig. 6. 

 

Fig. 6 shows the variation in the distribution of the desired forces, 

calculated by the higher-level controller that aims to converge 

𝑧, 𝜃, 𝑎𝑛𝑑 𝜙 to their references 𝑧𝑟𝑒𝑓 , 𝜃𝑟𝑒𝑓  𝑎𝑛𝑑 𝜙𝑟𝑒𝑓, as function of SI. 

The  Stability Index (SI), introduced in [13], calculates the vehicle's 

lateral stability region out of the phase plane of the side-slip angle and 

its time derivative as: 

 

𝑆𝐼 = |2.49𝛽 + 9.55𝛽̇| (67) 

 

 

Where 𝑆𝐼 < 1 corresponds to the stable region for 𝜇 = 1 (coefficient 

of adherence). For 𝑆𝐼 < 1, the value of 𝛼𝑅𝑆𝐷 is chosen to be equal to 

0.5, so that does not affect the distribution of forces results from the 

first three relations in (64). When the vehicle lateral dynamics enter in 

unstable region, 𝑆𝐼 > 1, the value of 𝛼𝑅𝑆𝐷 will change (Fig.6) . The 

basis of using this strategy is that the behavior of the vehicle at the 

limits of adhesion is quite different from its nominal behavior. At the 

limits of adhesion, the slip angle is high and the sensitivity of yaw 

moment to changes in steering angle becomes highly reduced. At large 

slip angles, changing the steering angle produces very little change in 

the yaw rate of the vehicle. This strategy addresses these issues by 

reducing the deviation of the vehicle behavior from its normal behavior 

on dry roads and by preventing the vehicle slip angle from becoming 

large.[26] 

 

Since the total amount of grip available in tires is not fixed, it is in fact 

depends in fact on a number of factors, one of which is the amount of 

Figure 5. Control Strategy (1). 



9 

 

weight acting on the wheel. If you decrease the amount of weight 

acting on the contact patch, this artificially lowers the amount of 

adhesion available, and vice versa. So two cases are studied, if 

|𝜓̇𝑟𝑒𝑓| > |𝜓̇|, the vehicle has more tendency to be in understeer 

situation, then the available grip in front wheels is exceeded, so a 

forward weight transfer is applied so that it increase the adhesion in 

the front wheels which free up more grip to steer. For this purpose a 

smooth switching for the value of 𝛼𝑅𝑆𝐷 from 0.5 to higher values is 

applied (e.g. 0.9). If |𝜓̇𝑟𝑒𝑓| < |𝜓̇|, the vehicle has more tendency to be 

in  oversteer situation, then the available grip in rear wheels is 

exceeded, so a backward weight transfer is applied so that it increase 

the adhesion in the rear wheels which free up more grip to correct the 

loss of traction and reduce vehicle rotation. For this purpose, a smooth 

switching for the value of 𝛼𝑅𝑆𝐷 from 0.5 to lower values is applied 

(e.g. 0.1). 

 

In some critical driving situations, the active suspension system is not 

sufficient and it is difficult for the driver to stabilize the vehicle. Safety 

of ground vehicles requires the improvement of yaw stability by active 

controller. In the stability region, only the AFS controller must be 

involved in the vehicle's control by tracking the yaw rate error to zero. 

The brake-based DYC, which tracks down the side-slip angle error to 

zero, is not recommended in normal driving situations since it 

decelerates the vehicle. Therefore, it will be activated only when the 

vehicle goes toward the instability region to assist the AFS controller. 

On the other hand and since the AFS will have no effect outside the 

vehicle stability region, the AFS controller will be deactivated when 

the vehicle goes toward the instability region. 

  

This coordination between AFS and the differential braking is 

illustrated in Fig.7, where “1” means activated and “0” means 

deactivated. The coordination block is implemented between the 

controllers, and in order to prevent sudden changes in the system 

dynamics a smooth transition should be ensured while the controllers 

pass from active to inactive state and vice versa. 

 

The scheme of Fig. 8 shows the general structure for the whole 

control system: 

VII. TEST MANEUVERS 

To demonstrate the effect of the designed control strategy, two 

simulations are conducted on the full vehicle model, both are critical 

driving situations widely used for testing controllers, one for stability 

and the other for rollover. 

 

In this section, in addition to SSF and SI index, we will use another 

two indexes that are a vehicle rollover threat index. 

 

a) LTR index, the vehicle load transfer ratio (LTR) is defined 

by:  

 

𝐿𝑇𝑅 =
𝐿𝑜𝑎𝑑 𝑜𝑛 𝑅𝑖𝑔ℎ𝑡 𝑇𝑖𝑟𝑒𝑠 −  𝐿𝑜𝑎𝑑 𝑜𝑛 𝐿𝑒𝑓𝑡 𝑇𝑖𝑟𝑒𝑠

𝑇𝑜𝑡𝑎𝑙 𝐿𝑜𝑎𝑑
 

 

Clearly, LTR varies within [−1, 1], and it is equal to zero for a 

symmetric car that is driving straight. The bounds LTR ∈ {−1, 1} are 

reached in the case of a wheel lift-off on either side of the vehicle. This 

indication capability of the LTR is useful in design of rollover 

prevention schemes. A dynamical approximation for the load transfer 

ratio, denoted 𝐿𝑇𝑅𝑑 [34], is given as follows where 𝑐𝜙 𝑎𝑛𝑑 𝑘𝜙are 

damping and roll stiffness respectively. 

 

𝐿𝑇𝑅𝑑 =
−2(𝑐𝜙𝜙̇ + 𝑘𝜙𝜙)

𝑚𝑔𝑇
 (68) 

 

b) RI index 

 

The RI is a dimensionless number that can indicate a danger of vehicle 

rollover. The RI is calculated by using the measured lateral 

acceleration, the roll angle, and the roll rate, and their critical values 

depend on vehicle geometry as follows [35]: 

 

 

 

Figure 6. Control strategy (2). 

Figure 7. Control strategy (3). 

Figure 8. General structure of Global Chassis control system. 
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𝑅𝐼 =

{
 
 

 
   𝜔1( 

|𝜙(𝑡)|𝜙̇𝑡ℎ+|𝜙̇(𝑡)|𝜙𝑡ℎ

𝜙̇𝑡ℎ𝜙𝑡ℎ
 ) + 𝜔2( 

|𝑎𝑦|

𝑎𝑦,𝑐
 )                                       

    +(1 − 𝜔1 − 𝜔2)(
|𝜙(𝑡)|

√(𝜙(𝑡))2+(𝜙̇(𝑡))2
),   𝜙(𝜙̇ − ℓ𝜙) > 0

  0                                             ,     𝜙(𝜙̇ − ℓ𝜙) ≤ 0

  

 

                      (69) 

 

Where 𝜔1, 𝜔2, and ℓ are positive constants. 𝜙̇𝑡ℎ ,𝜙𝑡ℎ and 𝑎𝑦,𝑐  are 

chosen to be 50 𝑑𝑒𝑔/𝑠 , 7 𝑑𝑒𝑔, 𝑎𝑛𝑑 8 𝑚/𝑠2 respectively [36]. 

 

 

A. Double-lane-change (DLC) maneuver on a dry road at 120 

km/h: 

 

In the first simulation, the vehicle negotiates a double-lane-change 

maneuver on a dry road (𝜇 = 0.95). This maneuver is often used in the 

vehicle handling performance test. We choose an initial speed of        

120 km/h, and a peak steering wheel angle of magnitude        

of 𝛿𝑑,𝑚𝑎𝑥 = 5°.  The steering profile corresponding to this maneuver 

is shown in Fig. 9. 

First, to demonstrate the effectiveness of the second control strategy       

(Fig. 6), a comparison is done between the performance of the passive 

system, the system with AS without second strategy, and the system 

with AS and second strategy (𝛼AS). Fig.10 shows the active 

suspension forces introduced to the vehicle with second strategy (blue) 

and without it (red). Fig. 11-14 show how did the active suspension 

system with the second strategy enhance vehicle stability. 

 

 
Figure 10. Active suspension forces. 

 

 
Figure 11. Comparison of Stability index between A𝑆 𝑎𝑛𝑑 𝛼𝐴𝑆. 

 
Figure 12. Comparison of sideslip angle between αAS and AS. 

 
Figure 13. Comparison of Yaw rate between αAS and AS. 

 
Figure 14. Comparison of Trajectories between αAS and AS. 

 

Figure 9. Driver steering input angle. 
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Figure 15. Z CoG displacement. 

 
Figure 16. Pitch angel 𝜃 ( ° ). 

 
Figure 17. Roll  angel 𝜙 ( ° ). 

It is obvious in Fig. 11 that the value of 𝑆𝐼 gets smaller with the 

system with the second strategy. The sideslip angle is lower 

(Fig.12) and the sensitivity of yaw rate to the changes in 

steering angle increased as shown in Fig.13. In Fig.14, it is 

clearly shown how the forward weight transfer can reduce 

understeer and improve maneuverability. Fig. 15-17, represent 

the comparison done for the displacement of the center of 

gravity, the pitch and roll dynamics. It is seen that the second 

strategy has small acceptable effect on the vertical dynamic of 

the vehicle as well as the pitch angle and roll angle.  

 

But, it is deduced that adding the active suspension system to 

the vehicle maybe not sufficient to provide a safe driving 

through a critical maneuvering. Therefore, we add the two other 

active systems, the active steering and differential braking 

system. Fig.18-19 represent the output of the three active 

actuators as function of time. 

 

 
Figure 18. Differential braking and active steering control output. 

 
Figure 19. Active suspension forces (αAS). 

 

Fig. 20 - 26 compare the fully coordinated controlled system, 

the passive system and the generated reference model. Fig. 20 

shows in blue how did the full controlled vehicle operates in the 

safe region (SI<1) during the maneuver where the SI peak=0.9. 

 

Fig. 21 represents the yaw rate response versus time. It shows 

that the uncontrolled vehicle significantly lags the desired yaw 

rate, while the controlled vehicle closely tracks the reference 

response. A comparison between the sideslip angles of the 

controlled and uncontrolled vehicles is illustrated in Fig. 22. 

The vehicle with integrated control achieves lower peaks values 

for sideslip angle compared to the passive system. Then an 

improvement in handling performance is obtained with the 

proposed controller. Fig. 23 shows the longitudinal and lateral 

velocities, it is noticed that the passive system decelerated more 

than the controlled one, and the lateral speed had smaller values 

in controlled system rather than the passive vehicle which 

indicates a better performance for the controlled vehicle. 

 

Although the controlled vehicle improves stability, it 

compensates the body roll angle and roll rate at the same time, 

and that what appears obviously in Fig. 24. Which then leads to 

the lower values for both rollover indexes as shown in Fig. 25. 

Finally yet importantly, in Fig. 26, the trajectories of the 

controlled and passive vehicles are compared to the ideal 

trajectory. It can be noticed that the controlled vehicle tracks 
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better the desired path, where the passive vehicle went out the 

desired trajectory. 

 

 
Figure 20. Stability index (SI), DLC. 

 
Figure 21. Yaw rate 𝜓̇  . 

 
Figure 22. Sideslip angle 𝛽  (°). 

 
Figure 23. Longitudinal and lateral velocities. 

 
Figure 24. Roll angle and roll rate. 

 
Figure 25. 𝐿𝑇𝑅𝑑 and RI. 

 
Figure 26. Vehicle trajectories. 

 

B. J-turn maneuver on a dry road at 65km/h. 

In the second simulation, the vehicle negotiates a J-turn 

maneuver on a dry road. This maneuver is often used in the 

vehicle rollover test. The goal of this test is to show the 
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effectiveness of the controller in decreasing rollover propensity. 

Fig. 27 introduces the driver steering profile.  

 

 
Figure 27. J-turn Driver steering input. 

 
Figure 28. Active steering output. 

Fig. 28 shows the output of the active steering actuator that 

regulates the yaw rate and makes it track it’s reference. Fig. 29 

shows the braking torques applied on the rear wheels during 

maneuver. This braking torques reduce the vehicle longitudinal 

speed that has a direct effect on the lateral acceleration 

according to (12).  

 

 
Figure 29. Braking Torque (N.m). 

Decreasing 𝑎𝑦 plays a crucial role in reducing rollover 

propensity, but may be not sufficient. Here the active 

suspension system forces (Fig. 30) assist in providing an anti-

roll moment along the roll axis that decreases roll angle and roll 

rate. In Fig. 31 - 32, we can see the compensation in roll angle 

and roll rate that has the most effects on preventing rollover 

accidents. Moreover, reduction in suspension stroke provides 

more handling and road holding for the driver. Fig. 33 shows 

the reduction on the variation of suspension stroke. 

 
Figure 30. Active suspension forces. 

 
Figure 31. Roll angle  . 

 
Figure 32. Roll rate 𝜙̇ . 

The results in Fig. 34 show that the uncontrolled system gets 

nearer to the critical limits, the rollover indexes indicate 

impending vehicle rollover, but the controlled system stays in 

the safe region where 𝑅𝐼𝑚𝑎𝑥=0.55, 𝑎𝑛𝑑 𝐿𝑇𝑅𝑚𝑎𝑥=0.25. This 

means that the vehicle with coordinated strategy controller 

proves its effectiveness in decreasing rollover danger. 

It can be observed in Fig. 35, that the controlled vehicle tracks 

better the desired path, where the passive vehicle went out the 

desired trajectory with a high probability to rollover the road. 

Fig. 36 shows the stability index value and Fig. 37 shows the 

how the controlled system tracks the reference of the yaw rate 

perfectly. 
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Figure 33. Suspension stroke 𝑧𝑠,𝑣 − 𝑧𝑢,𝑣  . 

 
Figure 34. 𝐿𝑇𝑅𝑑 and RI indexes. 

 
Figure 35. Vehicle Trajectories. 

 
Figure 36. . Stability index (SI), J-turn. 

 
Figure 37. . Yaw rate 𝜓̇ 

VIII.  CONCLUSION 

In this paper, a Global Chassis Control has been proposed, 

based on a coordination control strategy between active 

suspension, active front steering and differential braking 

systems. It aims to ensure stability and rollover prevention on 

road vehicles. Nonlinear adaptive and robust control technics 

have been developed to control the active actuators, as the 

backstepping and the second order sliding mode control. The 

performance of the proposed control strategy in achieving 

safety has been validated in simulation on a full vehicle model, 

under several scenarios.  Two types of maneuvers have been 

used: first, a double lane change maneuver where we have to 

prevent vehicle skidding, second, a J-turn maneuver where a 

rollover or near-rollover incident must be avoided. Simulation 

results emphasize the success of the collaborative strategy for 

enhancing lateral and vertical dynamics, and have shown the 

efficiency of the proposed approach. It has been verified that 

the proposed control coordination shows good performance in 

rollover prevention and achieving good vehicle lateral stability. 

The perspective of our work will be concentrated to find the 

correlation between the distribution of the active suspension 

forces and the anti-moment produced around the z-axis to reach 

more stabilizing vehicle in most critical maneuvers. In that way 

we can achieve, using active suspension system, a comfort 

driving for passenger and road holding in normal driving 

situations, and vehicle stability and rollover prevention in 

critical situations. 
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