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A method for evaluating the transient performance of a turbocharger are so called load step tests. In these test, the load of the engine is increased at constant engine speed and the time measured from the start to the end of the load step is measured. Usually these tests can be run relatively late in the development process since hardware needs to be already available. In order to judge the transient turbocharger performance at an earlier stage, engine process simulations are run using maps of compressor and turbine. For the turbine these maps usually need to be extrapolated, since only a certain range of each speed line can be measured on a standard gas stand. Furthermore, because of the exhaust gas pulsation of the engine, it is known that the turbine performance differs from the steady state case which the maps rely on. This has to be respected by additional models. Using CFD simulations, the transient performance of the turbine can be analyzed independent from steady state maps. So far these investigations have been usually performed with a constant turbine speed. In this paper a method is presented which includes the speed fluctuations of the turbocharger caused by the exhaust pulsations as well as the change in mean speed during the load step by including compressor and engine in the CFD analysis with User-Fortran models. Results for a load step from 21000 rpm to 196400 rpm are discussed.

INTRODUCTION

The unsteady operation of radial turbines for automotive turbochargers under pulsating inflow conditions has been in the focus of research for many years. In [START_REF] Baines | Turbocharger turbine pulse flow performance and modelling 25 years on[END_REF] a good summary of experimental and numerical work is presented. In case of numerical investigations, usually a single engine operating point is analyzed. The change in turbine speed due to the pulsations is usually neglected, because the change is very small. Another important unsteady operation of radial turbines are the so called load step tests which are used by the car manufacturers to evaluate the ability of the turbocharger to provide boost pressure as fast as possible [START_REF] Scheller | Potentialbewertung unterschiedlicher turbinenradgeometrien für turboaufgeladene ottomotoren[END_REF]. In these tests, the engine speed is kept constant. The test starts at steady state conditions at a defined engine torque, e.g. at 20% of the maximum torque. Then the load is increased until 90% of the maximum toque is reached. The time from 20% to 90% torque is measured and used to judge the transient performance of the turbocharger and engine. The load step tests are usually run at engine test stands. So, the availability of engine and turbocharger hardware is already required. A way of predicting the transient performance of the engine at an earlier stage in the development process is the application of 1D engine simulation software. However in this case a good model of the turbine map is necessary. Usually the turbine maps cannot be measured completely on a gas stand due to the limited operating range of the compressor which is used CFD Computational Fluid Dynamics as brake for the turbine. Therefore the measured maps have to be extrapolated, providing possibly an additional source for errors. A different approach is the usage of turbine maps obtained by CFD models in combination with a friction loss model as presented in [START_REF] Gugau | On the design and matching of turbocharger single scroll turbines for pass car gasoline engines[END_REF]. Also, the emptying and filling behavior of the turbine volute caused by the pulsating inflow is usually not considered in the 1D simulation. All these approaches have in common that no detailed analysis of the flow inside of the turbine is available, so that no detailed information about why a certain turbine performs better than another during a load step is available. In the development of turbomachinery, the application of Computational Fluid Dynamics (CFD) is the state of the art for many years to investigate the flow inside of the machines. It was already shown that with CFD simulations the performance of turbocharger turbines under pulsating flow conditions can be predicted with adequate accuracy ( [START_REF] Padzillah | Numerical and experimental investigation of pulsating flow effect on a nozzeld and nozzleless mixed flow turbine for an automotive turbocharger[END_REF]). Usually these simulations are run with constant turbine speed. It is known from experiments that due to the changing power balance between turbine and compressor which is caused by the exhaust pulsations, the turbocharge speed fluctuates with an amplitude of about maximum 5% of the mean speed ( [START_REF] Szymko | Experimental evaluation of turbocharger turbine performance under pulsating flow conditions[END_REF] and [START_REF] Capobianco | Experimental investigation into the pulsating flow performance of a turbocharger turbine in the closed and open waste-gate region[END_REF]). These changes are usually considered as small and are neglected in the CFD analysis. In contrast to the unsteady operation at pulsating inflow conditions, the change in turbine speed cannot be neglected in the load step case. In [START_REF] Sailer | Neue methoden in der turboladersimulation für die auslegung der bmw twinpower turbomotoren. 6. MTZ Fachtagung Ladungswechsel im Verbrennungsmotor[END_REF] it was already demonstrated that it is possible to run CFD simulations of turbine and compressor with variable rotor speed. In this case, the change in speed during the load step obtained from measurements was applied as boundary condition to the CFD models. A good match with experimental data was achieved. However also in this case hardware has to be already present since the change in rotor speed has to be known in advance. In [START_REF] Sailer | Neue methoden in der turboladersimulation für die auslegung der bmw twinpower turbomotoren. 6. MTZ Fachtagung Ladungswechsel im Verbrennungsmotor[END_REF] the speed fluctuations caused by the exhaust pulsations were not included in the simulations due to the insufficient temporal resolution of the speed sensor. In this paper a method for simulating a load step by means of CFD taking into account the change in mean turbine speed as well as the speed fluctuations is presented. With this method it is possible to analyze the transient performance of a turbine very early in the design process without relying on measurements. As an example, the application of the method to a 4-cylinder 1.8l Otto engine with a single stage turbocharger with a compressor wheel diameter of 47 mm is discussed.

METHODS

In order to include the change of speed during the CFD simulation, the power balance between turbine and compressor has to be solved. So, an additional model of the compressor is necessary. Also, the behavior of the engine during the load step has to be described, since the change in turbine mass flow, turbine inlet temperature and exhaust gas pulsation have to be used as boundary conditions for the CFD model. In this work, Compressor and Engine are modeled by User-Fortran. The model is described in the next section and is used for solving the power balance between compressor and turbine and for calculating the turbine mass flow and turbine inlet temperature by a simplified thermodynamic cycle analysis.

User-Fortran Model

In the User-Fortran model, the compressor map is used for calculating the operating point of the compressor. At each time step, the speed line of the compressor is extracted from the map by linear interpolation for the current speed of the turbocharger. By intersecting the compressor speed line with the engine speed line, the current operating point of the compressor (flow rate, pressure ratio and efficiency) can be calculated. At the beginning of the load step, the turbocharger operates at small speeds. Therefore the compressor map has to be extrapolated. In the current model this is solved by a linear extrapolation of the measured speed lines. It was already shown in [START_REF] Roclawski | Influence of degree of reaction on turbine performance for pulsating floe conditions[END_REF], where a load step simulation also relying on the compressor map extrapolation was compared to measurements, that the compressor map extrapolation gives reasonable results. The engine speed line is calculated according to Equation 1. Equation 1 is originally from [START_REF] Pucher | Aufladung von verbrennungsmotoren[END_REF] and is modified by multiplication with the factor C which is used to control the change of the engine speed line during the load step. The factor C can be obtained by comparing the calculated engine speed line to a measured compressor operating point. If the operating point does not lie on the speed line, the speed line has to be adjusted by modifying the factor C until the operating point matches the speed line. In this way, Equation 1 can be calibrated to a real engine.

π = C • 2 λ l • V h • T 2 T 1 • 1 n M • V (1)
Figure 1 shows an arbitrary operating point of the compressor as intersection of compressor and engine speed line. The load step is initiated by the opening of the throttle. When the throttle opens, the swallowing capacity of the engine is increased and the slope of the engine speed line becomes smaller. The opening of the throttle is simulated by decreasing the value of the factor C in Equation 1 for a defined number of timesteps. The intersection of compressor speed line and engine characteristic changes and the compressor is able to deliver more air to the engine.

With an engine model, the conditions of the exhaust gas at the turbine inlet are calculated according to the engine inlet conditions provided by the compressor. The exhaust gas mass flow is a function of the air to fuel ratio and the compressor mass flow. The air to fuel ratio is kept constant during the load step. For calculating the exhaust gas temperature, a thermodynamic cycle calculation for spark-ignition engines is performed consisting of a polytropic compression, heat addition at constant volume and a polytropic expansion. With the polytropic compression the gas temperature after compression can be calculated. The combustion is modeled by an energy balance. In this case the heat added equals the energy necessary to increase the gas temperature after polytropic compression to the combustion temperature and the heat loss into the cooling system and oil. The heat loss is modeled by empirical values. The energy balance can be solved for the combustion temperature. The turbine inlet temperature can then be calculated by the polytropic expansion. Additionally, the exhaust gas mass flow is not only increasing with load step time, but also modeled as pulsating flow as in real gasoline engines. The pulsation model is based on pulse shapes and an engine map of the pulsation number which can be calculated according to Equation 2. It is a measure for the amplitude of the exhaust pulses and a function of engine torque and speed. The frequency of the exhaust pulses depends on the engine speed.

Pulsation number = p ma x -p min p mean (2) 
The map of the pulsation number was created from a calibrated GT Power model of a 1.8l Otto engine. During the load step calculation, the pulsation number can be calculated from the map as a function of engine speed and boost pressure (p mean ). At different engine speeds and a range of engine loads the calculated mass flow pulse shapes were normalized and an average pulse shape was derived. During the calculation, the pulsation number is obtained from the map based on boost pressure. Then the normalized pulse shape is scaled according to the pulsation number. Figure 2 shows as an example mass flow pulses at several moments in time during the load step. It is planned to improve this method in the future by also taking into account the depence of pulse shape on engine load.

The engine model can be calibrated to a real engine with the following parameters: engine speed line, engine compression ratio, engine heat loss, the polytropic coefficient for compression and expansion and the map for describing the exhaust gas pulsations. So far these calculations are performed by the User-Fortran model. From there, the turbine mass flow, turbine inlet temperature and actual turbocharger speed are passed as boundary conditions to the CFD model of the turbine.

After each time step, the turbine power is evaluated and passed back to the User-Fortran model. The mechanical efficiency is determined using a friction loss model where the losses are modeled as a polynomial function of turbine speed. Then the power balance of compressor and turbine is solved according 3.

n T C = dt * (P T -P C -P F ) Θ * n i * 4 * pi 2 + n i (3) 
If the turbine power exceeds the compressor power, the turbocharger speed is increased. With the new speed the operating point of the compressor is moved along the engine speed line (Equation 1). Then the new operating point of the compressor can be calculated and the loop through engine model and CFD analysis starts again until a certain boost pressure is reached. At that time the load step is finished. Figure 3 shows a schematic of the User-Fortran model. The model has been already used successfully and compared to experiments for a 1D-simulation of a load step in [START_REF] Roclawski | Influence of degree of reaction on turbine performance for pulsating floe conditions[END_REF] where a map obtained from CFD simulations was used to model the turbine. In this work, the turbine side is now replaced by a CFD model.

Numerical Model

For the CFD analysis, a model of the complete turbine including volute, wheel and wheel cavities was created (Figure 4). In the future the effect of the inlet section on the filling and emptying behavior will be investigated and it will be tried to use a different boundary condition by specifying a flow profile directly at the volute inlet.

For the load step simulation, a time of 3.6s was calculated. The computational cost will greatly depend on the chosen time step. On the other hand it is necessary to resolve the exhaust gas pulsations as well as the rotation of the turbine wheel. It is possible to use a constant time step or an adaptive time step according to the turbocharger speed. In order to save computation time a constant time step of 1.11 • 10 -4 s was used which corresponds to a crankshaft angle of one degree for an engine speed of 1500 rpm. With this time step a good resolution of the exhaust gas pulsation can be achieved.

Since the time scale of the rotating turbine wheel is much smaller than the time scale of the exhaust pulsation under investigation the frozen rotor model rather than the sliding mesh model was used as frame change model which helps to reduce the computational cost of the transient simulation. The same model approach was chosen for instance by [START_REF] Aymanns | A revision of quasi-steady modelling of turbocharger turbines in the simulation of pulse charged engines[END_REF] and [START_REF] Padzillah | Numerical and experimental investigation of pulsating flow effect on a nozzeld and nozzleless mixed flow turbine for an automotive turbocharger[END_REF], confirming the general validity of this simplification. For each time step 10 iteration steps are applied. With these settings, the residuals of momentum, turbulence and energy equation are at the beginning of the load step below 1.6 • 10 -5 . Convergence becomes then worse at higher turbine speeds, but the residuals are still below 3.2•10 -4 . So the chosen time step is appropriate for this kind of simulation and is a good compromise between accuracy and computational cost. However further research in form of numerical studies is necessary to determine optimal settings. It took 6 weeks to finish the load step simulation on one compute node with 16 CPUs and 2.6 GHz CPU speed.

As boundary conditions for the fluid domains, the rotational speed of the turbine wheel was applied to the wheel domain.

At the inlet, mass flow and total temperature were specified. At the outlet, a static pressure boundary condition was used.

RESULTS

The simulation of a load step with the method proposed in this paper enables the designer to evaluate the basic turbocharger performance by tracing the operating points of turbine and compressor and other quantities as the development of the boost pressure or the turbocharger speed. In addition it is possible to analyze the flow field inside of the turbine. Another parameter of interest is the axial thrust of the turbine. One can see that it takes some time until the quasi-steady state conditions at 21000 rpm are reached. This depends on the quality of the initial boundary conditions for the compressor and for the calculation of the engine speed line. Figure 6 also shows that due to the inertia of the rotor, the mean pulse averaged speed is not increased immediately after the throttle opens. It takes 0.128s until the speed increases. Figure 7 shows the compressor map, the compressor operating points as well as the change of the engine speed line during the load step. Due to the modification of the factor C in Equation 1the change of the engine speed line is large at the beginning. Therefore the operating points of the compressor move nearly Later, the change in engine speed line is small and the operating points of the compressor are shifted along the engine speed line to higher pressure ratios. Figure 8 shows the compressor pressure ratio for the first second of the simulation. At the beginning of the load step, the compressor operates at a pressure ratio of 1.02. The time delay between the start of the load step and the time when the boost pressure is increased is 0.1645s and thus greater than the time delay for the speed increase. The reason for this the large change in engine speed line at the beginning of the load step which moves the operating point horizontally in the compressor map although the speed is already increasing. With the operating point of the compressor, the compressor power can be calculated and the power balance between turbine and compressor is solved. Figure 9 shows the power of compressor and turbine during the load step. Both turbine and compressor power are fluctuating due to the exhaust gas pulsations. The amplitude of the fluctuation of turbine power is much larger than for the compressor since the change in turbocharger speed is damped by the inertia of the rotor. It can also be seen that sometimes the compressor power exceeds the turbine power. This is the case at each minimum of the exhaust pulses and the reason for the fluctuation of the turbocharger speed (Figures 5 and6). The power to accelerate the rotor can be calculated by 4. It is plotted in Figure 10. At the beginning of the load step, the acceleration power is small and in the order of magnitude of the friction power of the bearing system. After the initiation of the load step the power increases and the rotor starts to accelerate. Until 0.6s, the compressor power is always smaller than the turbine power and the acceleration power is completely positive. Then, the acceleration power becomes occasionally negative when the compressor power is large enough to exceed the turbine power. This is the case when the turbine operates close to the pulse minimum. During the load step, the rotor is accelerated and decelerated periodically according to the exhaust gas pulsations.

Basic performance analysis

P accel = P T ur bine -P C om pr essor -P F r ict ion (4)

As it is well known in the literature, the behavior of the turbine under pulsating inflow conditions differs from steady state operation due to mass storage effects in the volute [START_REF] Baines | Turbocharger turbine pulse flow performance and modelling 25 years on[END_REF]. Therefore, the turbine operating points under pulsating flow conditions do not match the steady state turbine map. Instead, a hysteresis loop is observed when plotting the turbine flow parameter vs the pressure ratio. Figure 11 shows the steady state turbine map obtained by CFD calculations and the evolution of the hysteresis loops during the load step operation.

During the load step, the turbine operating points cover almost the complete map of the turbine in a range of pressure ratio from 1 to 3.75. One has to keep in mind that in contrast to the hysteresis loops discussed in the cited literature, the turbine speed is not constant, but is a superposition of the change in of the hysteresis loops can be discussed better using Figure 12 where only the hysteresis loops at four selected points in time are plotted. At the beginning of the load step, the pressure pulsation is small and thus, the change in turbine speed and the hysteresis loop is small, too. The operating points move approximately along a steady state speed line of the turbine at a pressure ratio between 1.2 and 1.4. During the progress of the load step, the exhaust pulsations and the mean total pressure at turbine inlet increase. The hysteresis loops are shifted along the turbine speed lines to higher pressure ratios and the deviation to the steady state map becomes greater. Also the range of pressure ratio during one hysteresis loop increases as the load step progresses. At the end of the load step, the pressure ratio changes between 1.6 and 3.7. Similar to Figures 11 and12, the operating points during the load step are plotted for the turbine wheel only in Figures 13 and14. Here the flow parameter and pressure ratio are calculated using the flow conditions at inlet and outlet of the turbine wheel. It was shown in several publications (e.g. [START_REF] Roclawski | Influence of degree of reaction on turbine performance for pulsating floe conditions[END_REF], [START_REF] Aymanns | A revision of quasi-steady modelling of turbocharger turbines in the simulation of pulse charged engines[END_REF], [START_REF] Copeland | A comparison of pulsed flow timescales within a turbine stage[END_REF] and [START_REF] Cao | Radial turbine rotor response to pulsating inlet flows[END_REF]) that the turbine wheel can be considered as quasi-steady when operating under pulsating flow conditions. In this case the hysteresis loop is very small and the operating points lie nearly on the steady state map of the turbine wheel. In Figure 13 all operating points of the turbine during the load step are plotted when evaluating flow parameter and pressure ratio at the inlet and outlet of the turbine wheel. In contrast to Figure 11, it seems that for this case a quasi-steady behavior of the turbine wheel can be observed, since all curves seem to lie on the steady state map. The operating points cover the complete map of the turbine. This shows the importance of turbine maps with a wide range for the performance analysis under transient operating conditions. A more precise assessment is possible when looking at the same selected range of operating points as in Figure 12 for the case when flow parameter and pressure ratio are calculated from the conditions at turbine wheel inlet and outlet (Figure 14). Similar to Figure 12, at the beginning of the load step, a quasi-steady state behavior of the turbine wheel can be observed since the operating points seem to lie on the steady state speed curve. During the load step, the operating points in the observed range are shifted along the steady state speed lines to higher pressure ratios. Also, a small hysteresis seems to develop as the load step progresses. This might be due to the increasing exhaust pulsations but also due to the change in mean speed of the turbine. Looking at the steady state maps, the distance in speed lines increases with increasing speed. So this might be a reason for the hysteresis. Also it seems, that at the end of the load step the hysteresis of the turbine wheel becomes smaller again, because there the load step is finished and the mean speed is constant. In [START_REF] Copeland | A comparison of pulsed flow timescales within a turbine stage[END_REF] it was shown that a rotor hysteresis occurs when the gradient of the exhaust pulsation becomes larger. Therefore the change of the pressure pulse might be another reason for the different shape of the rotor hysteresis. The influence of mean speed on Figure 14. Map of turbine wheel without volute and hysteresis loops for selected operating points rotor hysteresis might be not of great significance, but in order to get a deeper understanding, further research is necessary. It might be possible to find a better explanation by comparing these results with CFD simulations with different pulse shapes and constant speed as well as with oscillating turbine speed while the mean speed is constant.

Flow analysis

The method of simulating a load step presented in this paper enables the designer of turbochargers to judge the performance of the turbine very early in the design phase. Also the flow in the turbine can be analyzed. As an example, the flow at the turbine wheel inlet will be discussed. In this paper absolute and relative flow angles are defined against the meridional direction. Negative values indicate a flow against the direction of rotation of the turbine wheel. The absolute flow angle and incidence angle during the load step is plotted in Figure 15. As expected from the basic theory of volute design, the absolute flow angle should be nearly constant during the load step, since it is independent of mass flow. In contrast, the incidence angle β i depends on mass flow and shows therefore a great change during the load step due to the increase in turbine mass flow and due to the change in mass flow caused by the exhaust pulsations. At the beginning of the load step, the mean value for β i is at about 50 • . Optimum values for radial turbines are usually in a range of -20 • to -40 • [START_REF] Japikse | Introduction to turbomachinery[END_REF]. So at the start, the turbine operates far beyond the optimum range. During the load step, the relative flow angle is improved and changes from positive to negative incidence to a mean value of approximately -30 • . Due to the exhaust pulsation large fluctuations in incidence can be observed which are superimposed to the mean change in incidence. The amplitude of the fluctuations increases over load step time and decreases a bit at the end of the load step. As already published in several papers, the incidence during a single exhaust pulse is usually worst at the pulse maximum, when the most energy is available for the turbine and is usually in the negative range during the pulse minimum [START_REF] Cao | Radial turbine rotor response to pulsating inlet flows[END_REF] and [START_REF] Roclawski | Influence of degree of reaction on turbine performance for pulsating floe conditions[END_REF]. In Figures 16, 17 and 18, streamlines at 50% span are plotted in a blade-to-blade view of the turbine wheel at the beginning, in the middle and at the end of the load step. In each figure, the situation at pulse minimum, pulse mean and pulse maximum are plotted. The basic findings from Figure 15 are confirmed. At the beginning of the load step (Figure 16) the incidence angle is positive for all three cases and a flow separation at the suction side of the blade can be observed. Since the exhaust pulsation is small, the fluctuation of incidence is small to. For all cases β i is between 45 • and 55 • . At the middle of the load step, in (Figure 17), the level in incidence angle is improved and changes from negative to positive during the pulsation. At the pulse minimum, the negative incidence is large and flow separation at the pressure side of the leading edge can be observed. Furthermore in some rotor channels, flow separation occurs at the suction side of the blade. At the pulse mean, incidence is small and the flow field has improved. No flow separation can be observed. For the maximum pulse, positive incidence is large and the flow separates at the suction side of the leading edge. At the end of the load step (Figure 18), the incidence is completely negative. At the pulse minimum, the incidence angle is beyond the optimal range and the flow separates at the pressure side of the blade. For pulse mean and pulse maximum, the flow field is improved and only a small separation can be observed at the leading edge of the blade. The analysis of the flow field shows the challenge of designing a turbine for automotive turbocharger applications. Instead of just one or a few operating points, which is usually the case in turbomachinery design, the designer has to optimize the turbine for a wide range of operating points.

Axial thrust

The overall axial thrust of the turbocharger is an important measure for designing the bearing system and can be used for modeling the friction loss of the bearing system. The axial thrust can be measured with a high effort ( [START_REF] Smiljanovski | Tc thrust load measurements[END_REF]), can be calculated with models or by means of CFD simulations ( [START_REF] Roclawski | Influence of degree of reaction on turbine performance for pulsating floe conditions[END_REF]). In this paper, the axial thrust of the turbine wheel during the load step is calculated. Figure 19 shows the axial thrust for the Due to the exhaust pulsation the axial thrust is not constant, but fluctuating. So the axial thrust bearing is loaded periodically according to the pulse frequency. At the beginning of the load step, the axial thrust is negative. Then during the load step, the mean value increases. After 1.2s it becomes completely positive. The reason for the change in direction is, that at the beginning of the load step, the forces acting on the hub and blades are greater than the forces acting on the back of the wheel in the rear cavity. The total force acts towards the compressor side. During the load step, the turbine pressure ratio increases and the forces on the back of the wheel exceed the forces on hub and blades. Then the total force acts towards the turbine side. The pressure in the rear cavity is influenced by the exhaust pulsations and therefore the axial thrust fluctuates accordingly. The amplitude of the total axial thrust increases over time until a value of 40N. In order to judge the overall effect on the bearing system, also the axial thrust of the compressor wheel has to be considered. This will be done in the future with a model which solves for the pressure and momentum forces acting on the compressor wheel. Another way to calculate the axial thrust of the compressor is to calculate the compressor operating point by means of CFD, too, as it was already presentend in [START_REF] Sailer | Neue methoden in der turboladersimulation für die auslegung der bmw twinpower turbomotoren. 6. MTZ Fachtagung Ladungswechsel im Verbrennungsmotor[END_REF]. But, this would increase the computational cost considerably.

CONCLUSION

A method for simulating the load step of a radial turbine of an automotive turbocharger by means of CFD has been presented in this paper. It was shown how compressor and engine can be modeled using User-Fortran for calculating the power balance between compressor and turbine. According to the power balance, the turbine speed was changed dynamically during the load step calculation. The analysis of the turbine operating points during the load step reveals that also in case of the load step hysteresis loops can be observed since the time scale of the exhaust pulsations is smaller than the change in mean speed of the turbine. For the rotor, which is usually considered as being quasi-steady, it seems that there are also small hysteresis loops which might be caused by the change in mean speed and by the speed fluctuations caused by the exhaust pulsations. However, to support this hypothesis, further research with the User-Fortran model is necessary in the future. Analyzing the flow angles at the rotor inlet, it was shown that at the beginning of the load step the turbine has to operate under unfavorable positive incidence angles. During the load step, incidence is improved from positive to negative angles. Because of the exhaust pulsations incidence is fluctuating with different amplitudes during the load step. At the beginning also the fluctuations show completely positive values, then, as the mean incidence becomes better, fluctuations from positive to negative have been observed. Later, the fluctuations become completely positive. The axial thrust analysis reveals that during the load step the direction of the force changes its direction. At the beginning, the axial thrust acts towards the compressor side. As the turbine pressure ratio increases, the pressure in the rear cavity increases and the axial forces changes its direction towards the turbine side. Also, the axial thrust fluctuates according to the frequency of the exhaust pulsations. The User-Fortran model of engine and compressor in combination with the CFD analysis of the turbine enables the designer to analyze the transient performance of the turbine during the load step at an early stage in the design process without relying on map extrapolation and volute modeling for including the effect of exhaust pulsations. In the future, the method will be further investigated and improved. It is already known that the Frozen-Rotor model provides accurate results in the case of CFD simulations of radial turbines under pulsating flow conditions. In the case of the load step this still has to be investigated. Therefore additional simulations using a sliding mesh approach for modeling the rotation of the turbine wheel will be run and compared to the results presented in this paper. In order to reduce the computational cost for both frozen rotor and sliding mesh model, the optimum number of time steps and the number of iteration step per time step will be determined in numerical studies. In this context, it will also be investigated, if the usage of a constant time step or an adaptive time step based on the instantaneous turbine speed is a better choice with respect to accuracy and computational cost. Also, the model will be validated by comparison to experimental results of a load step on an engine test stand. The general ability of the model to include the speed fluctuations of the turbine caused by the exhaust gas pulsations will be validated on a turbocharger test rig with a pulse generator device. Finally, since the computational cost of the method is very high, the model will be mainly used to improve 1D methods for simulating turbine operation under pulsating flow conditions for load step simulations as well as for basic turbocharger matching tasks. In [START_REF] Roclawski | Influence of degree of reaction on turbine performance for pulsating floe conditions[END_REF] the same model was used to calculate a load step by using extrapolated turbine maps instead of the CFD model of the turbine. After calibration, the comparison to real engine measurements has shown a good agreement. The advantage of the 1D model is that it can be used investigate the turbine performance under load step conditions in a very fast and easy way. In order to further improve this model with respect to the influence of the exhaust pulsations, the CFD results will be compared to the 1D results in the future.
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 5 Figure 5 shows the change in speed of the turbocharger during the load step. The load step starts at quasi-steady state conditions, thus at a constant mean speed of 21000 rpm. The speed fluctuations are caused by the changing power balance between compressor and turbine and thus due to the exhaust pulsations. The change in speed is at the start of the load step below 1%. The red circle in Figure 5 indicates the opening of the throttle of the engine. Then the speed increases until a mean speed of 196400 rpm, when quasi-steady conditions are achieved again. There the change in speed is below 2%. The start of the load step is shown in Figure 6 in more detail.
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 19 Figure 19. Axial thrust of turbine wheel during load step