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Rollover of heavy vehicle is an important road safety problem world-wide. Although rollovers
are relatively rare events, they are usually deadly accidents when they occur. The roll stability
loss is the main cause of rollover accidents in which heavy vehicles are involved. In order to
improve the roll stability, most of modern heavy vehicles are equipped with passive anti-roll
bars to reduce roll motion during cornering or riding on uneven roads. However these may be
not sufficient to overcome critical situations. This paper introduces the active anti-roll bars
made of four electronic servo-valve hydraulic actuators, which are modelled and integrated
in a yaw-roll model of a single unit heavy vehicle. The control signal is the current entering
the electronic servo-valve and the output is the force generated by the hydraulic actuator.
The active control design is achieved solving a linear optimal control problem based on the
Linear Quadratic Regulator (LQR) approach. A comparison of several LQR controllers is
provided to allow for tackling the considered multi-objective problems. Simulation results in
frequency and time domains show that the use of two active anti-roll bars (front and rear
axles) drastically improves the roll stability of the single unit heavy vehicle compared with
the passive anti-roll bar.

Keywords: Active anti-roll bar control, electronic servo-valve hydraulic actuator, rollover,
roll stability, LQR control.

1. INTRODUCTION

1.1. Background

The rollover is a very serious problem for heavy vehicle safety, which can result in large
financial and environmental consequences. Rollover accidents are classified into four cat-
egories: preventable, potentially preventable, non-preventable and preventable unknown
[1]. It is usually difficult for the driver to feel the rollover behaviour of a heavy vehicle.
Investigations have shown that only a minority of rollover accidents could have been
avoided with a warning device, potentially more with a skilled driver, but half of the
rollover accidents were not preventable by driver action alone.

The three major contributing factors to rollover accidents are side wind gusts, abrupt
steering and braking manoeuvres by the driver. The main cause of rollover accidents in
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which heavy vehicles are involved is the roll stability loss when the tyre-road contact
force on one of the side wheels becomes zero. Roll stability refers to the ability of a
vehicle to overcome overturning moments generated during cornering and lane changing.
It is well known that heavy vehicles do have relatively high centres of mass and narrow
track widths and can loose roll stability at moderate levels of lateral acceleration [2].
Most heavy vehicles are equipped with passive anti-roll bars in all axles in order to im-
prove roll stability. The passive anti-roll bar force is applied at each side of the vehicle so
that the left force has the same magnitude as the right one, but in the opposite direction.
The passive anti-roll bar has the advantage to reduce the body roll acceleration and roll
angle during single wheel lifting and cornering manoeuvres. By reducing body roll mo-
tion, the driving safety and roll stability are highly improved. However, passive anti-roll
bars do have drawbacks. During cornering manoeuvres, the anti-roll bar will transfer the
vertical forces of one side of the suspension to the other one, creating therefore a yaw
moment [3]. This highlights the need for an active safety system in heavy vehicles.

In order to overcome such drawbacks, several schemes concerned with the possible active
intervention onto the vehicle dynamics have been proposed as follows: active steering,
active brake, active suspension and active anti-roll bars. Among them, the most common
method used to improve the roll stability is the active anti-roll bar.

Active anti-roll bars are usually made of a pair of hydraulic actuators. Lateral accelera-
tion makes vehicles with conventional passive suspension tilt out of corners. The center
of the sprung mass shifts outboard of the vehicle centerline, which creates a destabilizing
moment that degrades roll stability. The lateral load response is reduced by active anti-
roll bars that generate a stabilizing moment to counterbalance the overturning moment
in such a way that the control torque leans the vehicle into the corners [4], [5].

One drawback of active anti-roll bars is that the maximum stabilizing moment is limited
physically by the relative roll angle between the body and the axle [6].

1.2. Related works

Rollover prevention using active anti-roll bar has been the topic of research studies for
more than 20 years. Several models and control methods have been used for the two
main types of heavy vehicles: single unit heavy vehicle [4], [7] and long combination
heavy vehicles [8], [9]. However, the long combination heavy vehicles are beyond the
scope of this paper.

1.2.1.  Models of heavy vehicle

Two main models are used to study active anti-roll bars on single unit heavy vehicles:
the Roll model [1], [10], [11] and the Yaw-Roll model [7], [12]. In Miege et al [1], the roll
model of heavy vehicle is considered with a servo-valve hydraulic actuator and the input
control signal is the spool valve displacement of the servo-valve. However such a model
cannot be used to assess the entire behavior of the single unit heavy vehicle.

Most studies on active anti-roll bar systems use the yaw-roll model with the force (or
torque) as the input control signal [2], [4]. This model has been proven to be stable and
consistent with the behavior of the single unit heavy vehicle. Nevertheless it still lacks
accuracy since no actuator model is included.
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1.2.2.  Control methods for the active anti-roll bar system on heavy vehicles

Some of the control methods applied for active anti-roll bar control on heavy vehicles
are briefly presented below:

a- Optimal control: Sampson et al [6], [13] and Miege et al [9] proposed a state
feedback controller which was designed by finding an optimal controller based on a
linear quadratic regulator (LQR) for single unit and articulated heavy vehicles. They
used the control torques acting between the axle groups and the sprung mass as the
input control signal. This led to reducing steady state and peak transient load transfer
significantly when compared to a passive vehicle. The influence of frame flexibility on
the controller design was also investigated.

H. Yu et al [10] proposed a rollover threat warning system that uses the real-time
dynamic model-based time-to-rollover metric as a basis for online rollover detections.
The simulations performed using TruckSim indicated that a rollover threat detection
system was further enhanced in combination with an active roll control system using
active suspension mechanism. This was done by designing an optimal control strategy
(LQR), able to improve the dynamic roll stability in vehicle curving and emergency
driving situations.

b- Neural network control: Boada et al [2] and Babesse et al [14] proposed a
reinforcement learning algorithm using neural networks to improve the roll stability for
a single unit heavy vehicle. The input control signals are the torques at the axles. Even
if such a control approach shows good performances in simulation and can adapt to
changes produced in the environment, it is however not suitable for embedded control.
c- Robust control (LPV): Gaspar et al [4], [12], [15] applied the Linear Parameter
Varying (LPV) approach for active anti-roll bars combined with active brake control on
single unit heavy vehicles. They also used a Fault Detection and Identification (F'DI)
filter, which identifies different actuator failures. The forward velocity was considered as
the varying parameter.

The H,, control method was also applied to the yaw-roll model of a single unit
heavy vehicle. The input control signal is the torque generated by the actuators [16].
Performance analysis in the frequency and time domains have shown that H., active
anti-roll bar control drastically reduces the normalized load transfer compared with
passive anti-roll bars. It is also shown, using p-analysis, that the H,, active anti-roll bar
control is robust w.r.t. forward velocity and sprung mass variations.

1.3. Paper contribution

Based on the yaw-roll model presented in [4], this paper proposes an integrated model
with four electronic servo-valve hydraulic actuator models in a single unit heavy vehicle
yaw-roll model. Then the LQR control method is applied to the active anti-roll bar
and focuses on showing how it can provide a wide set of solutions to solve the multi-
objective problem for the improvement of the roll stability, while taking into account the
characteristics of the electronic servo-valve hydraulic actuators. Hence, the contributions
of the paper are the following:

e An integrated model, including four electronic servo-valve hydraulic actuator models
in a single unit heavy vehicle yaw-roll model, is proposed to control the spool valve
displacements that distribute high pressure oil into two chambers of the hydraulic
cylinders. The input currents of the electronic servo-valve hydraulic actuators are con-
trolled to generate the force in various manoeuvre situations. The use of four electronic
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servo-valve hydraulic actuators in a yaw-roll model of a single unit heavy vehicle is an
evolution, compared to previous studies.

e An optimal LQR is developed, where the optimal criterion is formulated from vehicle
dynamics specifications in terms of roll stability. A generic definition of the control
objectives is proposed to cope with most of the industrial performance requirements
for heavy vehicles dynamics control.

e A detailed comparison of several tunings of the LQR controllers is provided in order
to emphasize how they can cope with multi-objective requirements in terms of roll sta-
bility (normalized load transfer) and actuator constraints (input current limitations).

e The simulation results show that the LQR active anti-roll bar control using four elec-
tronic servo-valve hydraulic actuators drastically improves the roll stability of the
single unit heavy vehicle throughout the main frequency range compared with passive
anti-roll bar. It also allows the assessment of the effects of the induced normalized load
transfer, of the input current limitations, as well as of the operation of the electronic
servo-valve hydraulic actuators.

The paper is organised as follows: section 2 details the integrated model of heavy vehicles
which includes four electronic servo-valve hydraulic actuators and a linear single unit
heavy vehicle yaw-roll model. Section 3 proposes three LQR active anti-roll bar controls
of the electronic servo-valve hydraulic actuators, whose objective is to maximize the roll
stability of the heavy vehicle while considering the actuators constraints. Section 4 gives a
simulation results analysis in frequency and time domains where the LQR active anti-roll
bar controllers are compared with the passive anti-roll bar case. The effect of the forward
velocity on the closed-loop system is analysed in section 5. Finally, some conclusions are
drawn in section 6.

2. INTEGRATED MODEL OF SINGLE UNIT HEAVY VEHICLE

The proposed integrated model includes four electronic servo-valve hydraulic actuators
(two at the front axle and two at the rear axle) in a linear single unit heavy vehicle yaw-
roll model. The control signal is the electrical current v opening the electronic servo-valve,
the output is the force Fy.+ generated by the hydraulic actuator. In the next section, the
model of the considered controlled hydraulic actuator is presented.

2.1. Electronic servo-valve hydraulic actuator model

Figure 1 illustrates the diagram of the considered electronic servo-valve hydraulic actua-
tor, made of an electronic servo-valve (or proportional valve) and of a hydraulic cylinder.

The spool valve of the electronic servo-valve is controlled by a current which generates a
displacement X,,. The oil supply high pressure P; is always stored outside the electronic
servo-valve and the moving spool valve distributes high pressure oil into two chambers
of the hydraulic cylinder. The difference of pressure AP = P; — P5 of the two chambers
produces the output force Fi. given by:

Foet = ApAP (1)

where Ap is the area of the piston.
The servo-valve orifices are assumed to be matched and symmetrical so that the load
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Figure 1. Diagram of the electronic servo-valve hydraulic actuator [17].

flow Qr, is computed as follows [1], [17]:

:Q1+Q2

QL 5

= K, X, — KpAP (2)

where K, and Kp are the valve flow gain and pressure coefficients, respectively.
The equations for each chamber can be written as:

di T B. dt

%—F%%:Cip(Pl_PQ)_CEPPQ_QQ

{CM+‘/151131:Q1_Ci(P1—P2)—C@pP1 (3)

di
where (3, is the effective bulk modulus of the oil, C,, and Cj, are the external and internal

leakage coefficients of the actuator.
The volume in each chamber varies with the piston displacement y, as:

(4)

Vi = Vbl +Apya
V'Q = ‘/02 - Apya

where V1 and Vjo are the initial volumes in each chamber. Assuming that V; = Vo = Vj,
the total volume of trapped oil is given by:

Vi=Vi+ Vo=V + Voo =2V (5)

Therefore, the equations in each chamber become:

t

R d
_Apdgta + Vfﬁ‘épyad})? = Cip(Pl — PQ) - CepP2 - QQ

{Apdé’; 4 Yotdove dBy — ) — €y (P — Py) — CopPy

i
Subtracting the second equation to the first one leads to:

dya Vo dAP
=2C,,AP +2A,—~— 4+ ———
Q1+ Q2 CipAP + 24, TR (7)
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Table 1. Parameters of the electronic servo-valve hydraulic actuator [1], [18].

Symbols  Description Value Unit

Ap Area of the piston 0.0123 m?

K, Valve flow gain coefficient 2.5 m?2 /s
Kp Total flow pressure coefficient 4.2 x 107 md/(Ns)
Cip Total leakage coefficient of the actuator 0 -

Vi Total volume of trapped oil 0.0014 m3

Be Effective bulk modulus of the oil 6.89 x 108 N/m?

T Time constant of the servo-valve 0.01 s

Ky Servo-valve gain 0.0239 m/A

where Cy, = 20, + C¢p, is the total leakage coefficient of the actuator.
From equations (2) and (7), the dynamic equation of the servo-valve hydraulic actuator
is obtained as follows:

V, dAP
A8, dt

dyq
+ (Kp + Cip)AP — K, X, + Apd—yt —0 (8)

where y, is the displacement of the piston of the hydraulic actuator.

Besides, the displacement of the spool valve X, is controlled by the electrical current w.
The effects of hysteresis and flow forces on the servo-valve are here neglected, then the
dynamical behavior of the electronic servo-valve can be approximated by a first-order
model [18], [19], as:

dX, 1 K,
Xy — —u=
dt + T T u=0 (9)

where 7 is the time constant and K, the gain of the servo-valve model.

To summarize, the equations (1), (8), (9) model the electronic servo-valve hydraulic
actuator, where the input signal is the current u and the output is the force F,.. The
parameters of the model are shown in Table 1.

2.2. Yaw-roll model of single unit heavy vehicle

Fig 2 illustrates the combined yaw-roll dynamics of the vehicle modeled by a three-body
system, in which m is the sprung mass, m, the unsprung mass at the front including
the front wheels and axle, and m,, the unsprung mass at the rear with the rear wheels
and axle. The symbols of the yaw-roll model are found in Table 2.

In the vehicle modelling, the differential equations of motion of the yaw-roll dynamics of
the single unit vehicle, i.e. the lateral dynamics, the yaw moment, the roll moment of the
sprung mass, the roll moment of the front and the rear unsprung masses, are formalized
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Figure 2. Yaw-Roll model of single unit heavy vehicle [4].

Table 2. Symbols of the yaw-roll model [4].
Symbols  Description Symbols  Description
ms Sprung mass Ty Control torque at the front axle
My, f Unsprung mass at the front axle T Control torque at the rear axle
M, r Unsprung mass at the rear axle Cy Tyre cornering stiffness at the front axle
m The total vehicle mass Cr Tyre cornering stiffness at the rear axle
v Forward velocity ky Suspension roll stiffness at the front axle
Vawi Components of the forward velocity kr Suspension roll stiffness at the rear axle
h Height of CG of sprung mass from roll axis by Suspension roll damping at the front axle
hy Height of CG of unsprung mass from ground b, Suspension roll damping at the rear axle
r Height of roll axis from ground ki Tyre roll stiffness at the front axle
ay Lateral acceleration ktr Tyre roll stiffness at the rear axle
B Side-slip angle at center of mass Ipx Roll moment of inertia of sprung mass
P Heading angle Ips Yaw-roll product of inertia of sprung mass
() Yaw rate I, Yaw moment of inertia of sprung mass
e’ Side slip angle ly Length of the front axle from the CG
10) Sprung mass roll angle Iy Length of the rear axle from the CG
Du,f Unsprung mass roll angle at the front axle lw Half of the vehicle width

w,r Unsprung mass roll angle at the rear axle o Road adhesion coefficient
oy Steering angle g Gravity of Earth

in the equations (10):

mo(B 4 ) — mshd = Fyp + F,
- zz(ls + Izz'¢ = Fyflf - FyTl,,«

(Imz + mshQ)gb - Ixz& = msgho + msvh(B + d}) - kf(¢ - ¢uf)
_bf((;5 - ¢uf) + MARf + Tf - kr(¢ - ¢ur)

! . - br(¢ - (bur) + MAR?" + Tr
—rEyp =myfo(r — huf)(ﬁ'-i- V) + My ghys-dup — kifdus
+kf(¢_¢uf) +bf(¢_¢uf) +MARf+Tf

(10)

_TFyr = mm’v(r - hm“)(ﬁ"i_ "/}) - murghurqbur - ktr¢ur
+kr(¢ - ¢ur) + br(¢ - ¢ur) + MART + Tr

The lateral tyre forces Fy,; in the direction of velocity at the wheel ground contact points
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are modelled by using linear stiffness coefficients as:

Fyp = pnCray (11)
Fyr = nCra;
with the tyre side slip angles:
L
ar ==+ %

The moment of passive anti-roll bar impacts the unsprung and sprung masses at the
front and rear axles as follows, see [20]:

5 g (13)
Magr = 4kaor 223 ¢ — 4k aor c%(bur

{MARf = dkaostale g — 4kA0f%§‘¢uf

where ka0, kaor are respectively the torsional stiffnesses of the anti-roll bar at the front
and rear axles, t4 is half the distance of the two suspensions, tp is half the distance of
the chassis, ¢ is the length of the anti-roll bars’ arm.

2.3. Integrated model of the single unit heavy vehicle

2.8.1.  Full integrated model of the single unit heavy vehicle

Exogenous disturbance

»

un Facint

i output,
Us Actuator | Fag | Vehicle model z (output) -
C 11 models (equation: 10) >
ontrofler s (equations: Facut

u- | 1.89 Factr

Figure 3. Diagram of the full integrated model of the single unit heavy vehicle using active anti-roll bar.

Figure 3 shows the full integrated model of the single unit heavy vehicle using active
anti-roll bar. This model includes a linear single unit heavy vehicle yaw-roll model with
the differential equations of motion given in (10) and four electronic servo-valve hydraulic
actuators (two at the front axle and two at the rear axle) with the differential equations of
motion are given in (1), (8), (9). The controller receives the informations from the output
(2) and defines the input currents (w s, us,, Uy, Urr), where uy and uy, are respectively
the input currents of the electronic servo-valves on the left and on the right at the front
axle, u,; and u,, at the rear axle. The forces (Fyetf1, Factfrs Factri, Factrr) of the hydraulic
actuators are applied to the vehicle model, where Fi.;5; and Fy. s, are respectively the
forces of the hydraulic actuators on the left and on the right at the front axle, F,.; and
Fyctrr at the rear axle. Therefore the torque generated by the active anti-roll bar system
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at the front axle is determined by:

Ty = —lactFactfi + lact Fact r (14)
and the torque generated by the active anti-roll bar system at the rear axle is:

Ty = —lactFoctrt + lact Factrr (15)

where [, is half the distance of the two actuators.

In the rest of the paper, it is assumed that, at each axle, the right and left electronic
servo-valve hydraulic actuators are identical and symmetrically mounted. Therefore, at
each axle, the characteristics of the two electronic servo-valve hydraulic actuators do
have the same magnitude and the opposite direction as follows:

- Forces:

Factfl = _Factfr and Factrl = —Foctrr (16)
- Load flows:
Qrpi=—Qrpr and Qrry = —QrLrr (17)
- Spool valve displacements:
val = *var and erl = —Xoyrr (18)
- Input currents:
up=—up and Uy = —Upp (19)
where Qry; and Q. are respectively the load flows of the electronic servo-valves on the
left and on the right at the front axle, Qr, and @, at the rear axle. X, ; and X, are
respectively the spool valve displacements of the electronic servo-valves on the left and
on the right at the front axle, X,,; and X, at the rear axle.
Since the forces of the two electronic servo-valve hydraulic actuators do have the same

magnitude and the opposite direction, the active anti-roll bar system does not have an
influence on the vertical motion of heavy vehicle.

2.8.2.  Control-oriented integrated model of the single unit heavy vehicle

Exogenous disturbance

»

ur Actuator Faat | Vehicle model z (output) _
»| Controller models (equation: 10) g
Us (equations: Fac
I 1’ 8’ 9) actr

Figure 4. Diagram of control-oriented integrated model of the single unit heavy vehicle using active anti-roll bar.
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The torques generated by the active anti-roll bar system at the two axles are determined
in equations (14)-(15); furthermore the forces, as well as other characteristics of the
electronic servo-valve hydraulic actuators at each axle, do have the same magnitude and
the opposite direction, therefore we can consider that the torque generated by the active
anti-roll bar system at each axle is twice the torque generated by one electronic servo-
valve hydraulic actuator. Using the hypothesis concerning the model symmetry given
above, a model reduction is detailed in the sequel.

Figure 4 shows the diagram of control-oriented integrated model of the single unit heavy
vehicle using active anti-roll bar, where uy, u, and F,.i ¢, Fuer are respectively the input
currents and the forces of one of the two electronic servo-valve hydraulic actuators at
the front and rear axles. In this study, the characteristics of the electronic servo-valve
hydraulic actuators on the right at the front, and on the right at the rear axle will be
used. From Figure 3 and Figure 4, the mathematical relationships between the forces as
well as the input currents at each axle are given as:

Factfl = —Lactfr

Factrt = —Factrr

Factf = Factf’r (20)
Factr = Factrr

up = Upy

Uy = Upy

From equations (14), (15) and (20), the torque generated by the active anti-roll bar
system at the front axle is now determined by:

Tf = 2lactFactf = 2lactApAPf (21)
and the torque generated by the active anti-roll bar system at the rear axle is:
1, = 2lactFactr = 2lactApAPr (22)

where Apy and Ap, are respectively the difference of pressure of the hydraulic actuator
at the front and rear axles. They are given by the state equation (24).

The displacements (y,f,) of the piston of the hydraulic actuators at each axle are ap-
proximately calculated as follows [1]:

Yafr = lact((;5 - ¢uf,r) (23)

From equations (1), (8), (9) and (23), the equations of these electronic servo-valve actu-
ators are given by:

fﬁAPf + (KP + Ctp)APf - Kvaf + xél;z;l(zctq.5 - Aplactéuf =0
Xop + 3 X = Srup =0

4LéaAPr + (KP + Ctp)APr - Ka:er + Aplacté - AplaCtél” =0
Xor + %er - Kvur =0

T

(24)

10
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Defining the state vector:
. . T
T = [B Voo ¢uf Dur APf va Ap, Xw]
where X,y and X, are the spool valve displacements at the front and rear axles, respec-

tively, the motion differential equations (10)-(24) can be rewritten in the LTI state-space
representation as:

(25)

T=Azx+ Bi.w+ By.u
z=C.x +D1.w + DQ.U

where A, By, Bo, C, D1, D5 are model matrices of appropriate dimensions. The matrices
A, By and Bj are shown in Appendix.
The exogenous disturbance is:

w=[or]"

and the control inputs:

w=lusu]"

The variables of interest include:

(1) The characteristics of the single unit heavy vehicle: 8,1, @, ¢, ¢u, £y Ours O—buf, O— ur
(2) The characteristics of the actuators: Qr, Qrr, Fuctfs Factr, Xvf, Xor, Uf, Uy
(3) The roll stability: Ry, R,

where R; and R, are respectively the normalized load transfer at the front and rear
axles, defined as follows [4], [8]:

_ARy o AR,
sz ’ " Fzr

Ry (26)

where Fy is the total axle load at the front axle and F}, at the rear axle. AF,; and
AF,, are respectively the lateral load transfers at the front and rear axles, which can be
given by:

kg du Fur Gur
Asz: ch¢fa AFzr: d)

w lw

(27)

where k,; and k,, are the stiffness of the tyres, ¢,y and ¢, are the roll angles of the
unsprung masses at the front and rear axles, [,, the half of vehicle’s width.

3. ACTIVE ANTI-ROLL BAR OPTIMAL CONTROL

The objective of the active anti-roll bar control system is to maximize the roll stability
of the heavy vehicle. An imminent rollover can be detected if the calculated normalized
load transfers Ry, defined in equation (26) reach 1 (or —1). Therefore, the performance
characteristics which are of most interest when designing the active anti-roll bar, are the

11
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normalized load transfers Ry, that the controller should minimize. While attempting to
minimize the normalized load transfer, it is also necessary to constrain the roll angles
between the sprung and unsprung masses (¢ — ¢y ) within the limits of the travel of
suspension (7+8 deg) [4]. Such control objectives are tackled using the LQR approach
briefly summarized below.

3.1. Background on Linear Quadratic Regulator (LQR)

The linear time-invariant (LTT) model is described by equation (25). For controller design,
it is assumed that all the states are available from measurements or can be estimated.
Then, let us consider the state feedback control law:

u=—Kzx (28)

where K is the state feedback gain matrix. The optimization procedure consists in
determining the control input « which minimizes some performance index J. This index
includes the performance characteristic requirement as well as the controller input
limitations, usually expressed by:

J= /OO (zTQz + wTRu) dt (29)
0

where Q and R are positive definite weighting matrices. To obtain a solution for the
optimal controller (28), the LTI system must be stabilizable, which is true for the system
(25).
From the linear optimal control theory [21], the gain K minimizing (29) has the following
form:

K=R"'BTP (30)

where the matrix P is the solution of the Algebraic Riccati Equation (ARE):
AP+ ATP - PBR'BTP+ Q=0 (31)
The optimal closed-loop system is obtained from equations (25), (28) and (30) as follows:

3.2. Active anti-roll bar LQR control

The main objective is here to maximize the roll stability. The sprung mass roll angle
(¢), the roll angle of suspensions (¢ — ¢ f,) and the normalized load transfers (Ry,) are
variables directly affecting the roll stability of the vehicle, so they are to be minimized.
Besides, it is important to handle the input current limitations (uy, u,) of the electronic
servo-valve hydraulic actuators. For these reasons, the performance index J is selected
as follows:

12
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J —/ (16” + pa R} + p3RE + pa(¢ — bug)”
0 (33)

‘|’P5(¢ - ¢ur)2 + Rufo2 + Rm«uﬂ) dt

where p1, p2, p3, pa, p5, Ry and Ry, are the weighting parameters of J.

According to the choice of these parameters, (33) allows to handle a large set of differ-
ent criteria focusing on anti-roll bar performances and/or on the limitation of actuator
consumptions.

In this paper, to assess the quality of the active anti-roll bar control system, three con-
trollers have been designed and compared, using three different sets of weighting param-
eters:

- First control design (LQR; - Nominal): Roll stability and controller input current
limitations are considered. The weighting parameters values are chosen as:

pr=p2=p3=ps=ps =1 Ryf=Ry =1

With this controller, the role of the roll stability and the input current limitations to be
considered is balanced.

- Second control design (LQR:2 - Normalized load transfer oriented): Roll sta-
bility is taken into account and the normalized load transfers (Ry, R,) are the most
important objectives, while keeping the controller input current limitations. The weight-
ing parameters values are chosen as:

p1=pi=ps =Ry =Rur=1; pa=ps=10,50,100,200,500, 1000, 10000

where the weighting parameters values ps, p3 are changed from 10 to 10000; this selection
is used to consider the roll stability, the behaviors of the heavy vehicle as well as of the
electronic servo-valve hydraulic actuators when the normalized load transfers are more
and more penalized.

- Third control design (LQR3; - Input limitation oriented): Controller input
current limitations (ug, u,) are more taken into account, while keeping the roll stability
objective. The weighting parameters values are chosen as:

pr=p2=p3=pi=ps=1; Rus = Ry = 10,50,100,200,500, 1000, 10000

In this case, the weighting parameters values R,f, Ry, are changed from 10 to 10000,
the objective is to consider the roll stability, the behaviors of the heavy vehicle as well
as the electronic servo-valve hydraulic actuator with harder input current limitations.
Remark: Of course, other controllers could be designed using (33) with other choices of
the weighting parameters, according to specifications.

4. SIMULATION RESULTS ANALYSIS

In this section, the simulation results of the single unit heavy vehicle using the four
electronic servo-valve hydraulic actuators with a full-state feedback controller are shown
in both frequency and time domains. The parameters values of the electronic servo-valve

13
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Table 3. Parameters of the yaw-roll model [4], [20].

Parameter  Value | Parameter Value | Parameter  Value
ms 12487 kg | by 100 f—% Ino 24201 kgm?
Moy, f 706 kg br 100 f—% Ip: 4200 kgm?
M 1000 kg | kg 2060 %T I 34917 kgm?
m 14193 kg | ker 3337 Lim | 0.93 m

EN
h 115m | kf 380 w&” Iy 1.95m
hui 0.53m | kr 684 km]gl I 1.54m
Cy 582 % kaog 10730 2z | 0.83 m
Cr 783 2| kaor 15480 ~2 | p 1

hydraulic actuators and of the yaw-roll model are

forward velocity is constant (70 km/h).

4.1.

Analysis in the frequency domain

those given in tables 1 and 3. The

Various closed loop transfer functions of the integrated model of the single unit heavy
vehicle are shown in this section. To assess the effect of the weighting parameters po and
p3 of the LQ Ry design and the weighting parameters R, and Ry, of the LQR3 design,
two cases are considered and detailed:

(1) First case: the transfer functions are shown for the passive anti-roll bar, the LQ Ry
design and the LQR> design,

(2) Second case: the transfer functions are shown for the passive anti-roll bar, the LQ Ry
design and the LQR3 design.

They are detailed in the sequel.

Uuyr r

oy
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The main objective of the active anti-roll bar system is to reduce the normalized load
transfer at each axle. Figures 5a,b show the transfer function of the normalized load

transfers at the front axle (?—;) and at the rear axle (?—;), respectively. As shown in Ta-

ble 4, both LQR; and LQR, designs allow to reduce the normalized load transfers (at
the two axles) compared with the passive anti-roll bar case. When po and ps3 increase,
the transfer function’s gains of the normalized load transfers decrease in the case of the
LQRy design.

The reduction of normalized load transfers at the axles is due to the active anti-roll bar
system. Indeed, when the vehicle rolls into the corner, unlike in the passive anti-roll bar
case, the active one generates a stabilizing lateral displacement moment, which balances
the destabilizing overturning moment caused by lateral acceleration [4], [5].

Table 4. Reduction of the magnitude of transfer functions compared with the passive case.

Transfer functions LQR; | LQR>

R

T]{ 8 dB [0, 6 rad/s] 11 dB (p2 = p3 = 10), 21 dB (p2 = p3 = 10000) [0, 40 rad/s]
%T 27 dB [0, 30 rad/s] | 30 dB (p2 = p3 = 10), 43 dB (p2 = p3 = 10000) [0, 50 rad/s]

Figures 5¢,d show the transfer functions gains of the input currents at the front (g—;)
and rear axles (g—f), respectively. When po and pj3 increase, the controller input currents
(uf,) increase. This indicates that when the weighting parameters po, p3 increase, the
LQR; design requires more input current (i.e. energy) than does the LQR; design.
The simulation results in the frequency domain have shown that the LQR> design im-
proves the roll stability of single unit heavy vehicle when ps and ps3 increase. However,
it also increases the controller input current. This consistently fulfils the objective of the
designed controllers. But as current is limited to 20 mA [18], p2 and ps should not be
increased too much to stay within the current constraints.

Uf,r

4.1.2.  Second case: effect of R,y and Ry, on the transfer functions %ffjr and 3

The LQR; design is designed to enhance roll stability while considering also the con-
troller input current limitations (uy, ). Conversely, the LQ) R3 design considers mainly the
controller input current limitations and pays less attention to the roll stability. Figures
6a,b show the transfer functions gains of the normalized load transfer at the front axle

(%) and rear axle (?P), respectively. In Table 5, the reduction of the normalized load
I !

transfers (at the two axles) are shown for the LQR; and LQR3 designs compared with
the passive anti-roll bar case. They show that, compared to LQR;, the LQR3 design
improves less the roll stability, when R, and Ry, increase from 10 to 10000.

Table 5. Reduction of the magnitude of transfer functions compared with the passive case.

Transfer functions LQR, | LQR3

R

Tff 8 dB [0, 6 rad/s] 5.5 dB (Ryf = Rur = 10), 3.5 dB (Ryf = Rur = 10000) [0, 5 rad/s]
?—; 27 dB [0, 30 rad/s] 21 dB (Ryf = Rur = 10), 4 dB (Ryy = Rur = 10000) [0, 10 rad/s]

Figures 6¢, d show the transfer functions gains of the input currents at the front (g—;) and

rear axles (g—;‘), respectively. When R, s and R, increase, the controller input currents

(wsyr) decrease. This indicates that when R,y and Ry, increase, the LQ R3 design requires
less energy than does the LQR; design.
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Figure 6. Case 2, transfer functions magnitude of (a, b) normalized load transfers (%) and (c, d) input currents

(u(;ffr) at the axles.

From Figure 6, we can see that the LG R3 design does not improve the roll stability of
single unit heavy vehicle when R, ; and R,, increase. As the main objective of the active
anti-roll bar system is to enhance the roll stability, R,y and R, cannot be increased too
much.

The results above indicate that the roll stability and the energy consumption are conflict-
ing objectives. The objective of the active anti-roll bar on heavy vehicles is to maximize
roll stability to prevent rollover in dangerous situations. However, such a performance
objective must be balanced with the energy consumption of the anti-roll bar system,
which is not a trivial task.

The selection of the performance index J, as well as the weighting parameters (p1, pe,
p3, P4, ps, Ry and Ry,) in the equation (33) depend on the design objective. However,
they must be chosen to satisfy simultaneously the three targets:

e The roll stability, which is expressed by the limits of the normalized load transfers at
all axles in the range [—1, 1], in the frequency range up to over 4 rad/s [7].

e The saturation of the actuators, which is expressed by the maximum absolute value
of the spool valve displacement less than 4.85 x 10~* m [18], of the input current less
than 20 mA [18], of the load flow less than 2.2 x 103 m?/s [7], and of the forces less
than 120 kN [7].

e The limits of the suspension travel, which are expressed by the roll angles between the
sprung and unsprung masses (¢ — ¢y f,) less than [7+8] deg [4].

4.2. Simulation results in time domain

In this section, some results in time domain are shown for four different situations: passive
anti-roll bar, LQR; controller (Nominal), LRy controller (p2 = p3 = 100, Normalized
load transfer oriented) and LQR3 controller (Ruf = Ryr = 100, Input limitation ori-
ented). The vehicle manoeuvre is a double lane change which is often used to avoid an
obstacle in an emergency. The manoeuvre has a 2.5 m path deviation over 100 m. The
steering angle d; is shown in Figure 7.
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Figure 7. Time responses of steering angle 07 [4].

4.2.1.

To evaluate the efficiency of the controllers, two criteria are considered:

- The maximum of the absolute value of the signals. This indicator is very important
for the normalized load transfers Ry, because if Ry, takes on the value &1, then the
inner wheel in the bend lifts off.

- The Root Mean Square (RMS) of the signals are defined as:

Performance criteria

T
RMS(y) =/ 7 /0 y2(t) dt (34)

4.2.2.  Analysis of the roll stability and the electronic servo-valve hydraulic actuator

Normalized load transfer at the front axle
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‘‘‘‘‘ LQR_, RMS=0.1855 imit of =% = = LQR,_, RMS=0.0429
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Figure 8. Time responses of (a, b) normalized load transfers and (c, d) input currents at the axles.

In Figure 8, the time responses for the LQR; controller (continuous line), the LQR;
controller (dashed line), the LQR3 controller (dashed-dot line) and the passive anti-roll
bar (dashed-dot asterisk line) are shown.

Figures 8a, b show the normalized load transfers at the front and rear axles, respectively.
Notice that, in the passive anti-roll bar case, the value of the normalized load transfer
at the rear axle (R,) at 2.8 seconds exceeds —1 so that the inner wheels lifts off (but not
at the front axle). For the three LQR active anti-roll bar controllers, the roll stability is
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achieved because the limits of the normalized load transfers always stay within £+1. In
Table 6, the reduction of the peak of the normalized load transfers (at the two axles)
are shown for the three LQ R designs compared with the passive anti-roll bar case. This
confirms the simulation results in the frequency domain which are shown in Figures 5a, b
and 6a, b.

Table 6. Reduction of the peak of the normalized load transfers com-
pared with the passive case (100%).

Normalized load transfers LQR, | LQR> | LQR3
Ry 70% 83% 37%
R, 96% 98% 89%

To assess the roll stability and the energy consumption of the actuators using the three
active anti-roll bar controllers, the simulation results are summarized in Figure 9.

70 T T T T T T

Figure 9. RM S of the signal’s reduction: A1 (a), A2 (b)

For the roll stability, we consider the percentage of Root Mean Square (RMS) compared
with that of the passive anti-roll bar case (100%) as:

M) = RM S(active)

- RMS(passive) 100% (35)

For the energy consumption of the actuators, the percentage of RM S compares with the
maximum RM S of input currents w.r.t. each axle as:

RMS(ug,)

Ao(.) = RMS(Uf,rmaz)loo% (36)
Figure 9a shows that for the three LQ R active anti-roll bars, the RMS of the signals have
dropped from 63% to 88% for the roll angle of sprung mass (¢), from 37% to 85% for
the roll angle of the unsprung mass at the front axle (¢,¢), from 87% to 98% for the roll
angle of the unsprung mass at the rear axle (¢, ), from 37% to 85% for the normalized
load transfer at the front axle (Ry), from 87% to 98% for the normalized load transfer
at the rear axle (R;), from 72% to 89% for the roll angle of the suspension at the front
axle (¢ — ¢uy) and from 66% to 88% for the roll angle of suspension at the rear axle
(6 — Gur)-

Figure 9b indicates that the input currents in case of the LQ Ry controller are always
higher than those of the LQR; controller, this consistently fulfils the objective of the
designed controllers. Nevertheless in the case of the LQ Rs controller, the input current
at the front axle is higher than that of the LQR; and LQRs controllers, which confirms
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the simulation results in the frequency domain, shown in Figures 5c and 6¢, since in the
time domain, the steering angle is considered at 4 rad/s in an emergency.

So we can claim that the three active anti-roll bar controllers significantly enhance the
roll stability compared with the passive anti-roll bar case. As explained for the choice
of the coefficients of the performance index J, the simulation results consistently fulfil
the objective of the described controllers. This provides the control engineering a generic
design method for designing LQ R controllers according to his performance requirements
(through the choice of the parameters p;)

4.2.8.  Analysis of the handling performance

Besides improving the roll stability to prevent the rollover, it is important to evaluate the
effect of the LQR active anti-roll bar system on the handling performance of the heavy
vehicle using the electronic servo-valve hydraulic actuators. The vehicle stability region
is derived from the phase-plane (3 — ) can be assessed through the Stability Index (\)
in equation (37), see [22].

A =2.498 + 9.550| (37)

The heavy vehicle is in the stability region when A < 1. Figure 10 indicates that in the
case of the LQR active anti-roll bar controllers, the stability index X is always less than
that in the case of the passive anti-roll bar, which is important to the driver.

Phase-Plane: B-dp/dt Stability index

0.7,

* Passive| ' ' ' - Passive|

—LQR, 0-5’_LQR1 0.5
---LQR,
--LQR;

05/ ---LQR, [
0.4f{~-QRs ~<

)

x 0.3r
EE 0.44p [0
g £ 0.2F o4 R
26 27 28 29

0.1f Time [s] 1

dp/dt [deg/s]

=}

-15 -1 -05 4 6 8 10
Time [s]

(a) (b)

Figure 10. Phase-Plane 8 — 8 (a) and Stability index A (b).

We can conclude that although the LQR active anti-roll bar controllers focus on the
normalized load transfers and input currents, they also improve the handling performance
of the heavy vehicle. Of course the LQR active anti-roll bar controller can improve the
handling performance much more if the performance index J in equation (33) takes into
account the side-slip angle at the center of mass (/3), which is related directly to the
vehicle stability.

Remark: To evaluate the effect of the three LQR active anti-roll bar controllers on the
roll stability and the electronic servo-valve hydraulic actuator of the integrated model in
the frequency and time domains, the signals considered are listed in detail in Table 7.

5. ANALYSIS OF THE EFFECT OF THE FORWARD VELOCITY ON
THE CLOSED-LOOP SYSTEM

The forward velocity of the heavy vehicle continuously varies during operation, especially
in the case of an emergency. The rollover of a heavy vehicle often occurs for forward
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Table 7. Signals considered in the frequency and time domains.

Signal Frequency domain  Time domain

Normalized load transfers at the front/rear axles (Ry,,) X
Input currents at the front/rear axles (uy ;) X
Roll angle of the sprung mass (¢)

Roll angle of the unsprung masses at the front/rear axles (¢ ¢ )

Roll angle of the suspensions at the front/rear axles (¢ — ¢y r)

Side-slip angle () - Side-slip angle velocity (B)

Stability index (A)

el R

velocities within 60 to 110 km/h. In this section, one considers the forward velocity of
the heavy vehicle up to 160 km/h in order to evaluate the roll stability, as well as to
determine the critical velocity at which the actuators reach the physical limits. In what
follows, the disturbance is the steering angle (d¢) corresponding to a double lane change
in Figure 7 [4].

5.1. Effect of the forward velocity on the roll stability

Normalized load transper at the front axle Normalized load transper at the rear axle
T T T T T T T T T T

15 _
D
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- I R R N N S S £ —LQR,
[ L R~ g S SE s o o
0.5( ! LQR,
LQR,
W ‘ s e
] 20 40 80 100 120 140 160 0120 140 160
V - [Km/h]

(a) (b)

Figure 11. Effect of the forward velocity on the maximum absolute value of the normalized load transfers at the
front (a) and rear (b) axles.

Figures 11a, b show the effect of the forward velocity on the maximum absolute value of
the normalized load transfers at the front and rear axles, respectively.

In the passive anti-roll bar case, the maximum absolute values of the normalized load
transfers (Ry,) at the front and rear axles reach the limitations when the forward veloci-
ties meet 74 and 66 km/h, respectively. Meanwhile, in the three LQR active anti-roll bar
controllers case, these indices are always within the limitations. The maximum absolute
values of the signals in the case of LQ) Ry controller are always less than for the LQR; and
LQR3 controllers. It means that the LQ Ry controller better improves the roll stability
than do the two other controllers. This fulfils consistently the objective of the described
controllers.

5.2. Effect of the forward velocity on the physical constraints of the
actuator

The physical constraints of the actuator are important to assess its applicability on the
active anti-roll bar system. We consider the influence of the forward velocity on the
actuators to determine their operational limits for the electronic servo-valve and the
hydraulic actuator.
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5.2.1.  Electronic servo-valve: spool valve displacement and input current limitations

6 T T T T T T T 0.025, T
________ L i_m_i}_o_f_sﬂ(z?l valve displacement |><Vf'r|max: 4.85x107% [m] d Limit of input current \uu\maf 20 [mA]
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Figure 12. Influence of the forward velocity on the maximum absolute value of the spool valve displacements (a)
and the input currents (b).

Figure 12a shows the effect of the forward velocity on the maximum absolute value of
the spool valve displacements at the two axles (X, ¢,). The maximum of the spool valve
displacement recommended is 4.85 x 10~% m [18]. For the forward velocity of the heavy
vehicle up to 160 km/h, the maximum absolute value of the spool valve displacements
stays within the limit.

Figure 12b shows the effect of the forward velocity on the maximum absolute value of the
input currents at the two axles (uy,). As the maximum of the input current recommended
is 20 mA [18], there is no problem because the input currents always stay within the limit
for the forward velocities less than 160 km/h.

5.2.2.  Hydraulic actuator: load flow and force limitations
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Figure 13. Influence of the forward velocity on the maximum absolute value of the load flows (a) and the forces

(b).

As well, the maximum recommended load flow of oil into the hydraulic actuator is 2.2 x
1073 m3/s, see McKevitt [7]. Figure 13a shows that the load flows stay within the limit
for the forward velocity up to 160 km/h.

Figure 13b shows that the maximal admissible limit for the forward velocity of the heavy
vehicle is 138 km/h in order to ensure that the forces stay within the limit (120 kN)
recommended by McKevitt [7].

6. Conclusion

This paper proposed an integrated model including four electronic servo-valve hydraulic
actuators (two at the front and two at the rear axles) and a linear single unit heavy ve-
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hicle yaw-roll model. Based on this model, an active anti-roll bar control was developed
within the LQR approach, taking into account the normalized load transfer and input
current limitations. As shown in the simulation section, the maximal admissible forward
velocity of the heavy vehicle obtained (138 km/h) ensures that the electronic servo-valve
hydraulic actuator operates within its admissible operational limit (forces, load flows,
spool valve displacements and input currents). It can then be concluded that the elec-
tronic servo-valve hydraulic actuator, controlled by the current, is completely justified
for active anti-roll bar control system on the heavy vehicle.

The results obtained in the frequency and time domains show the efficiency of the LQR
active anti-roll bar control approach to improve the roll stability, preventing then the
rollover phenomenon of heavy vehicles. The simulations also show the drastic improve-
ments w.r.t. the passive anti-roll bar case. The authors would like to stress that the
given methodology allows to solve a multi-objective problem through the definition of
an optimal criterion function of several tuning parameters p;. This tuning facility is an
interesting degree of freedom to handle different industrial performance requirements.
In the future, other approaches such as Hy/Hy state feedback control, will be applied
to the integrated model, along with the use of observers to assess more deeply the char-
acteristics of the system. Studies on the nonlinear vehicle model and the comparison
using nonlinear vehicle simulation packages (such as TruckSim or TruckMaker) are also
interesting topics.
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APPENDIX: The matrices A, B;, and B> in the state equation.
From equations (10), (24), the state equation for the integrated model can be written as:

i=FE'Ap2+ E 'By.w + E ' Bpa.u (38)

with the state vector: x = [ﬂ bbb Ouf Gur Apr Xop Apy XW]T, the exogenous distur-

bance: w = [5f]T, the control inputs: u = [uf ur]
The state equation for the integrated model in the LTI state-space representation (25)
is given as:

t=Ax+ Br.w+ Byu (39)
From (38) and (39) the matrices A = E~1 Ay, By = E~1By; and By = E~1Bps.
. . . I;.c
Some notations are given as: vy, = —ucy, vy, = —u L vy = —pon, vy = —uCyp + O, vy =
Crdp—Cp.l 12.cp+i2.C
p (LS vy = oy, Y, = pleCr o Ng = up.Cr —15.0p), Ny = S (T N = pipop, My =
Moy fhyg —kp —kify Mgy = —(murghur + ke + kir).
leading to the matrices E, Ag, Bp1 and Bys:
[ m.v 0 0 —mgs.h 0 0 0 0 0 o0 vy 0o o
0 I.. © Iy 0 0 0 0 0 o0 Ny 0o o
—ms.v.h —Igpz O Ipg + ms.h2 —by —by 0 0 0 0 0 0o o
—my v (r—hyp) 0 0 0 by 0 0 0 0 o0 rYs 0o o
—marv.(r — hyr) 0 0 0 0 by 0 0 0 o0 0 0o o
E= Bo1 = Boz =
0 0o 1 0 0 0 0 0 0 o0 0 0o o
v,
0 0o o 0 —Aplget 0 47}: 0 0 0 0 0 0
0 0o o 0 0 o 0 1 0 o0 0 Ko
0 0 o 0 0 —Aplget 0 O 4—‘2% 0 0 0o o
0 0o o 0 0 o 0 0o 0 1 0 o Eu
[ Yg Y, - mo 0 o o o 0 0 0 0
Ng Ny 0 0 o o 0 0 0 0
0 msvh magh —kp —kp —(bp +by) ky kr  2lgctAp 0 2UgetAp 0
PYgp My pu(r = hyp) Y, kg by My 0 2040t Ap 0 0 0
TYB,,. Mmayrv(r — hyr) + TYl[)r ky by 0 My, 0 0 2lgctAp 0
Ag =
0 0 0 1 o o 0 0 0 0
0 0 0 —lactAp 0 0 —(Kp+Cip) Kg 0 0
0 0 0 0 0 0 0 -1 0 0
T
0 0 0 —lgetAp O 0 0 0 —(Kp +Ctp) Kg
0 0 0 0 0 0 0 0 0 -1
1
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