Pascal Cosson 
email: pascal.cosson@ec-nantes.fr
  
Antoine Leroy 
  
Bernard Peseux 
  
Jean-Pierre Regoin 
  
A MULTIBODY APPROACH FOR THE MODELLING OF A MILLING MACHINE

Keywords: machine-outil, modélisation, approche multi-corps, comportement dynamique, analyse modale

De nombreuses études expérimentales ont mis en évidence que les premiers modes de vibration d'une machine-outil pouvaient être excités lors d'opérations d'usinage à grande vitesse (UGV). L'étude des déformations sous l'effet de sollicitations dynamiques d'une machine-outil dédiée à l'UGV est donc essentielle afin d'imposer pour cette machine des raideurs statique et dynamique importantes, tout en conservant des masses en mouvement faibles, ce qui assure des valeurs de fréquences de résonance élevées. Pour définir le comportement dynamique d'une machine, nous présentons une méthode simplifiée de modélisation basée sur une approche multi-corps. A partir d'une mesure expérimentale du comportement dynamique obtenue avec des essais de type choc, une représentation de cette machine à l'aide de solides indéformables est élaborée, chaque solide étant associé à une partie de la machine : portique, broche ... Pour modéliser les déformations des différentes parties ainsi que d'éventuels défauts au niveau des liaisons, des rotations supplémentaires sont introduites entre les solides. A chaque rotation, sont associés une raideur et un amortisseur. Le modèle construit est donc défini par les raideurs et les coefficients des amortisseurs. Ces paramètres sont identifiés à partir des mesures expérimentales. La méthode est appliquée pour étudier une fraiseuse de type portique.

Introduction

High Speed Machining (HSM), by lowering times of manufacturing, seems to be a suitable way for industrials to increase productivity. In order to reach high spindle speeds and high feed rates required for HSM, machine tool designers have realized many studies concerning motorization, spindles and control systems. But new problems induced by the machine tool behaviour have raised with the use of HSM. On top of difficulties which concern the fact that the tool tip has to follow the tool path with a given feed rate and a given spindle speed, the machine tool can no longer be regarded as a rigid body with no strains. Indeed, many measured data have focused on the fact that the first vibration modes of a machine tool can be excited by dynamic sollicitations which occur during HSM. If in the past, a static designing of a machine tool was sufficient, such a point of view is no longer possible. To obtain HSM conditions requires a better understanding of the machine tool behaviour in dynamics. This paper describes a simplified way of taking into account the vibratory behaviour of a machine.

To carry out the analysis of the dynamic behaviour of a machine tool needs to overcome at least three main difficulties :

-the different parts of the machine tool have to be represented with a sufficient accuracy ;

-another aspect of the problem is the description of phenomena which happen at lumped joints between components of the machine ; generally, it is considered that connections introduce local flexibilities and non-linearities [6], [START_REF] Persianoff | Etude expérimentale et numérique d'une liaison glissière de machine-outil[END_REF] and [8] even if for small displacements, a linear behaviour is commonly applied ; on top of these nonlinearities, it must be taken into account that a great part of the loss of mechanical energy which occurs in a real structure is localized in the lumped joints ;

-finally, the third main difficulty concerns the fact that the behaviour of the machine tool depends on the state of the machine [START_REF] Lauroz | Modèle eléments finis et plans d'expériences pour la validation de critères de conception des machines utgv[END_REF] ; static and dynamic stiffnesses are linked to the location of the tool in the working space ; however, one can notice that this influence of the state of the machine is higher for a machining centre than for a portal-frame-type machine.

It exists at least three main approaches to model the dynamic behaviour of a machine tool in order to take into account the strains of the machine for a machining simulation :

-the first method attempts to represent interactions among the workpiece, the tool and the machine with a transfer function [START_REF] Tounsi | Modélisations du système Pièce-Outil-Machine, du Procédé de Coupe et de leur Interaction[END_REF]; this transfer function is a 3×3 matrix experimentally built by measuring cutting forces and relative accelerations between tool and workpiece in three orthogonal directions ; for this method, a representation of the machine is not necessary ;

-the second method is based on a finite element approach ; it needs a fine desciption of the components of the machine ; moreover, very precise models of joints between components (including non-linearities and damping) are required ; finite element models of machine tools are usually characterized by a high number of degrees of freedom (DOF), more than 10,000 DOF [START_REF] Duverger | Modélisation et simulation du comportement dynamique d'une machine-outil à grande vitesse[END_REF] and [START_REF] Lavabre | Dynamic behavior analysis of machine tool structures in the high speed machining context and its utility in design[END_REF] ;

-in the third approach, it is considered that a machine is composed of rigid bodies connected together by lumped joints ; in order to take into account strains, additional DOF are introduced ; these DOF are associated with springs and dashpots for the modelling of elasticity and damping ; this third method that we call a multibody approach can be refined by modelling the most rigid parts of the machine with undeformable bodies and the other parts of the machine with flexible bodies [5].

This third method has been applied to get a quite rough model of an existant machine. In order to predict the dynamic behaviour of this machine and to detect its shortcomings for HSM, our model has to provide :

-natural frequencies, -an estimate of stiffnesses and damping ratios of lumped joints between components, -an estimate of displacement levels for many points of the structure.

Our work can be divided into three parts :

(i) in a first experimental part, the vibratory bahaviour of the machine has been studied ; receptance has been measured at the spindle nose to find natural frequencies and modal damping ratios have been deduced from a fit of experimental data ;

(ii) in order to design a kinematic chain for the modelling of strains which occur in the machine, a system of angular coordinates has been established ; every coordinate has to be understood as a relative rotation between two rigid bodies associated in a given joint ;

(iii) mechanical parameters of the model (stiffness and damping ratio of each lumped joint) have been identified from measured data by optimization method.

The support of this study is the DROOP & REIN n o 486/1 milling machine, a plane milling machine of EADS in Toulouse.

Experimental modal analysis of the DROOP & REIN milling machine

The machine that we have studied -a table on which the workpiece is clamped ; -two guideways ; -a travelling gantry which can move on the guideways ; this travelling gantry is formed by a crossing-beam supported by two columns ; -a sliding block which can translate on the crossing-beam ; -a saddle which can have a relative vertical displacement with respect to the sliding block ; this saddle supports two motorization devices which motor-drive the two spindles.

For the experimental modal analysis, the machine was excited by impacts using a dynamometric hammer TECHDIS PCB 086B50. Impacts were produced in many points of the machine along three orthogonal directions when possible. The impacting forces induced in the structure were measured with a force transducer. An accelerometer B & K 4367 with a conditioning amplifier B & K 2635 were used to measure the response along three orthogonal directions. The two signals were treated with a dynamic signal analyser HP3562A to obtain receptance. Due to noise-like disturbances, the frequency response functions were determined on the frequency range [ 0 Hz , 500 Hz ] .

The first information which can be deduced from measurement concerns natural frequencies of the machine and damping ratios of vibration modes which can be attached to each natural frequency. Experimental data were carried out by bumping the tool along x, y and z directions and measuring acceleration along these three orthogonal directions. To rule out local resonances, impacts were also produced on the tool holder and on the lower spindle tip. The most significant results were obtained with impacts along x and y axes. Natural frequencies and damping ratios of vibration modes were taken out from experimental data with a curve fitting using rational functions. For the jth vibration mode, natural frequency f j and damping ratio η j were given by :

f j = | λ j | 2 π and η j = Re(λ j ) | λ j | (1) 
where λ j and λ j are the two poles which define the jth vibration mode.

In comparison with results for the DROOP & REIN milling machine, natural frequencies for a SABRE 500 milling unit [START_REF] Cosson | Essais réalisés sur un centre d'usinage sabre 500[END_REF] and for a HURON EX 14 milling centre [START_REF] Bezy | Analyse vibratoire sur le cu huron ex 14[END_REF] 

Identified values of the damping ratios

For the modelling of the plane milling machine with discrete lumped inertias interconnected by springs, dampers and massless links if necessary, a characterization of joints and couplings between the main components of the structure was needed. With this experimental modal analysis, it was shown that in a first approach, it did not matter to take into account table and guideways. On top of that, it also appeared from these measurements that coupling between table and travelling gantry was so weak that it could be neglected.

Besides these results, experimental data provided that the translation of the travelling gantry with respect to guideways had no effect on measurements. Actually, measured data were independent of the travelling gantry position on guideways. Furthermore, it was just the same behaviour for the sliding block with respect to the crossing-beam. The influence of its position on measured frequency response functions was so insignificant that it could be given up.

Definition of a complementary kinematic schema

The experimental modal analy-Fig. 2: Moving part of the milling machine sis focused on the fact that among all components which constituted the milling machine, only moving elements had to be modelled for a simplified approach. The main goal of this second part of our work was to establish a complementary kinematic schema which could describe strains of the constituents of the machine and shortcomings of joints between these constituents.

As it is shown on Figure [START_REF] Bezy | Analyse vibratoire sur le cu huron ex 14[END_REF], the moving part of the milling machine is composed of the travelling gantry, the sliding block, the saddle, the two motorization devices and the two spindles.

-Displacements along x axis of the travelling gantry with respect to guideways are allowed by a prismatic joint.

-Between the crossing-beam of the gantry and the sliding block, there is a prismatic joint which allows displacements of the latter along the y axis.

-Displacements along z axis of the saddle with respect to the sliding block are allowed by a prismatic-joint.

-The two motorization devices are clamped on the saddle and each spindle is linked to its motorization device by a rotoïd joint.

As the components of the moving part were modelled by rigid bodies, further DOF have been added to the kinematic schema of the Figure [START_REF] Bezy | Analyse vibratoire sur le cu huron ex 14[END_REF] in order to take into account strains in the constituents of the moving part and shortcomings of joints between these constituents. These additional DOF have been introduced to allow supplementary translational or rotational motions between the different components on top of motions described just before.

With the assumption of small displacements of the spindle around a given state of the machine, the displacements of the lower spindle tip were directly related to the additional DOF by a linear transformation, namely :

   u x u y u z    = [ G ] { X } (2)
where -{ u x , u y , u z } were the displacements of the lower spindle tip along x, y and z directions ;

-{ X } represented the vector of additional DOF ; -[ G ] was a constant 3 × n matrix where n was the size of vector { X }.

The vector of additional DOF could be deduced from equation (2) by minimizing the euclidian norm :

   u x u y u z    -[ G ] { X } 2 (3) 
-If there were three additional DOF, the vector { X } was merely given by :

{ X } = [ G ] -1    u x u y u z    (4) 
-If the number of additional DOF was different from three, the vector { X } was obtained by using a singular value decomposition of the matrix [ G ] (the QR decomposition of the matrix [ G ] led to the same values of vector { X }).

In order to take into account strains and shortcomings of joints, many kinematic chains have been tested. To compare these chains, displacements calculated from additional DOF have been correlated with measured displacements. We also have had a look on self-consistency of the results. Among all the tested kinematic chains, the best feet with measured data have been performed with a model including five additional rotations : one rotation θ for the travelling gantry around y axis, one rotation β for the sliding block around the crossing-beam, one rotation α around z axis for the saddle and two rotations ζ and γ for the spindle around x and y axes. With this model, displacements at the lower spindle tip were related to additional rotations θ, β, α, ζ and γ by the following linear transformation :

  u x u y u z   =   z h + z P z P -y J -y P z P 0 0 0 x J + x P 0 -z P -x h -x K -x J -x P -x K -x J -x P 0 -x P y P         θ β α ζ γ       (5)
where { x h , 0 , z h } represented the coordinates of the point H in the travelling gantry coordinate system, { x K , 0 , 0 } were the coordinates of the vector --→ HK in the sliding block reference system, { x J , y J , 0 } represented the coordinates of the vector --→ KJ in the saddle reference system, { x P , y P , z P } were the coordinates of the vector --→ JP in the spindle reference system ; The point P represented the lower spindle tip which the accelerometer was fixed on.

Remarks : points H , K and J are defined on the Figure (3) ; for a given state of the milling Fig. 3: Complementary kinematic chain for the milling machine machine, when this machine is unstrained, these points have the same z coordinate in a global coordinate system ; on top of that, the point J is on the spindle axis. On the Figure [START_REF] Cosson | Essais réalisés sur un centre d'usinage sabre 500[END_REF], only the bumped spindle has been represented. This part of our work has also provided that it was not possible to define a more complex kinematic chain. Actually, when we attempted to feet measured data with a model characterized by n additional DOF (with n ≥ 6), it resulted in a lot of disturbances on identified values. In fact, to define a more complex model needs at least : -to obtain less noise-like disturbances on measured data, -to use an experimental device which allows measurements in many points simultaneously.

Identification of the parameters of the numerical model of the milling machine

The third part of this work has tackled about the identification of parameters of the numerical model of the milling machine which is associated with the kinematic schema of Figure [START_REF] Cosson | Essais réalisés sur un centre d'usinage sabre 500[END_REF]. It is an optimization problem which could be achieved by minimizing a gap function between measured and estimated values of natural frequencies, modal damping ratios and compliances. These calculated values were performed with the numerical model of the machine by solving equations which governed motions of the structure.

Classically, according to the fact that components of the moving part of the machine were modelled with rigid bodies, the calculus of kinetic energy corresponding to motions defined by rotations θ, β, α, ζ and γ has led to the expression of the mass matrix M .

As this model is devoted to represent small motions of the milling machine around a given state, elastic behaviour of joints has been assumed. Therefore, five linear springs k θ , k β , k α , k ζ and k γ have been associated to the five rotations θ, β, α, ζ and γ.

In addition to these springs, in order to take into account losses of mechanical energy due to external damping at joints, five viscoelastic dampers b θ , b β , b α , b ζ and b γ have been introduced. As one can see, the assumption of proportional damping has been dismissed essentially because it is a more restrictive framework well suitable for lightly damped structures.

It follows that small motions of the structure were governed by the differential equation (6) :

0 M M B Ẍ Ẋ + -M 0 0 K Ẋ X = 0 -Φ p + F x .Φ x + F y .Φ y + F z .Φ z (6) 
where -F x -→ x + F y -→ y F z -→ z represented the force applied at the lower spindle tip ;

-Φ x , Φ y , Φ z were load vectors due to unit forces applied respectively along x, y and z directions ;

-Φ p was a load vector due to gravity ;

-M represented the mass matrix of the structure ;

-B was the damping matrix of the structure given by B =

      b θ b β b α b ζ b γ       ;
-K , the stiffness matrix of the structure, could be written as

K = K p +       k θ k β k α k ζ k γ      
where K p was a matrix due to gravity.

As matrix M, B and K were symmetric ones, compliance X(Ω) satisfied the relation :

X(Ω) = j=10 j=1 U j U t j a j ( i Ω + λ j ) { F ( F x ) .Φ x + F ( F y ) .Φ y + F ( F z ) .Φ z } (7)
where -the vector Z j = -λ j U j U j was carried out by solving the eigenvalue problem

-M 0 0 K Z j = λ j 0 M M B Z j (8) 
-the coefficients (a j ) were given by a j = -2 λ j U t j M U j + U t j B U j , -F ( F x ) , F ( F y ) and F ( F z ) represented the FOURIER transformations of F x , F y and F z . As it can be readily shown from equation ( 7), the compliance X(Ω j ) could be performed from the solutions of the eigenvalue problem defined by equation ( 8). The eigenvalues (λ j ) represented the poles of the system from which numerical values of natural frequencies and modal damping ratios could be calculated by using equation [START_REF] Bezy | Analyse vibratoire sur le cu huron ex 14[END_REF]. Therefore, we were able to build an objective function Ξ with respect to parameters k

θ , k β , k α , k ζ , k γ b θ , b β , b α , b ζ
and b γ . This objective function was choosen as it follows :

Ξ = a 1 i=5 i=1 f i,cal -f i,meas f i,meas + a 2 i=5 i=1 η i,cal -η i,meas η i,meas + a 3 j=N M EAS j=1 w = x, y, z ρ w X w,cal (Ω j ) -X w,meas (Ω j ) X w,meas (Ω j ) 2 0.5 (9) 
where -compliances X w,cal (Ω j ) for w = x, y and z were performed with relation ( 7), -coefficients ρ w (for w = x, y, z) were set to 1 or 0 whether experimental data concerning w direction were assumed to be significant or not, -a 1 , a 2 , a 3 were weighting coefficients.

This objective function was minimized with MATLAB by using the NELDER-MEAD simplex method. Equation [START_REF] Lavabre | Dynamic behavior analysis of machine tool structures in the high speed machining context and its utility in design[END_REF] states that values of parameters which issued from the optimization process were those which minimized differences between measured and calculated values of natural frequencies, modal damping ratios and compliances.

Conclusions

In this paper, we have developed a method for the study of the dynamic behaviour of a machine tool. This approach leads to models which supply natural frequencies, modal damping ratios and an estimate of displacement levels for many points of the structure. These models are defined by lumped inertias interconnected by springs and viscoelastic dampers. We believe that in some cases, this method provides a useful way for characterizing a machine tool behaviour which avoids doing an accurate finite element mesh of the machine.

According to us, it would be of great interest to measure experimental data with a device which allows measurements in many points simultaneously. Moreover, it would be better to obtain data with less noise-like disturbances. It could be achieved for instance by applying an excitation to the machine tool with an inertial shaker or with the use of the own system control of the machine.

From our point of view, the optimization process has to be improved too. Actually, the identification of parameters of the machine tool model has presented many instabilities. The results were strongly dependent on the starting vector from which the optimization process was initialized. This drawback can be overcome by the development of identification methods. Particularly, it could be relevant that residues which are issued from the curve fitting of experimental data with rational functions would be related to the solutions of the eigenvalue problem defined by equation (8).

Fig. 1 :

 1 Fig. 1: Kinematic schema of the DROOP & REIN milling machine during this work is a DROOP & REIN plane milling machine of EADS company. The portal-frame-type architecture of this machine gives the structure high stiffness. This machine can be divided into five main parts :-a table on which the workpiece is clamped ; -two guideways ; -a travelling gantry which can move on the guideways ; this travelling gantry is formed by a crossing-beam supported by two columns ; -a sliding block which can translate on the crossing-beam ; -a saddle which can have a relative vertical displacement with respect to the sliding block ; this saddle supports two motorization devices which motor-drive the two spindles.
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