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Abstract

In nuclear power plant turbosets, the dedigsis accident consists of a bl-off on the low pressure turbine last stage. Du
the accidental shutdown, a severe ra@sing contact interaction may occur at criticabests due to large shaft li
displacementsriginated by a high imbalance excitation. EDF mhesteible to check that the bearings are capablétio$tandinc
the loads developed during passing through crispaleds in the deceleration phase without catdstrapnsequences fore

shaft line. The targeted ndimearity is due to frictional rot-stator contact. The first focus of the paper is EDiRodular
EUROPE test rig. This test bench has been desigmedxperimental investigation of ro-stator contact during emerger
shutdown. The secorfdcus of the paper is on a modeling framework tatioto simulating the overall dynamic behavior ¢
non linear rotor subjected to imbalance. A-t@sed FE model is used for the entire turbine syste highly nonlinear
equations due to contact conalits are solved through an expl time-marching procedure combined with the Lagre

multiplier approach dealing with a nodelioe contact strate(. On the other hand, thidarmonic Balance Method (HBNis also
used for fast assessment of the model stssatyresponse.

Keywords : rotordynamics ; blade-off ; rifxpact ; experimental test bench ; transient sitiarla ; harmonic balance mett

1. Introduction
1.1.Industrial context and problem statem

Turbomachines for aeronautical and terrestrialications mainly comprise rotating bladed disks,aksembly
of which forms a rotor and a nantating bladed disks assembly, named the statotulbc-machinery, the
requirement of higher efficiency has reduced tleam@nces between shaft (rotating | and stator (stationary par
The safety of turbomachines involves the controtigf situations such as contact between rotatimd) sdationary
parts of the turbine, usually referred to as rugb{Muszynska [1], Beatty [2]), due to "low unbalehcand
accidental situations referred to as "high unbaanin the first situation, intermittent contactslaw levels will be
the location for energy exchange between the raatiart and the fixed part. Various modes can thecur,
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depending on the speed of rotation of the rotoe, Itading and the geometrical and physical parasetethe

system. These modes can lead to the loss of cobtteteen the rotor and the stator, but also toamhest
phenomena, the consequences of which can prove déshstrous. The second configuration or high lamza will

lead to severe contact between the rotor and #erstRub is usually caused by unbalanced rot@desbff,

misalignment of the rotor centerline, thermal uabak, casing excitations. This can occur in the gfaprocedures
of a new machine or of an older one after a shutdamd must be taken into consideration in the desigthe

machine. In this study, the shaft-diaphragm intéaconly is considered: indeed, in real turbost#is, blades-to-
diaphragm contact is negligible in comparison ® ghaft-stator interaction.

To do this, rub experiments were performed on BERoPE” modular test rig of EDF R&D. The test rigsh
been designed in order to be as much as possibtesentative of industrial machines, mainly stearbihes of
power plants. This rig has been employed for sévesearches in the field of rotor dynamics (se@sSer et al.
[3])- In the first rig configuration of the shafik without inertia flywheels (see [4]), the shutdptransient and
rubbing durations were very short (respectively lgan 50 and 10 seconds). These durations didmnadile us to
investigate all the physical phenomena. Thus, i wacided to go on with the rubbing experimentsriaer to
ensure through a more representative configurgdpRoPE shaftline with inertia flywheel) whetheetRotor-
Stator contact generates or not complex and urgedrphenomena. The current configuration allowslénger
contact and shutdown durations. The phenomenolbaizdyses will be undertaken on the basis of éseresults in
this configuration. Indeed, the presence of theti@elywheel can a priori imply the following eftts:

» amplification of the gyroscopic effects;

« variation of the shaft deformation across the mtpspeed at which the contact occurs;

» decrease of the critical speed;

» possibilities of persistent Rotor-Stator contaetgling to full annular rubbing) and backward whuglimotion.

1.2. Article focus

In order to verify the foregoing physical explapag of rubbing phenomena, theoretical predictiond a
experimental observations were performed. A tgshas been designed to allow for rubs to a rotathaft during
start-up and shutdown operating conditions. A dpon of the experimental rig and the procedurssduto
investigate the dynamical responses of the systerprasented. This small test rig cannot be fidlyresentative of
the behavior of a big sized real machine. Howewatlirsg effects have been considered. It is thereeteul that
some valuable vibration features of the rub-impattr system can be observed and the researchrogit@ some
useful information for the fault diagnostics ofatihg machinery.

The experiments were performed under different itimmd to observe the nonlinear vibrations. Fotdnse, a
gradual unbalancing of the rotating shaft is usedenerate rubs of different intensities. Some tties have been
measured: shaft vibrations in the section wheretambnoccurs, forces transmitted to the supportitigcture,
duration of contact and angular decelerations.

Investigations of the motion of the rotor with riddp experimental methods in the case of ‘large’'mesented in
this paper. The general framework for numericakstigations is also presented.

2. Description of the experimental setup
2.1.Description of the EUROPE test rig

The bench is a two-fluid bearing horizontal rotgstem (see Figure 1). The flexible shaft is composiethree
rotors, with a central modulus that can be modifiedeplaced in order to study different contaagngkes. The
overall shaft length is 3150mm with a nominal ditéeneof 210mm. The shaft is connected to an eledtriwotor,
driven by inverter, by means of a flexible couplififpe total shaft mass is approximately 450kg &edntain inertia
disk has a mass of about 250kg. The first and skbending mode frequencies of the rotor systenempectively
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close 17.3Hz and 19.4Hz at nominal rotating sp&&@@rpm). The first torsion mode is equal to 84MHze motor

drives the shaft from Orpm up to a maximum desa@ating speed of 3000rpm, but tests are generaliyed out at

lower speeds, because the aim is to analyze thevtoehn the neighborhood of the first flexuraltaral speed under
safe conditions.

Motpr nerfia 1 Beafring 1 Inertia 2 Inertia 3 Beafring 2

Figure 1 EDF R&D EUROPE test rig

The shaft is supported by two equal lemon shapefilmibearings and by two bearing housings, coneét¢o an
oil circulation system to lubricate the bearingee Bupporting structure can be considered asindite considered
speed range. The bearings are equipped with twkirpity probes in the horizontal and vertical diieas for the
measurements of relative shaft-journal vibratioftee casings are equipped with two accelerometerméasuring
its vibrations in vertical and horizontal directforProbes, located near each bearing and neapttiact position,
measure the shaft vibrations in vertical and hartabdirections.

In order to better simulate the real process oftihe we have designed a special structure ofrstha#éd can make
it possible to perform a safe and reliable contperiment, as shown inEig. 2.
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Figure 2 View of the stator and the contact zone

It is easy for the stator to be mounted, disassednbt interchanged. Not only can the concentrigftthe stator
and the rotor be adjusted, but also the clearanadjustable by changing the different inner sgatir fact, different
materials (respectively Steel, Teflon and Brass)maused for the inner part of the stator in otdeneet different
experimental conditions. However, this leads to eadifficulties to have a valid reference case. &ctf by
considering two rundowns of the rotor with and with mounted stator, small differences in the unixda
sensitivity of the shaftline might be introduced emhthe stator is assembled to or disassembled finenwhole
structure. The stator structure is clamped to asimagoncrete block by means of four bolts.

Force sensors are installed between the contaeface and the casing in order to measure thedaererated by
the contact interaction.

Tests were carried out to check the effectivenéfiseosensor system to measure the contact forces.
2.2.Validation of the unbalance procedure

Our primary objective is to study the rubbing ph@eaa only during the accidental shutdown. Theredichted
device was designed to guarantee no-rubbing conditduring the speed-up of the shaftline (“wellainaled”
shaftline). The idea consists in the excitatiortted shaft by unbalance force only during rundowhne Pprinciple
relies on installing on the stator a case in whink places a known mass made up of water ice bldek.mass of
ice block corresponds to the unbalance which orshed to impose on the machine during the rundows. cRse
(called “IceCase”) is in correspondence of the sddaertia disc with a mass eccentricity of 105mmd an angular
position of 30° compared to the Top-Tour (phaseresfce). To balance the machine during the rureng,has to
install a compensation mass (called “CMass”) ingghapposition with the “lceCase” (i.e. with a 2i@fgular
position). These positions were found experimeyntall order to make it possible to maximize the ation
amplitude of the shaftline in the contact zone.uadlyy, one must manage to have in-phase vibratibresto the
unbalance and to rotor bow over the first critispéed. Since this varying unbalance must not exaeadximum
authorized value (security issue), a fixed unbadasfc8.3g is placed in correspondence of the ifiiesttia disc with a
mass eccentricity of 250mm and an angular posafo34d5°. This second unbalance aims at “helping”thlancing

Figure 3 Ice block case and compensation massl@tstan the second inertia disc of the test rig

Thus, the “well-balanced” shaft is driven by thetaroto run up until the rotating speed of 1525rprhis
guarantees that the rubbing will not occur unt# fbe has completely melt (larger unbalance amgenerates
larger vibration amplitudes). During heavy conttesdts, the stabilization speed was raised to 1640nce this
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rated speed reached, one has to wait for competeelting, i.e. until full stabilization of thebriation levels. The
shaftline is then subjected to an unbalance cooretipg to the “CMass” mass. One cuts then the engipply off
in order to allow for shaftline free rundown. Thération of the shaftline is then directly correldtwith the
compensation mass.

Tests with unbalances (applied to the shaft batanplane) have been run in order to check the tetsof the
bearing response to unbalancing forces and toifgieail resonances of the system. This model asddsults were
used to plan the experiments and to aid in thenbalg procedures.

Results show that the unbalance device is fullyragmnal and that the force sensors assembly allimws
measuring the instantaneous forces. The test tigeis suitable for rubbing tests to be performed.

The following characteristics have been measuredhenbench: rotor-stator radial clearance equald@um,
radial rotor eccentricity equal to 105um and radidbr bow equal to 75um. When radial deflectiomeds the
remaining clearance between the external surfatieeofvhirling shaft and the internal surface of stegtionary part,
then contact occurs.

2.3.Analysis of experimental results - case of heawaui

After setting up the rig, some first experimentdults have been obtained. In order to operatafenconditions
towards the contact severity, we adopted a grachealification of inner stator material (Teflon, Bsathen Steel)
and a gradual increase in the unbalance amounteder, since rubbing is a kind of nonlinear phenoaehe
experimental results cannot be the same at every. tin this respect, several experiments for aupeteed to
confirm a peculiar physical phenomenon. Througls¢hseveral experiments the noise and the signalbean
manifested. In our case, tests were carried owdraétimes in order to ensure a “repeatability'tted experimental
results. Doing this, we can avoid signals noisdevaliso controlling all the procedures of the get-u

Results obtained during the rundown will be showneirms of shaft orbits, contact duration, confaote and
rotational speed variation. Values recorded bydmensors represent only roughly the contact fdoeeause the
measured forces are affected by the inertia fooféke ring support. Orbits in presence of rub @bs&ined also in
bearings but are omitted here for clarity.

The unbalance mass amount used to simulate heawpaatas 77.15g, which corresponds to a total aopli
unbalance of 0.0017Kg.m on disc 1 plus 0.0081Kgmulisc 2. The corresponding shaft vibrations amgés are
plotted in Fig. 4. Two main events are observedftbe vibration measures. They correspond to:

» appearance of shocks in the signal measured pttbe sensors. The contact initiation is recordgthle sensor

beginning from 1173rpm (right cursor in Fig. 4).

» extinction of the shock from the force sensor &d@trpm (left cursor in Fig. 4).
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Figure 4 rotor vibrations measured in the plane M@& an unbalance of 77.15g

Figure 5 illustrates, in a few images, the rotdsitoduring the contact phase.

init=1177 rpm ; end=1170 rpm
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Figure 5 measured rotor orbit at sensor MOBL1 fé7 45g unbalance

Similarly to the previous case, the triggering loé tontact is located in the upper part of therirst@tor before
the shaft crosses its critical speed. Image 2 stsmwere intermittent rub conditions are experiencedtacts with

rebounds occur (three contact points per revolition

Under severe rub conditions, worth mentioning is fact that the orbit is significantly enlarged ahat it
presents a more irregular shape during rub. In taw observes an almost triangular strongly distbtrajectory at
the contact location during a few rotor revolutiohbis behavior is due to sub-harmonic componemtisrab effects
which contribute significantly, besides the 1x cament, to compose the orbit. Some revolutions Idtaage 4),

there is no more than 2 contacts per revolution.

In this case, the rotor/stator coupling inducesaagmentation of the shaft critical speed of abdrpih. The
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contact forces reach values up to 1500N duringsthe down.
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The time interval during which contacts happen igerthan a quarter of the period of revolution.

As previously specified the rotational speed has dleen measured with a Top-Tour, which by numietiice
derivation gives the angular accelerations. Theaumgelocity and deceleration graphs are showrigure 6. The
measured rotation speed curve depicts clearlyibl@imodification with the naked eye at the shaoiet

Angular deceleration (rad/s2)

0 “/W%M -
5 ‘ ‘ e e
P
¥
-10 L L I I
0 50 100 150 200 250
Angular speed (rpm)
2000
1500+ B
1000 A
500+ B
O 1 1 1 1
0 50 100 150 200 250

time (s)

Figure 6 measured angular velocity (left) and deretion (right)

The angular deceleration graph shows:

« afirst phase of null acceleration correspondinthéoshaft whirling at the stabilized speed,

« asecond phase of strictly negative acceleratioresponding to the natural deceleration of the vigrshatft in
absence of rubbing,

 athird phase of slope break in the deceleratiomecoorresponding to the shock.

Besides the natural deceleration, the frictiondergcting on the rotor has the effect to decelétrate

3. Modeling and simulation results
3.1.The EUROPE test rig model

A 1D finite element numerical model of the test isgdeveloped in order to run numerical simulatioihss
displayed in Fig. 7.

Bearing Moving probe 1 Bearing Moving probe 2
probes 1& 2 (MOB1) I probes3&4  (MOB2)

COUPLER TELMA BEARING I BEARING
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Figure 7 model of the EUROPE test rig

The shaftline rests on 2 bearings, the charadtwistf which are modeled by linear stiffness andngiag
coefficients. A simplified model of the foundatightaken into account at the bearing positions:anstiffness and
damping coefficients.

The experimental identification of rotor modes asried out at different rotating speeds in thenitgi of the first
critical speed. The resonance rotating speedeapectively equal to 1053rpm (mode 1) and 1148rpodé 2).

To validate the 1D numerical model of the test m@ss and stiffness model parameters are first agdat
considering the shaft in free—free conditions. $tiness and damping coefficients of the bearimgd the flexible
coupling are determined and then adjusted in omle@btain the experimental vibration level relatecthe well-
balanced shaftline. Eigen frequencies and reduaedpithg values obtained using the updated FE model a
successfully compared to the corresponding expetiahevalues. The values of frequency show very good
accordance between numerical and experimentaltse®ésidual damping is also well reproduced byntln@erical
model, whilst a discrepancy of the first mode realddamping is observed for low and high rotatipgesis (i.e.
away from the critical speed). The accuracy ofgheftline model is thus verified at least in theinity of the first
critical speed.

In order to predict the behavior of the bench, tiiféerent numerical methods will be used and thesults will
be shown during the presentation. The two methoglslescribed hereafter. They both solve the equationotion
resulting from the space FEM discretisation ofritter (see Roques et al. [5] for more details):

Md(t) + €q(t) + Kq(®) +f(q(t)) —p() = 0 (1)

where q represents the displacement vector for all of thdegrees of freedom (DOFdK, C and M are the
generalizedn X n stiffness, damping and mass matricésis the nonlinear force vector aml is the external
excitation force vector.

As a general statemefit= @G + Apearings, WhereG is the gyroscopic matriXApearings iS the bearings damping
matrix and¢g is the angular position of the shaftlin€.= K¢ + Kpearing + @Ksuir WhereKg,.¢ is the shaftline
stiffness matrix Kye..ing iS the bearings stiffness matrix akd, is the stiffness matrix due to angular velocity
variations.

Nunbalance

PO= D mnl(@sing + §7cose)p; + (~Gcosp + @*sing)p, ]

i=1
wherem; is the unbalance mass ands the unbalance excentricify,andp, are unit vectors.
3.2.Harmonic Balance Method for fast assessment o§ysem behavior

The Harmonic Balance Method (HBM) is a well knowethnique, used to compute periodic solutions for
dynamic systems. This method consists in solviegetjuations of movement in the frequency domatherahan
in the time domain. As the movement is supposenbgier the transient effects are not taken intoaot. Thus, the
angular velocity is considered constéfit= 0) in the above equations.

When the external excitations are periodic, itdid/to assume that a steady state solution fo{ Begxists, and
that this solution is also periodic. The displacetaean thus be written as a truncated Fourieeseri

N 2)
qt) = Qo + ) (Qzj—4 cos(mja)t) + Qg sin(mjwt))
j=1

whereQ;,i € [0...2N], are the Fourier coefficients ¢f w is the fundamental pulsation of the external exticih,
andm;, j € [0...N] are positive integers.
Similarly, f(q) andp(t) can be rewritten using the same form:
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N 3)
p(t) =P, + Z(sz_1 cos(mjwt) + Py sin(mjwt))
j=1

N (4)
f(t)=F, + Z(sz_l cos(mja)t) + Fj sin(mjwt))
=1

As described in [6] Egs. (2) (3) and (4) can bestituted into Eq. (1), following which a Galerkimgzedure is
applied to transform the nonlinear differential E@), of dimensionn, into an algebraic nonlinear system of
equations, of dimensiomgy = n(2N + 1):

R(Qw) = Z(w)Q+F(Q - P=0 (5)

where:
7 diag(K, [K—mfsz ml(;)c2 ]’ [K—m,szzM mNguC2 ])
—-m;wC K- m{w‘M —mywC K- myw°M
Q=1[Q%,Ql,---,Q%\1" , F=[FL,FI,---,F,]" and P = [P{,P},.--,PI,]" are the vectors of the Fourier
coefficients for displacements, nonlinear forcesd axternal excitations, respectively.

Equation (5) needs to be solved @rAs this equation is still nonlinear, an approfaiaonlinear solver must be
used to derive a correct solution. In the presgnatson, a Newton-Raphson solver is used. The NevRaphson
solves Eg. (5) in an iterative manner :

oR(Q®)

-1
QD = QM 4 < 20 ) R(Q™, w)

It has been demonstrated that the combined useBd ldnd a Newton-Raphson solver is equivalent to the
Incremental Harmonic Balance Method (IHBM) [7].

An Alternating Frequency Time (AFT) algorithm [8]aw used for the computation &{Q), and as the
relationship between the displacements and theirmeanl forces is known only in the time domain (isa priori
unknown in the frequency domain), direct and ingeff®urier transforms must be used to deterB{iQp). The
displacementgQ) in the frequency domain are transferred to thes tdtamain using an inverse Fourier transform.
Once the time domain displacemefq3 are known, the (time-domain) nonlinear for¢é&))) can be calculated. A
direct Fourier transformation is then performedptdain the nonlinear forces in the frequency dong&i). The
next Newton-Raphson iteration can then be carnigdlo practice, fast Fourier transform algorith(RET) are used
due to their combined speed, accuracy and robistn€kis procedure can be summarized as follows:

ffe=1 fft
w“ Q) — q(®) > (1) » F(w)
Similarly, the Jacobian terrg]}gg—), is calculated via analytical derivation rathearthhrough the use of finite

differences, in order to ensure better accuracyfastér convergence. A pseudo-arc length contionatiethod [9]
is used for the parametric stuRyQ, w) = Z(w)Q+F(Q) — P=10
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3.3.Numerical time integration strategy

The second method solves Eq. (1) using a time riateyn scheme. The transient effects are takenaotmunt.
The angular deceleration which is originated bytaonbetween the shaftline and the stator (constes an
unknown) is taken into account. So an additionaiagign computes the instantaneous rotating spegendiéng on
the contact forces.

The highly nonlinear equations due to contact diomé are solved through an explicit prediction+eotion
time-marching procedure combined with the Lagrangétiplier approach dealing with a node-to-line tzarn
strategy. In our study, a Finite Central Differencecheme combined with Lagrange multipliers (prastie
correction algorithm) properly satisfies the contdetection and ensures the compatibility of theespand the
acceleration. The chosen time stigpis equal to10 s, so that convergence of the quantities of istanéth respect
to the time step is achieved.

4. Conclusion

The emphasis of this paper was twofold: to empleasizperimental physical phenomena and to present a
modeling framework for two kinds of numerical simtibns.

An experimental set-up was constructed to invesigge partial rub of a rotor due to contact withoa-rotating
obstacle. The dedicated experimental bench as pedpds believed to be capable to simulate the ngpbi
phenomena which may occur in real rotating mackin€or highly-unbalanced rotating machines (gefegat
“heavy” contact), some new characteristics aretpdiout, primarily with regard to the orbit shagehe rotor. By
examining more deeply the various phases of thesuned orbit, one can say that this discrepancydcbelcaused
by a very marked local deformation of the casinkisTkind of casing “resonance” could be inducedttmy great
flexibility of the casing or the bad attachmenttloé stator to its supporting structure. Recentdtigations in the
experimental set-up show that the stator is rathely attached to its supporting structure tharessively flexible.
The use of an “advanced” fully flexible diaphragnhigh incorporates the main features of the truecstire
(particularly realistic attachment conditions) segmbe mandatory for an accurate prediction ob#ring loads.

The suggested numerical approaches rely on fhétement modeling for both the shaft and the st&tiostly, the
Harmonic Balance Method (HBM) has been presenteithwallows for fast assessment of the global nealin
behavior of the system. This method solves the teguaf motion in the frequency domain. The movetisrihus
supposed as periodic. On the other hand a timgrietien approach has also been presented whiclvaltbe
transient effects to be taken into account. Thehination of these two methods is believed to altestricting the
use of long transient simulations to a minimum.

Further investigations are required in the nextiiaitin order to analyze deeply different conditiatiser than
stable light to heavy intermittent rubs, such astiomous full annular rub and even instable backwahirling
motions. Moreover, an issue of a bad attachmettiostator to its structure will also be addres&schulations of
more complex transient rubbing will then be perfednand corresponding results will be confronted to
experimental ones and reported in a forthcomingpap
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