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Abstract

A numerical study of the thermal and fluid-dynamic behaviour of the two-phase

flow in ducts under condensation or evaporation phenomena is presented. The nu-

merical simulation has been developed by means of the finite volume technique

based on a one-dimensional and transient integration of the conservative equations

(continuity, momentum and energy). The discretized governing equations are solved

using the Semi-Implicit Method for Pressure-Linked Equations (SIMPLE) which al-

lows back flow phenomena. Special emphasis is performed on the treatment of the

transition zones between the single-phase and two-phase flow. The empirical inputs

of single-phase and two-phase flow, including sub-cooled boiling and dry-out, have

been adapted by means of adequate splines in the transition zones where the heat

transfer correlations available in the literature are not suitable. Different numerical

aspects have been evaluated with the aim of verifying the quality of the numerical
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solution. The mathematical model has been validated by comparison with exper-

imental data obtained from literature considering condensation and evaporation

processes. This comparison shown the improvements in the numerical solution not

only in the transition zone but also in all condenser and evaporator ducts, when

the special treatment for transitions is used. Illustrative results on double-pipe heat

exchanger are also presented.

Key words: Numerical simulation, two-phase flow, condensers, evaporators,

transition zones, double-pipe heat exchangers.

1 INTRODUCTION

Heat exchangers are widely used in industrial applications, e.g. refrigeration

and air-conditioning systems, where these equipments represent an important

component. Condensers and evaporators in a vapour compression refrigeration

system are an example. These elements have been studied for many years,

and different experimental and mathematical modelling have been trying to

explain the thermal and fluid dynamic behaviour of the fluid flow into the

heat exchanger.

In many condensers and evaporators the fluid refrigerant flows inside tubes

while the secondary fluid flows in the external part. In the refrigeration sys-

tem, the heat exchanger are connected to other elements like compressors,

expansion devices, receivers, etc. which have influence on the heat exchanger

behaviour. The necessity of building equipment with higher energy efficiency

and using non-contaminant refrigerants are important reasons for the contin-

uous study and research on this topic.

∗ Corresponding author. Tel. +34-93-739-81-92; fax: +34-93-739-81-01

Email addresses: cttc@cttc.upc.edu, http://www.cttc.upc.edu, (C.D.

Pérez-Segarra ).
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The design of the heat exchanger can be developed by means of analytical

methods. These methods give a quick and global approach of their behaviour.

However, a large number of hypothesis and simplifications have to be as-

sumed. Examples are the F − factor or ǫ − NTU methods [1]. More general

and accurate approaches require the use of numerical methodologies, which

subdivide the heat exchanger into many elemental volumes and solve the gov-

erning equations for each volume. In the two-phase flow region, the governing

equations (mass, momentum and energy) can be formulated in different forms

depending on the model used. Homogeneous models [2], drift-flux models [3]

or two-fluid models [4][5] can be employed to solve the two-phase flow present

in the condensation and evaporation process.

To get a deep understanding of the mathematical model and the strategies for

solving the governing equations, the double-pipe heat exchanger can be a good

option for application due to its relatively simple geometry for the secondary

flow. Different papers have been presented in the technical literature on this

subject. For example, numerical and analytical results in steady and transient

state have been compared in different studies on double-pipe heat exchangers

[6][7][8]. Combination of the analytical expressions with numerical method

are used in the double-pipe helical heat exchanger resolution [9], where a CFD

modelling together with a ǫ−NTU method is used to solve the heat exchanger.

Assuming thermodynamic non-equilibrium on the CV, the two-fluid model is

used to solve the two-phase flow inside of the double-pipe heat exchanger. A

condenser and evaporator are solved by means of this model in [10] and [11],

respectively. Although this formulation shows the two-phase flow behaviour in

a more detailed way, a large number of the empirical information is required

and different hypothesis have to be assumed to simplify the resolution. A quasi-

homogeneous model is used on double-pipe heat exchangers resolution [12] and

[13], where one-dimensional single-phase and two-phase flow are solved based

on an implicit step by step method.
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This paper shows a more general approach for the resolution of the two-phase

flow inside tubes in condensers and evaporators. The methodology is applied

to double-pipe heat exchangers with the secondary fluid in the annulus re-

gion. This work is organised in different sections. The second section shows

the mathematical formulation of the whole heat exchanger. Special attention

is given to the analysis of the two-phase flow inside tubes by means of the

Semi-Implicit Method for Pressure-Linked Equations (SIMPLE) [14] instead

of the step-by-step method employed by the authors [12] and [13]. The SIM-

PLE method is able to solve complex flow phenomena, e.g. when back flow

appears due the interactions of the heat exchangers with other elements of the

refrigeration system (compressor, expansion device, receivers, etc.). The third

section presents the numerical algorithm, together with different important

aspects used in the solution. New criteria for the analysis of the transition

zones to avoid discontinuities in the evaluation of the heat transfer coefficients

between single-phase and two-phase are presented. This is an important topic

that helps to prevent the appearance of non real wall temperature values and

improves the numerical method. The fourth section shows the methodology

to verify the numerical solutions to assure the quality of the results obtained.

The mathematical model is validate in the fifth section by comparisons of the

well verified numerical results with experimental data obtained from the sci-

entific literature. Illustrative results considering the whole double-pipe heat

exchanger are given in section sixth. In the last section, the conclusions of the

paper are presented.

2 MATHEMATICAL FORMULATION AND DISCRETIZED EQUA-

TIONS

This section presents the mathematical formulation for the whole double-pipe

heat exchanger, i.e. the two-phase flow of refrigerant in the inner tube (sub-
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sections 2.1), the secondary fluid in the annulus (subsections 2.2), and the

solids elements: inner tube, outer tube and insulator (subsection 2.3). A final

subsection shows the empirical inputs needed to take into account fluid-solid

interactions.

The main assumed hypothesis in the fluid flows are: one-dimensional flow,

quasi-homogeneous model, negligible axial heat conduction and viscous stress

in fluid and negligible heat radiation. The assumed hypothesis in the solid el-

ements are: one-dimensional transient temperature distribution along inner

and outer tubes length (but two-dimensional heat flux distribution), two-

dimensional transient axisymmetric temperature and heat flux distribution

in the insulator, and negligible heat radiation between tubes in the annulus

and between insulator and the exterior.

The mathematical formulation is based on the conservation equations of mass,

linear momentum and energy for the fluids and the energy equation for the

solid elements.

For the fluids, these equations are integrated on the basis of staggered meshes.

In this way, the domain is split into a number of control volumes (CVs).

Mass and energy equations are discretized over the main CVs (see Figure 1a),

while momentum equation is discretized over the staggered CVs as shown in

Figure 1b. For the solid elements, the energy equation is discretized over CVs

indicated in Figure 2.

2.1 Two-phase flow of refrigerant Fluid

The discretized form of the energy, momentum and mass (in terms of the

pressure corrections) conservations equation of the refrigerant flow inside the

inner tube is presented in this subsections.
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Energy equation

The total energy equation is integrated over the main control volumes shown

in Figure 1a. In a semi-discretized form, this equation can be written as:

∂ρ̃P ēP

∂t
A∆z + ṁs

P ee − ṁs
W ew = ¯̇qP P∆z +

∂p̃P

∂t
A∆z (1)

where ēP represents the total specific energy (e = h+ec+ep), ρ̃P is the density,

¯̇qP is the heat flux, p̃P is the pressure, ṁs
P and ṁs

W are the mass flow at the

east and west CV-faces respectively, A is the cross sectional area, P is the

perimeter and ∆z is the CV length. The mean values over the CV used in

equation (1) are defined as:

ρ̃P =
1

VP

∫

VP

ρdV ; p̃P =
1

VP

∫

VP

pdV

ēP =
1

ρ̃P VP

∫

VP

ρedV ; ¯̇qP =
1

∆zP

∫

zw

ze

q̇dz

Transient terms are evaluated using a first order backward differencing scheme.

Convective terms at the CV faces are evaluated using first or higher order

schemes. When a first order scheme is used, the variables at a given face of the

CV are taken equal to the nearest upstream nodal values (this is the upwind

scheme). Higher order schemes, as Quick or Smart [15], are introduced using

a deferred correction approach, i.e. the convective term is evaluated using

the upwind scheme while an extra or correction term is introduced in the

source term of the discretized equation keeping the diagonal dominance of the

coefficient matrix. The convective heat flux is integrated along the CV heat

transfer surface using local heat transfer coefficients and nodal temperatures

for the inner tube and the refrigerant fluid.

Introducing all the above numerical schemes and models in the energy equation
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and approximating mean quantities by their values of the central node, the

following fully discretized form is obtained.

(ρP eP − ρo
P eo

P )A
∆z

∆t
+ ṁs

P ee − ṁs
W ew = (2)

αP (T t
P − T f

P )P∆z + (pP − po
P )A

∆z

∆t

Equation (2) can be re-written in the generic discretized form ah
P hP = ah

EhE +

ah
W hW + bh

P , in terms of the enthalpy as:

ah
W = max(ṁs

W , 0.0) (3)

ah
E = max(−ṁs

P , 0.0)

ah
P = ah

E + ah
W + ρo

P A
∆z

∆t

bh
P =

[

ρo
P ho

P − ρP (ecP + epP
) + ρo

P (eo
cP + eo

pP
) + (pP − po

P )

]

A
∆z

∆t
−

ṁs
P [ece + epe

] + ṁs
W [ecw + epw

] + αP (T t
P − T f

P )P∆z + ∆conv

(4)

High-order convective schemes are introduced through ∆conv in the source

term bh
p . This quantity is evaluated from:

∆conv = [max(−ṁs
P , 0.0)(hE − hP ) − ṁs

P (hns
e − hP )] −

[max(ṁs
W , 0.0)(hW − hP ) + ṁs

W (hns
w − hP )]

where the variables hns
e and hns

w represent the fluid enthalpy at the CV faces

itself evaluated by means of the selected high-order convective scheme. This

is the deferred technique indicated above.

From the discretized energy equation, the nodal enthalpy hP is obtained at

each CV. Considering thermodynamic local equilibrium in the flow, the mass

gas weight fraction xg,P can be calculated in the two-phase flow zone as a

function of the enthalpy hP and the local pressure pP as: xg,P = [hP −
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hl(pP )]/[hg(pP ) − hl(pP )], where hl and hg represent the saturated liquid and

gas enthalpies, respectively.

Momentum equation

The momentum equation in the axial direction is discretized over the staggered

volumes indicated in Figure 1b. In a semi-discretized form the momentum

equation can be written as:

V
∂ρ̃v̄

∂t
+ ṁg,esvg,es + ṁl,esvl,es − ṁg,wsvg,ws − ṁl,wsvl,ws = (5)

(pP − pE)A − τ̄wP∆z − mg sin θ

Sub-indexes g and l indicate gas and liquid phase respectively. The gas mass

flux ṁg and the liquid mass flux ṁl can be expressed as a function of the

total mass flux of the refrigerant ṁ and the mass gas weight fraction xg as:

ṁg = xgṁ and ṁl = (1 − xg)ṁ. The gas and liquid velocities are expressed

as a function of the void fraction, in the following form: vg = ṁxg/ρgǫgA

and vl = ṁ(1 − xg)/ρl(1 − ǫg)A. The mixture density can be expressed as:

ρ = ǫgρg + (1 − ǫg)ρl.

The local shear stress in the momentum equation (5) is obtained in terms of

the friction factor, τw = (f/4)(ṁ2/2ρA2). In the single-phase flow, the friction

factor f is determined by means of empirical information, while the mass flux

ṁ and the density ρ are evaluated depending on the phase flow present, gas

or liquid. In case of two-phase flow, the shear stress is determined by means

of the friction factor corresponding to the gas phase, fg, the gas mass flux ṁg,

the gas density ρg and the multiplier two-phase factor Φ, as f = fgΦ. The

friction factor and multiplier two-phase factor are empirically obtained.

Introducing in equation (5) the expressions commented above, and rearranging
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according to the general form of momentum equation, av

P ṁP s = av
EṁEs +

av
W ṁW s + bv

P , the following discretized coefficients are obtained:

av
W = max(ṁws , 0.0)Kws (6)

av
E = max(−ṁes , 0.0)Kes

av
P = max(ṁes , 0.0)Kes − max(−ṁws , 0.0)Kws +

f

4

[

| ṁps |

2ρP sA2

]

P∆z +
∆z

∆t

bv
P = (pP − pE)A + ṁo

P

∆z

∆t
− ρP sgsinθA∆z + ∆conv

∆conv = [max(−ṁes , 0.0)ṁj+1 − max(ṁes , 0.0)ṁj − ṁns
e ]KE −

[max(ṁws , 0.0)ṁj−1 + max(−ṁws , 0.0)ṁj − ṁns
w ]KP

where, K = [x2
g/ρgǫgA + (1 − xg)

2/ρl(1 − ǫg)A]. This variable is evaluated at

the node of the main mesh (in fact, Kes = KE and Kws = KP ). Using the

Central Difference scheme (CDS) for the convective terms, the mass flux on

the staggered volume faces are defined as: ṁes = (ṁEs + ṁP s)/2 and ṁws =

(ṁP s + ṁW s)/2, and density value over the CV center of the staggered mesh

are defined as: ρP s = (ρE + ρP )/2. The mass flux ṁns
e and ṁns

w are evaluated

using the Quick or Smart numerical scheme in the deferred correction term

∆conv.

Pressure correction equation

A pressure correction equation is evaluated over the main control volumes

(Figure 1a) by means of the continuity equation and according to the SIM-

PLE method [14]. The strategy starts from the semi-discretized form of the

continuity equation:

VP

∂ρ̃P

∂t
+ ṁe − ṁw = 0 (7)

The mass flow is estimated from the discretized momentum equation rewrit-
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ten as: ṁe = ṁ∗

e + dv
e(p

′

P − p′E) and ṁw = ṁ∗

w + dv
w(p′W − p′P ), where ṁ∗

e and

ṁ∗

w indicate the mass fluxes obtained from the momentum equation assuming

a guess pressure field p∗. The variable p′P represents the correction needed to

verify the continuity equation. The coefficients dv
e and dv

w appear rearrang-

ing the discretized momentum equation (see [14] for details). Introducing the

above expression of the cell face mass fluxes into equation (7), and approxi-

mating by their nodal value the mean CV quantities, the correction pressure

equation can be written as:

ρP − ρo
P

∆t
A∆z + [ṁ∗

P s + dv
e(p

′

P − p′E)] − [ṁ∗

W s + dv
w(p′W − p′P )] = 0 (8)

This equation can be rewritten in terms of the generic discretized equation

ap
P p′P = ap

Ep′E + ap
Wp′W + bp

P , where the discretized coefficient can be easily

obtained from equation (8). After pressure correction is obtained, the mass

fluxes and pressure field are updated: ṁP s = ṁ∗

P s + ṁ′

P s and pP = p∗P + p′P .

2.2 Secondary fluid in the annulus region

The secondary fluid flows in the annulus area, defined between inner tube

and outer tube. The mathematical formulation is similar to the one presented

for the refrigerant fluid in the inner tube, except that heat transfer and wall

friction between the fluid and both the inner tube and outer tube must be

considered. In this work, only single-phase flow is considered to occur in the

annulus region. The general SIMPLE algorithm described above can be used.

However, if no complex flow is expected (e.g. no back flow phenomena), the

step by step method can also be used. The method solves the governing equa-

tions at each CV, step by step in the flow direction (see [12] for details).
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2.3 Heat conduction in solid elements

Three different solids are considered, the inner tube, the outer tube and the

insulator. Details of the defined main control volumes (CVs) in the different

parts of the heat exchanger are depicted in Figure 2. To solve the solid ele-

ments, the energy equation is applied over each CV. A general heat conduction

equation can be integrated, obtaining the following generic form:

ρcp

(TP − T o
P )

∆t
VP = Q̇w + Q̇e + Q̇n + Q̇s (9)

where the left hand side indicates the internal energy increase in the CV,

while the right hand represents the inlet net heat flux through the CV-faces

(west, east, north, and south). Depending on which solid should be solved, the

value of heat fluxes are different. For the inner tube the different heat fluxes

through the CV-faces are the consequence of convective heat transfer with the

refrigerant fluid and the secondary fluid, together with axial heat conduction

through the tube itself. These fluxes can be approximated as:

Q̇w = λt
w

(

T t
W − T t

P

dPW

)

At,in

Q̇e = λt
e

(

T t
E − T t

P

dPE

)

At,in

Q̇s = αf(T f
P − T t

P )πDi∆zP

Q̇n = αf.sec.o(T f.sec
P − T t

P )πDo∆zP

Where αf and αf.sec.o are the heat transfer coefficient of the refrigerant and

the secondary fluid in the inner tube respectively, T f
P is the refrigerant fluid

temperature and T f.sec
P is the secondary fluid temperature, dPW and dPE are

the distance between nodes, and At,in is the cross-section, At,in = π(D2
o −

D2
i )/4.
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For the outer tube, the secondary fluid is in contact with the tube at south

face, while heat conduction is applied on the other CV’s faces. Thus, the heat

fluxes can be approximated as:

Q̇w = λt.out
w

(

T t,out
W − T t,out

P

dPW

)

At,out

Q̇e = λt.out
e

(

T t,out
E − T t,out

P

dPE

)

At,out

Q̇s = αf.sec.e(T f.sec
P − T t,out

P )πDe∆zP

Q̇n = λn

(

T t,ins
N − T t,out

P

∆rn

)

πD′

e∆zP

where T t,out and T t,ins indicate the temperatures of the outer tube and in-

sulator respectively. An harmonic mean thermal conductivity is used at the

contact surface between the tube and the insulator, λn = dPN [dPn/λwall +

dnN/λinsulator]
−1. This criterion is obtained as a consequence of the condition

of heat flux continuity at the interface, and after approximating temperature

gradients by a backward (in the tube) and forward (in the insulator) first-order

numerical scheme.

For the insulator, the conduction heat fluxes through any of the internal CV-

faces can be approximated as:

Q̇w = λins
w

(

T ins
W − T ins

P

dPW

)

Ains

Q̇e = λins
e

(

T ins
E − T ins

P

dPE

)

Ains

Q̇s = λins
s

(

T ins
S − T ins

P

∆rs

)

πDs∆z

Q̇n = λins
n

(

T ins
N − T ins

P

∆rn

)

πDn∆z

The boundary conditions in the west and the east extreme nodes of the tubes

and insulator can be a fix temperature or a null heat flux. Natural convection
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with the ambient is considered in the external part of the insulator.

2.4 Empirical information

The empirical information used to evaluate the local heat transfer coefficients

α and the friction factors f in single-phase and two phases, together with the

void fraction ǫg are presented.

The single-phase heat transfer coefficient is obtained for laminar and turbulent

regimes using Nusselt and Gnieliski correlations respectively [16]. The friction

factor is evaluated from Churchill expression [16].

In case of condensation, the heat transfer coefficient is evaluated with Shah

[17] correlation. Even though Shah’s correlation is defined for annular flow,

the expression is used along the flow. The empirical correlation given by Shah

is available for gas weight fraction between 0.15 and 0.85. For the rest of

the range there is no data available. In this case, two splines functions be-

tween single-phase and two-phase heat transfer correlations and vice-versa

have been obtained for three-order polynomial equations considering continu-

ity and derivability in the functions. The first one is ranged between 0.0 and

0.15, while the second one is ranged between 0.85 to 1.0. The spline coefficients

are function of Re, Pr, duct geometry and fluid thermodynamic properties.

Three sub-zones are presented in tube evaporation in the two-phase flow re-

gion. These sub-zones are: sub-cooled boiling, saturated boiling and dry-out.

The heat transfer coefficient during evaporation may be evaluated using dif-

ferent correlations depending on which sub-zone the flow is located.

Different correlations have been tested in the evaporation zone. The heat trans-

fer coefficient in the sub-cooled zone is determined by Forster and Zuber cor-

relation [16] or by Kandlikar correlation [18]. These correlations are used when
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the wall temperature at a given location is equal to or greater than the lo-

cal saturation temperature. The heat transfer for the saturated zone can be

evaluated by means of the Shah correlation for evaporation [19], Kandlikar for

saturated flow boiling [20], or Kattan et al. evaporation model [21]. The heat

transfer coefficient in the dry-out zone can be obtained using Kattan et al.

[22][23] or Groeneveld [24] correlations. The Groeneveld correlation needs to

determinate a previous point where the dry-out condition begins. The Kattan

et al. [22] correlation estimates and recognizes the dry-out point by means of

the evaporation flow pattern maps.

The Kandlikar correlations for sub-cooling boiling [18] and saturated flow

boiling [20] do not present any discontinuity if both are used together. In

this case, it is only necessary to take into account the transition zone from

saturated boiling to dry-out, where Kattan et al. [22][23] or Groeneveld [24]

correlations can be used.

The Shah correlation for evaporation [19] is only available in the saturation

boiling zone. Therefore, splines functions between single-phase and two-phase

phenomena are needed.

A more complete description of the heat transfer boiling phenomena is pre-

sented by Kattan et al. [21][22][23], which gives the value of heat transfer

coefficient in saturation boiling and post dry-out zones.

The void fraction is calculated from the semi-empirical Premoli’s equation

[25]. The shear stress in condensation and evaporation is calculated from the

Jung and Radermacher [26] or Friedel [27] correlations.

All thermodynamic properties are iteratively evaluated at each local position

by means of the REFPROP program [28], as function of the local pressure

and enthalpy.
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3 NUMERICAL RESOLUTION

This section presents the numerical resolution of the whole double-pipe heat

exchanger. The global numerical algorithm takes into account, in a coupled

manner, the thermal and fluid dynamical behaviour of the different elements

of the system: i) the two-phase fluid flow in the inner tube (condensation

and evaporation phenomena), ii) the single-phase flow in the annulus area,

iii) the heat conduction through the solid elements (the inner tube, the outer

tube and the insulator). Subsection 3.1 shows the global algorithm and the

interactions between fluids and solids. Subsection 3.2 presents the initial and

boundary conditions required by the numerical method. Finally, subsection

3.3 shows the phase change transition criteria used in the solution of single

and two-phase flow.

3.1 Numerical algorithm

The whole heat exchanger has been solved by means of a segregated fully

implicit numerical scheme following the algorithm presented in Figure 3. The

refrigerant inner fluid is solved using the general SIMPLE method [14] (see de-

tail in section 2.1) to take into account the possibility of complex flow phenom-

ena in the refrigeration system. The secondary fluid can be solved using the

SIMPLE method described in this paper. However, the step by step method

described in reference [12] or [13] is preferred when no back flow is expected.

The temperature in the inner tube and in the outer tube and insulator are

calculated using the discretized heat conduction equation (9).

The convergence of the different iterative loops is based on the maximum

difference between the different local variables at the previous iteration φ∗

and at the actual one φ, i.e. max|φ∗ − φ|/φ < δ, where δ is the convergence
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criteria. The process runs step-by-step in the time direction until some criteria

is satisfied (e.g. steady-state conditions are reached, or just after some physical

period of time).

3.2 Initial and boundary conditions

At the initial instant (t=0), pressure, mass flux and enthalpy distribution

of the refrigerant and secondary fluids must be fully specified, together with

temperatures in the solid elements.

For the refrigerant fluid in the inner tube, the SIMPLE method [14] solves

the coupled governing equations considering the desired steady or unsteady

boundary conditions, and allowing back flow phenomena if it is produced. For

the secondary fluid, the SIMPLE method or step by step method can be used

(no back flow phenomena is considered in this case). Two main boundary

conditions can be used: i) the inlet mass flux ṁin, the inlet enthalpy hin, and

the outlet pressure pout, or ii) the inlet pressure pin, the inlet enthalpy hin,

and the outlet pressure pout. The use of other boundary conditions are also

possible.

For the solid elements, adiabatic boundary conditions are imposed at the lat-

eral boundaries (z=0 and z= L). Pressure and temperature ambient conditions

must also be given.

3.3 Phase change criteria for the refrigerant fluid

The transition criteria between the three main zones existing in both conden-

sation and evaporation processes are evaluated depending on fluid enthalpy.

These condition are: i) liquid region: the value of the enthalpy hP over the

control volume is lower than the liquid saturation enthalpy hl,sat at local con-
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ditions; ii) two-phase region: the enthalpy hP over the control volume is greater

than the local liquid saturation enthalpy hl,sat but lower than the gas satura-

tion enthalpy hg,sat; iii) gas region: the enthalpy hP over the control volume

is greater than the local gas saturation enthalpy hg,sat.

The evaporation processes have two sub-zones or subregions: sub-cooled boil-

ing and dry-out. The sub-cooled boiling criteria begins when the fluid enthalpy

hP is lower than the liquid saturation enthalpy hl,sat and the wall temperature

T t is greater than the saturation temperature of fluid T f
sat. The dry-out criteria

begins when the fluid enthalpy hP is lower than the gas saturation enthalpy

hg,sat, but is greater than the liquid saturation enthalpy, and gas weight frac-

tion xg is greater than gas weight fraction xg,do at dry-out conditions. Using

the previous criteria at each control volume is possible to define the proper

zone.

4 NUMERICAL VERIFICATION

This section shows the quality of the numerical solutions by means of a critical

analysis of the different numerical sources of computational errors: convergence

errors and discretization errors.

Two cases of two-phase flow of R134a inside a tube with specified heat flux at

the wall are selected. The first one corresponds to a evaporation case inside

a tube of 3 m of length and 9.10 mm of inner diameter. The refrigerant is

evaporated with a constant heat flux through the tube walls of 10000 W/m2.

The pressure, mass flux and flow conditions at the inlet section (z=0) are

4.146·105Pa, 0.0226 kg/s and 230.0 kJ/kg, respectively.

The second case corresponds to a condensation process inside a tube with the

same geometry as the one indicated above. The refrigerant is condensed with
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a constant extraction of the heat flux of 49000 W/m2. The pressure, mass flux

and flow conditions at the inlet section (z=0) are 1.047·106Pa, 0.0201 kg/s

and 445.0 kJ/kg, respectively.

Results obtained for both cases, evaporation and condensation considering

different convergence criteria and number of CVs, are shown in Table 1. The

values of temperature and enthalpy of the refrigerant fluid at the exit (z=L)

are presented in both cases. Numerical results tend to give an asymptotic

solution when the grid is refined enough and when the convergence criteria

is sufficiently low. A reference numerical solution is found for 2800 CVs and

10−12 as convergence criteria.

The influence of the convergence criteria is analysed changing its value from

10−6 to 10−12 and using 2800 CVs. Differences between 10−6 and 10−12 give a

maximum discrepancies of 0.0721% and 2.759% in enthalpy and temperature

for the evaporation case. However, when the convergence criteria is 10−10 the

discrepancies between the obtained results and the reference solution are in-

significant. The influence of the number of CVs is also evaluated. The conden-

sation case gives higher discrepancies between results obtained with different

number of CVs. Eg., for 20, 50, 200 and 800 CVs, the discrepancies in temper-

ature (in comparison with reference solution) has been 64.88%, 21.46%, 0.68%

and 0.062%, respectively. See Table 1 for details.

In order to show the influence of the different numerical schemes, Figure 4 de-

picts an illustrative condensation case considering Upwind, Quick and Smart

schemes. The condensation occurs inside a tube with 2 m of length and 6.0

mm of inner diameter. The refrigerant R134a is condensed with a constant

extraction of the heat flux of 14000 W/m2. The inlet conditions (z=0) cor-

respond to the gas phase at the following pressure, mass flux and enthalpy

values: 1.496·106Pa, 0.00338 kg/s and 464.7 kJ/kg, respectively. The results

are obtained with two different grid numbers, 20 CVs and 2000 CVs, and a
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convergence criteria of 10−12. The results obtained with 2000 CVs correspond

to the reference grid independent solution.

The numerical comparative results of the fluid temperature at the exit section

(z=L) between the three different numerical schemes used in the solution

are presented for two different grid numbers. Results obtained for 20 CVs

(40.425oC, 40.135oC and 40.135oC) in comparison with the reference solution

(39.573oC), present errors of 2.15%, 1.42% and 1.42% when Upwind, Quick

and Smart schemes are applied, respectively. Difference not only affects the

fluid temperature at outlet, but also along all condenser length (see details in

Figure 4).

5 EXPERIMENTAL COMPARISON

After the verification of the numerical solution is completed, an experimental

comparison is carried out. The objective of this comparison is to validate the

mathematical model developed. The experimental data have been obtained

from the scientific literature considering different fluid refrigerants, geometries

and both condensation and evaporation phenomena. The comparative study

is focused on two condensation and two evaporation cases.

5.1 Condensation

The numerical simulation of condensation process considers the adapted treat-

ment of the heat transfer coefficient correlations detailed above. Between single

gas phase and condensation the first spline function is used, while between the

final step of condensation and single liquid phase the second one is applied.

Figure 5 depicts the values of the local heat transfer coefficient, the wall and
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fluid temperatures during condensation processes inside a tube with 2 m of

length and 6.0 mm of inner diameter. The refrigerant R134a is condensed with

a constant extraction of a heat flux of 14000 W/m2. The pressure, mass flux

and flow conditions at the inlet section (z=0) are 1.496·106Pa, 0.00338 kg/s

and 464.7 kJ/kg, respectively. In this case, the splines are used (adapted cor-

relations) based on the available correlation from the literature. The influence

of the heat transfer coefficient adapted over the wall temperature is shown

in the jump wall temperature from single-phase to two-phase. The fluid tem-

perature obtained with the adapted treatment shows significant differences in

comparison with the not adapted one. A comparison between experimental

and numerical value of the fluid temperature at the outlet section has been

made. Discrepancies of 0.90% and 6.02% for adapted and not adapted treat-

ment respectively have been obtained.

Using the adapted treatment for the empirical correlations, the experimental

validation is performed by means of the comparison between the numerical

results and the experimental data Cavallini et al. [29], who reported exper-

imental heat transfer coefficients and pressure drop for condensation inside

tubes and considering different refrigerants. Specific cases of condensation in-

side a tube of 8 mm diameter with mass flux of 200, 400 and 750 kg/m2s for

refrigerants R134a and R22 are depicted in Figure 6.

In the R134a condensation case, and for mass fluxes between 400 and 750

kg/m2s the agreement between numerical results and experimental data are

quite good. However, for mass flux of 200 kg/m2s, the numerical results under-

predict the experimental data at low mass fractions. In the R22 condensation

case, the numerical and experimental results present a similar behaviour, al-

though the heat transfer coefficient is slightly over-predicted at high mass

fluxes and under-predicted at low mass fluxes.

The numerical results with the adapted treatment of correlations do not pro-
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duce abrupt alterations in the value of the local heat transfer coefficient or

in the value of the wall temperature. The adapted treatment procedure gives

stability to the numerical resolution process and does not allow discontinuities

during the evaluation of the heat transfer.

5.2 Evaporation

Two validation cases in the evaporation process are presented, Jung and Did-

ion [30] and Kattan et al. [23] cases. Jung and Didion reported experimental

data of the wall temperature, fluid temperature and pressure. The wall tem-

perature reported is located on the top, bottom, right and left of the tube.

A tube of 9 mm of diameter is used in this experiment. The refrigerant R22

is evaporated with a constant heat flux of 10060 W/m2 across the tube. The

refrigerant has a mass flux of 500 kg/m2s with an inlet pressure of 4.05·105

Pa and an inlet enthalpy of 185 kJ/kg.

The numerical results and experimental data are depicted in Figures 7 and 8.

The heat transfer coefficient has different behaviour depending on the correla-

tions used. Figure 7a shows the heat transfer coefficient calculated by means

of the Kandlikar correlation, and also the Shah correlation (with and without

adapted treatment).

For the pressure distribution, the numerical results and the experimental data

are shown in Figure 7b. The numerical model gives results similar to the

experimental data. The measured pressure displays a large decrease at the

middle of the tube, attributed to the experimental setup (see [30] for details).

The influence of the adapted and non-adapted heat transfer coefficient on the

wall temperature is depicted in Figure 8a. The wall temperature is abruptly

changed between the sub-cooled boiling and the two-phase zones if the adapted
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treatment is not employed. When both Kandlikar sub-cooled [18] and satu-

rated [20] correlations are used, the wall temperature does not suffer the abrupt

changes indicated above and a more appropriate behaviour of the wall tem-

perature is found. The aim of the Figure 8a is to show the influence of the

transition zones treatment in the wall temperature. In this specific test case,

the adapted Shah correlation gives better results than the adapted Kandlikar

correlation. Both correlations predict similar fluid temperature distributions

which agrees quite well with the experimental data as shown in Figure 8b.

Kattan et al. [21] report the heat transfer coefficient in their experimental

results for evaporation of R134a. The evaporation occurs at 10 oC of saturated

temperature inside a 12 mm diameter tube and a mass flux of 200 kg/m2s. A

constant heat flux of 10000 W/m2 is applied to the tube.

The comparison between the numerical simulation and the experimental of

heat transfer coefficient is depicted in Figure 9. The numerical results display

the correct trend in the heat transfer coefficient, even though the transition

between the boiling zone and the dry-out zone is difficult to model, due to

the sharp decrease of the heat transfer coefficient. However, using the Kattan

correlation and employing the differentiation between regions, the post-dryout

zone is predicted correctly.

6 ILLUSTRATIVE RESULTS

A group of different cases using a double-pipe heat exchanger and considering

evaporation and condensation processes have been analysed. Fourteen cases

are simulated, seven of these belong to a double-pipe evaporator and the other

seven belong to a double-pipe condenser. The comparison between the numer-

ical results and the experimental data of the refrigerant and secondary fluids

temperatures at outlet are depicted in Figure 10.
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Experimental data are obtained from an experimental unit (see [31] for de-

tails). The double-pipe evaporator consists in two concentric tubes of 6 m

length, the internal diameters of the inner tube is 8.15 mm and the outer tube

is 16.0 mm. The double-pipe condenser has 2 m length and the diameters of

tubes are the same as the evaporator.

The conditions of the refrigerant fluid (R134a) at the inlet for the evaporation

cases range between the following values: mass flux from 0.00115 to 0.00538

kg/s, pressure from 1.34·105 to 3.91·105 Pa, and temperature from -19.72 to

8.30oC. In the same form, the conditions of the secondary fluid (water) at the

inlet are between the next range: mass flux from 0.033 to 0.035 kg/s, pressure

of 2·105 Pa and temperature from 25.75 to 31.4oC.

The conditions of the refrigerant fluid (R134a) at the inlet for the condensation

cases are between the next range of values: mass flux from 0.00115 to 0.00538

kg/s, pressure from 14.64·105 to 15.82·105 Pa, and temperature from 56.65

to 95.25oC. In the same form, the conditions of the secondary fluid (water)

at the inlet are between the next range: mass flux from 0.025 to 0.031 kg/s,

pressure of 2·105 Pa and temperature from 25.0 to 27.0oC.

The comparison depicted in Figure 10 shows how the numerical results have

a good agreement with the experimental data, presenting discrepancies lower

of ±10% in all cases.

7 CONCLUSIONS

A numerical model for analysing the condensation and evaporation phenomena

inside ducts in double-pipe heat exchangers has been presented. The solution

is obtained following a segregated numerical algorithm, where refrigerant inner

fluid, secondary outer fluid and solid elements are iteratively solved.
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The numerical simulation of two-phase flow is performed using the SIMPLE

method with different numerical schemes for the convective terms: Upwind,

Quick and Smart. The step by step method is applied to the secondary fluid

in the annular region. Empirical information is needed in order to evaluate

shear stress, heat flux and two-phase flow structure. The solid elements have

been calculated solving the discretized conduction equation.

A numerical verification of the mathematical model is presented. The quality

of the numerical solution has been assessed by means of a critical analysis

of the different numerical sources of error (mainly convergence error and dis-

cretization error). The results clearly show the influence of different numerical

parameters: convergence criteria, number of grid nodes, numerical schemes,

etc. in order to obtain solutions not dependent of the numerical parameters

chosen.

An experimental validation is also performed for different condensation and

evaporation cases inside tubes. The comparative results between numerical

model and experimental data present a reasonable good agreement. This agree-

ment is also improved when the adapted treatment for the heat transfer coef-

ficient correlation in the transition zones is considered. Furthermore, a more

realistic behaviour of the wall temperature distribution is obtained by means

of these criteria in comparison with non-adapted treatment in both condensa-

tion and evaporation phenomena. The method also improves the convergence

characteristics of the numerical process. Illustrative results of double-pipe con-

denser and evaporator are also presented showing good agreement between

numerical model and experimental data.
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de Univesidades e Investigación” (ref. no. ENE2005-08302), and the European

Commission (ref. COOP-CT-No. 513106-EFROST).

25



 

 

 

ACCEPTED MANUSCRIPT 

 
NOMENCLATURE

A cross section area of the flux (m2)

At cross section area in the tube (m2)

D diameter (m)

CV control volume

cp heat capacity (J kg−1K−1)

dPE distance between nodes P and E

dPW distance between nodes P and W

e specific total energy (J kg−1)

ec specific kinetic energy (J kg−1)

ep specific potential energy (J kg−1)

f friction factor

g acceleration of gravity (m s−2)

h specific enthalpy (J kg−1)

L length of heat exchanger (m)

ṁ mass flow rate (kg s−1)

m mass (kg)

P perimeter (m)

p pressure (Pa)
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Q̇ heat flux (W )

q̇ heat flux per unit area (W m−2)

T temperature (oC)

V volume (m3)

v velocity (m s−1)

xg gas weight fraction

α superficial heat transfer coefficient (W m−2 K−1)

∆t time step (s)

∆z length of control volume (m)

δ rate of convergence

ǫg void fraction

λ thermal conductivity (W m−1 K−1)

ρ density (kg m−3)

τw wall shear stress (N m−2)

θ inclination degree

Superscripts

f refrigerant fluid

f.sec secondary fluid

ins insulator
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t inner tube

t.out outer tube

Subscripts

do dryout condition

g gas or vapour

l liquid

e,w,n,s east, west, north and south CV-faces

P main grid node associated to main CVs

E,W,N,S nearest east, west, north and south nodes associated to main grid

node P

sat saturation condition
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Table 1

Numerical study of SIMPLE method

Condensation Evaporation

Convergence criteria hout Tout hout Tout

(kJ/kg) (oC) (kJ/kg) (oC)

10−6 224.36 17.747 409.826 11.878

10−8 224.39 17.766 410.123 12.216

10−10 224.39 17.766 410.122 12.215

10−12 224.39 17.766 410.122 12.215

Condensation Evaporation

Grid Number hout Tout hout Tout

(kJ/kg) (oC) (kJ/kg) (oC)

20 208.57 6.243 410.102 12.192

50 219.10 13.952 410.111 12.203

100 223.77 17.321 410.116 12.208

200 224.22 17.645 410.115 12.208

400 224.33 17.728 410.121 12.214

800 224.37 17.755 410.121 12.210

1600 224.38 17.765 410.122 12.214

2000 224.39 17.766 410.122 12.215

2800 224.39 17.766 410.122 12.215
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Fig. 1. Schematic representation of the meshes used in the discretization of the fluid

flow: a) Main control volumes for pressure and energy, b) Staggered control volumes

for mass flux. Symbol (◦) indicates the node of the main mesh, and (•) indicates

the node of the staggered mesh.
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Fig. 3. Global numerical algorithm
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Fig. 5. Comparison between the numerical solution for adapted treatment correla-

tion and not adapted in condensation, using Shah’s correlation [17]: a) local heat

transfer coefficient; b) temperatures.
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Fig. 6. Validation in condensation (R134a and R22 cases), using Shah’s correlation

[17]. Experimental data by Cavallini et al. [29]. Mass flux G in (kg/ms).
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Fig. 7. Comparison between the numerical solution and experimental data from Jung

and Didion [30]: a) heat transfer coefficient using adapted treatment correlation and

not adapted with Shah’s correlation [19] and Kandlikar’s correlation [20]; b) pressure

distribution.
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Fig. 8. Validation of numerical results using Shah’s correlation [19] and Kandlikar’s

correlation [20]: a) the wall temperature, and b) the fluid temperature. Experimental

data from Jung and Didion [30].
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Fig. 9. Comparison of the heat transfer coefficient obtained in the numerical solution

and experimental data in evaporation. Experimental data from Kattan et al.[21].
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Fig. 10. Refrigerant and secondary fluid temperatures obtained in the numerical

solution vs. experimental data in a double pipe heat exchanger.
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