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This work presents a model for a variable speed vapour compression system that is able to predict accurately the system performance using data easily obtained from an industrial facility. The model uses information on the secondary fluids input conditions and the compressor speed to predict the secondary fluids output temperatures, the operating pressures, the compressor power consumption and the system overall energy performance. This model has been validated experimentally with steady state tests, presenting a prediction error lower than 10 %. Finally, an application of the model to evaluate the influence of the operating variables on the energy performance of a chiller is presented.

Nomenclature

COP

Coefficient of performance Suffixes

Nowadays, there is a high energy consumption associated with refrigeration and air conditioning systems [START_REF] Buzelin | Experimental development of an intelligent refrigeration system[END_REF], most of these facilities are based on the vapour compression cycle. In order to reduce their consumption, it is necessary both to have efficient systems and to operate them properly. To achieve these objectives, it is convenient to use complete models, which take under consideration a large amount of factors and facilitate the design of efficient systems. In the same way, there is also a need for models, with low computational cost, to simulate the performance of any facility and that can be used to improve the system operation and to evaluate its performance easily.

Taking into account that operating the facilities properly is as important as having efficient systems, this work is focused on developing a model that can be used in any installed facility to simulate the system performance in order to optimize its operation.

It is well known that the air conditioning and refrigeration systems operate during most of their lifetime under part-load conditions [START_REF] Aprea | Fuzzy control of the compressor speed in a refrigeration plant[END_REF], being necessary an appropriate adaptation of the cooling capacity to thermal load conditions. It has been proved

theoretically that compressor speed variation is the most efficient method of controlling refrigeration capacity [START_REF] Qureshi | Variable-speed capacity control in refrigeration systems[END_REF]. However, there are other factors, such as secondary fluid flow rates, which affect energy efficiency. These factors have to be taken into account for efficient system operation focused on improving its energy performance under any operating condition. A model is required to analyze the influence of compressor speed and other factors related to system efficiency, with the main objective of evaluating and improving energy performance. This model should be easily adapted to an existing facility, with low cost in terms of data requirements.

In the available literature, there is a large body of work that deals with modelling vapour compression systems [START_REF] Gordon | Cool thermodynamics[END_REF][START_REF] Bourdouxhe | A toolkit for primary HVAC system energy calculation -part 2: reciprocating chiller models[END_REF]. Focusing on the models based on Physics laws, Braun et al. [START_REF] Braun | Models for variable speed centrifugal chillers. System simulation in buildings[END_REF] developed a model for variable speed centrifugal chillers useful for predicting power requirement and cooling capacity. Beyene et al. [START_REF] Beyene | Conventional chiller performance simulation and field data[END_REF] modelled and simulated conventional chillers using DOE2 software, obtaining performance values to compare among different kinds of chillers. Browne et al. [START_REF] Browne | An elemental NTU-ε model for vapour-compression liquid chillers[END_REF] presented a model for predicting vapour compression chiller performance from secondary fluids temperatures, using an elemental NTU-efficiency methodology. Saiz et al. [START_REF] Saiz Jabardo | Modelling and experimental evaluation of an automotive air conditioning system with a variable capacity compressor[END_REF] proposed a model for automotive air conditioning systems based on a NTU-efficiency model that predicts refrigerant capacity, power consumption and other important parameters for the performance of the system from secondary fluids conditions and evaporating temperature.

Continuing with the main objective of these works, this paper proposes a model to predict the performance of a vapour compression plant, and the use of this model for energy optimization in a chiller. The proposed model uses only geometric data and secondary fluids information as input variables to make a complete characterization of the system in terms of energy performance.

The proposed model takes only five variables as input variables, namely compressor speed N, brine input temperature (T b,in ) and mass flow rate ( b m ) at the evaporator, and water input temperature (T w,in ) and mass flow rate ( w m ) at the condenser. These variables, together with the thermophysical properties of the refrigerant and the main geometric characteristics of the system, are used to compute evaporating and condensing pressures, brine and water output temperatures, power consumption and energy efficiency. In this way, one can easily analyze the influence of changes in operating variables on the system behaviour and use this information to optimize the system operation.

The rest of this paper is organized as follows. In section 2, the model structure is presented. In section 3, the experimental test bench and the tests used to validate the model are briefly described. Section 4 shows the results of model validation and its application for energy characterization and optimization of the system performance.

Finally, in section 5, the main conclusions of the work are summarized.

Vapour compression systems modelling

The general structure of the proposed model is presented in Fig. 1, where it can be seen that the model inputs are the secondary fluids input variables and the compressor speed, neglecting subcooling degree at the condenser outlet and superheating degree at the evaporator outlet, for simplicity. Using these inputs and the main characteristics of the compressor and heat exchangers, the model predicts the operating pressures (without considering pressure drops), secondary fluids output variables and the energy performance.

The model computes the refrigerant properties using dynamic libraries of Refprop [START_REF] Lemmon | Reference Fluid Thermodynamic and Transport Properties[END_REF], while the thermophysical properties of secondary fluids are evaluated by means of interpolating polynomials calculated from the ASHRAE handbook [START_REF]ASHRAE, Handbook Fundamentals[END_REF]. The kernel of the model consists of a set of five equations based on physical laws describing the main parts of the system, as shown schematically in Fig. 2. The refrigerant states are numbered in Fig. 3. The refrigerant mass flow rate has been modelled using equation [START_REF] Buzelin | Experimental development of an intelligent refrigeration system[END_REF], where the compressor volumetric efficiency, V η , has been expressed as a function of operating pressures and compressor speed, N, as shown in equation [START_REF] Aprea | Fuzzy control of the compressor speed in a refrigeration plant[END_REF]. For simplicity, the refrigerant density considered is the one corresponding to the saturated vapour at the evaporating pressure.
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The volumetric efficiency has been experimentally adjusted for the test facility compressor as a function of three independent variables [START_REF] Cabello | Simplified steady-state modelling of a single stage vapour compression plant. Model development and validation[END_REF][START_REF] Conan | Refrigeración Industrial[END_REF][START_REF] Gosney | Principles of Refrigeration[END_REF][START_REF] Navarro-Esbrí | Caracterización del comportamiento de un compresor alternativo en una instalación frigorífica de compresión simple[END_REF], by means of a statistical software [16], showing that there is a statistically significant relationship among these variables with a confidence level of 99%.

Evaporator

The evaporator is modelled using two equations, one based on the heat exchanger energy balance, ( )

( ) out b, in b, b p b r T T c m h h m - = -5 1 , (3) 
and the other making use of the logarithmic mean temperature difference and the global heat transfer coefficient, with a LMTD correction factor equal to 1. 

The evaporator global heat transfer coefficient, U e , used in equation ( 4) is computed as:
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, where R T Fo is the thermal resistance associated to the fouling in the heat exchanger tubes (R T Fo = 0.000086 m 2 •K/W, manufacturer data for water/propylene glycol brines with less than 40% of propylene glycol). The heat transfer coefficient for the brine is computed using the Zukauskas' correlation [START_REF] Zukauskas | Heat Transfer from Tubes in Cross Flow[END_REF], (

) 5 
where D o is the coil outer diameter and C 1 is a coefficient of the correlation, while the refrigerant heat transfer coefficient is computed with the Chen's correlation [START_REF] Chen | Correlation for boiling heat transfer to saturated fluids in convective flow[END_REF],
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being α nb the nucleated boiling component obtained using Foster-Zuber correlation, α conv the convective component, computed using the Dittus-Boelter correlation [19], sf the suppression factor and F the Reynolds number factor. The values of these parameters are computed using the following equations: 
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where D i is the coil inner diameter and X tt is the Martinelli's parameter:

1 . 0 5 . 0 9 . 0 • • 1 - = V L L V V V tt x x X µ µ ρ ρ .

Compressor

The compressor behaviour is modelled from the isentropic efficiency, is , and the working pressures. Thus, from the refrigerant state at the evaporator outlet, the refrigerant state at the compressor discharge is determined using equation ( 8) from the isentropic compression work and the compression isentropic efficiency,

(
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where is has been obtained from gathered empirical data, as a function of operating pressures [START_REF] Navarro-Esbrí | Using infrared thermography to estimate isentropic efficiency in a reciprocating compressor[END_REF], yielding equation ( 9):
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)
In order to compute the compressor power consumption, the model makes use of a global electromechanical efficiency [START_REF] Lemmon | Reference Fluid Thermodynamic and Transport Properties[END_REF] 
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)
As in the case of equation ( 2), the efficiencies given by equations ( 9) and ( 10) show a significant relationship among the variables with a confidence level of 99%. The correlations for isentropic and electromechanical efficiency are fitted for the compressor used in the facility, and similar relations should be obtained from experimental results

for another compressor.

The heat transfer from the refrigerant at the compressor discharge line to the condenser inlet has been modelled, due to the considerable length of the line in the experimental chiller facility, using expression ( 11):
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The global heat transfer coefficient used in equation ( 11) is computed as:
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, using a modified version of the Gnielinski's correlation [START_REF] Cabello | Simplified steady-state modelling of a single stage vapour compression plant. Model development and validation[END_REF] for the refrigerant inside the tubes, α i , [START_REF] Gnielinski | [END_REF], 
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where 
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Condenser

The condenser behaviour is modelled by dividing the heat exchanger into two zones:

the superheated vapour zone and the condensing zone, assuming no subcooling at the condenser outlet, as it has been stated in the assumptions. The overall heat exchanger is then modelled with two energy balances, one using the secondary fluid heat flow rate (
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and the other making use of the global heat transfer coefficient [START_REF] Navarro-Esbrí | Caracterización del comportamiento de un compresor alternativo en una instalación frigorífica de compresión simple[END_REF] and assuming a LMTD correction factor equal to 1 for simplicity,
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being U k an average heat transfer coefficient, computed as, ( )
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where S k is the overall heat transfer area of the heat exchanger and S V is the theoretical heat transfer area dedicated to the superheated vapour zone,
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In the calculation of the partial heat transfer coefficients, U V and U VL , the convection heat transfer coefficient in the water side is computed using equation [START_REF] Cabello | Simplified steady-state modelling of a single stage vapour compression plant. Model development and validation[END_REF]. For the computation of the convection heat transfer coefficient associated to the refrigerant one can distinguish between the convection heat transfer coefficient in the superheated vapour zone, given by 25 . 0
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where C 1 and m 1 depend on the Reynolds number value, 
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being λ k mod the modified latent heat with the effects of thermal advection, ( )
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and where
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, and J a is the Jacobsen's number,

k M k pL a T T c J λ - = .
Finally, the model consists of a set of nonlinear equations, basically defined by equations ( 3), ( 4), ( 11), ( 14) and [START_REF] Navarro-Esbrí | Caracterización del comportamiento de un compresor alternativo en una instalación frigorífica de compresión simple[END_REF], which constitute a system relating the model 

Experimental facility and tests

The experimental facility used to validate and test the model presented above is able to work with the refrigerants R134a, R407C and R22, but the refrigerant used for the tests presented here is R22. The facility consists of a liquid-to-liquid chiller (Fig. 4), a condensing water loop and an evaporating water/propylene glycol (70/30% by mass) loop. In order to introduce modifications in the chiller operating conditions, we use the secondary fluids loops: condenser water loop and load simulation system. The condenser water loop consists of a closed-type cooling system, which allows controlling the water temperature and its mass flow rate. The cooling load system also regulates the secondary coolant temperature and mass flow rate using a set of immersed electrical resistances and a variable speed pump. See Navarro-Esbrí et al. [START_REF] Navarro-Esbrí | A low data requirement model of a variable-speed vapour compression refrigeration system based on neural networks[END_REF] for more details.

The thermodynamic states of the refrigerant and secondary fluids at each point are calculated using measurements of pressure and temperature at the inlet and outlet of each element of the facility. These measurements are obtained using K-type thermocouples and pressure transducers, calibrated in our own laboratory using certified references. The reading error in the thermocouples is of 0.3 K and the pressure transducers present an uncertainty of ± 0.1% of the full scale range (0-700 kPa).

The refrigerant mass flow rate is measured by a Coriolis-effect mass flow meter with a certified accuracy within ±0.22% of the reading, and the secondary fluids mass flow rates are measured with volumetric flow meters, introducing a maximum error of ±0.33%. Furthermore, a capacitive sensor is installed to obtain the compressor rotation speed, with a maximum error after calibration of ±1%. The electrical power consumption of the compressor is evaluated using a digital wattmeter (with a calibration specified uncertainty of ±0.5%).

Finally, all these measurements are gathered by a National Instruments PC-based data acquisition system.

Model Validation

In this section the validation of the model using experimental measurements of different steady states is presented. To this end, three sets of steady state experiments have been undertaken. Each set of experiments consists of a group of tests where the facility is working at a defined compressor speed varying the condensing and evaporating conditions inside the ranges presented in Table 1.

Table 1. Set of validation tests.

In Fig. 5, a comparison between the measured and predicted values for the brine and water outlet temperatures is presented. The predicted values of the brine outlet temperature are within ± 0.5 K of the measured values, as can be seen in Fig. 5(a), meanwhile the prediction of water outlet temperature presents a maximum error of 1 K. The predicted values of the operating pressures are compared with the measured values in Fig. 6. A model prediction within ± 2.5 % for evaporating pressure and within ± 7.5% for condensing pressures can be observed. Fig. 6. Evaporating pressure (a), and condensing pressure (b). Fig. 7(a) shows a comparison between the measured and predicted values for the cooling capacity, q e , being the error always within ± 10%. The measured values of the cooling capacity used in Fig. 7(a) are obtained from the refrigerant side measurements, coinciding with the values obtained from the brine side [START_REF] Cabello | Experimental evaluation of a vapour compression plant performance using R134a, R407C and R22 as working fluids[END_REF]. Also, predicted values of the compressor power consumption can be compared with those obtained with the facility instrumentation. In this case, as can be observed from Fig. 7(b), the model error is also within ± 10 %. From measured and predicted cooling capacity and compressor power consumption values we obtain Fig. 8, which shows that predicted COP values are approximately within ± 10% of the measured values. 

Energy performance evaluation

The main goal of this work is to develop a model that can be used to operate a cooling plant in an efficient way. Therefore, the described model is now applied to a large set of input values combinations to see how the system efficiency changes when the main operating conditions are varied. Thus, this section summarizes the results obtained using the proposed model to simulate a variable speed vapour compression chiller performance. First, a model for the secondary fluids in terms of energy consumption is briefly expounded. Secondly, the model is used to analyze the influence of the main operating values on energy consumption and, finally, an application for energy optimization in a chiller is presented.

Secondary fluids systems modelling

The circulation fluids in secondary systems can contribute significantly to the electrical power consumption of the global system, which is defined as the sum of the compressor and secondary fluids circuit consumptions. This power consumption must be taken into account when calculating the system global coefficient of performance, COP t , defined as the ratio of cooling capacity to total energy consumption (adding the secondary fluids systems electrical consumption to the compressor power consumption).

The compressor electrical power consumption is obtained from equations ( 8), ( 9) and ( 10 
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)
being Le the equivalent length of the pipes, v the secondary fluid velocity and r the radius of brine and water piping. Friction coefficients, f, for both fluids are computed using the following equations, ( )
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where is the pipes relative roughness, and p evap-b and p cond-w are the pressure drops across the evaporator and condenser respectively, given by equations:

02 . 23 95 . 2261 2 - ⋅ = ∆ - b b evap Q p , 35 . 34 49 . 3143 2 - ⋅ = ∆ - w w cond Q p . ( 23 
)
These equations are approximations, obtained from the calculated evaporator and condenser hydraulic diameters.

It has been verified experimentally that the calculated pumps power consumptions, presented in equation [START_REF] Navarro-Esbrí | Using infrared thermography to estimate isentropic efficiency in a reciprocating compressor[END_REF], differ from measured values by no more than 5%. The influence of secondary fluids temperature on COP t is studied in Fig. 11. In Fig. 11(a) the influence of brine temperature at the evaporator inlet on COP t is presented, while in Fig. 11(b) the influence of condensing water temperature on COP t is shown.

Application results

In

One can deduce that the brine and condensing water inlet temperatures, T b,in , and T w,in respectively, also have a significant influence on COP t . For the given range of values, COP t increases by about 8% when T b,in increases from 278 K to 288 K, and COP t increases by about 20% when T w,in drops from 303 K to 293 K. As main conclusions, it is derived that the COP t for a required brine temperature can be optimized varying both secondary mass flow rates and compressor speed. Therefore, achieving a maximum COP t depends on an appropriate control strategy that selects an optimum combination of compressor speed and secondary mass flow rates.

b) Application to energy optimization

The model can also be used to optimize the operating variables that satisfy the thermal load with maximum efficiency. For this application the model structure has to be slightly changed in such a way that the outputs are the values of the operating variables for obtaining the maximum efficiency.

As an example, we consider the case of a small office attended by a hydronic system with a chiller. In Fig. 12 one can see the thermal load variation during a typical summer day where there is also a variation in the condensing water temperature. All these results can be linked with an advanced control for system optimization, where the values of the water and brine flow rates to optimize the system efficiency would be other set-points to be inserted in the control loops.

Conclusions

A model of a variable-speed vapour compression chiller has been proposed. This model is based on a steady state physical kernel making use of low cost data, which can be easily obtained from an existing facility.

The input parameters of the model are the inlet characteristics of the secondary fluids and the compressor speed, giving, as model outputs, the operating pressures, secondary fluids output variables and the system overall energy performance. But another combination of input parameters is also possible.

The results for the studied experimental tests show that the proposed model is able to predict accurately enough the system performance in steady state behaviour, with errors of less than 10 %.

The model has been used to analyze the system behaviour in different operating conditions in order to be used for energy consumption optimization. By changing the operating parameters, such as compressor speed N, secondary fluids input temperatures and mass flow rates, the system energy performance in different operating conditions can be predicted. For the range of values of the given variables, the results show that the main driving magnitudes are compressor speed N and secondary fluids inlet temperatures, whereas brine and water mass flow rates have a lower influence on global system efficiency, but they must also be tuned to reduce energy consumption. The selected input parameters can also be modified and the program can be adapted to calculate the operating values which yield an optimum performance of the installation.

These values can be used as set-points in an advanced control system. Therefore, an optimal combination of all those variables can be used in each case to operate the system and to achieve the most efficient operation. 
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