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a VDL Klima b.v. Meerenakkerweg 30, 5652 AV  Eindhoven, Netherlands.  

b Department of Mechanical Engineering, Technische Universiteit Eindhoven. Postbus 

513, 5600 MB  Eindhoven, Netherlands.  

 

Abstract 

This paper presents measurements and predictions of a heat pipe-equipped heat 

exchanger with two filling ratios of R134a, 19% and 59%. The length of the heat pipe, 

or rather thermosyphon, is long (1.5 m) as compared to its diameter (16 mm). The 

airflow rate varied from 0.4 to 2.0 kg/s. The temperatures at the evaporator side of the 

heat pipe varied from 40 to 70°C and at the condenser part from 20 to 50°C. The 

measured performance of the heat pipe has been compared with predictions of two pool 

boiling models and two filmwise condensation models. A good agreement is found. 

This study demonstrates that a heat pipe equipped heat exchanger is a good alternative 

for air-air exchangers in process conditions when air-water cooling is impossible, 

typically in warmer countries. 

 

Keywords : finned tube, heat exchanger, heat pipe, R-134a, thermosyphon 

                                                           
* Corresponding Author. Tel.: +31 40 2472923, Fax: +31 40 2475399, E-mail: 

c.w.m.v.d.geld@tue.nl 
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Nomenclature 

A surface area, m2 

Bo Bond number, σρ /2
f gdBo = , - 

cp heat capacity at constant pressure, J/kgK 

d diameter, m  

id  inner pipe diameter, m  

Dh hydraulic diameter, m 

Fe filling degree, - 

g  acceleration due to gravity, m/s2 

h fin distance, m 

L length, m  

m�  mass flow rate, kg/s 

M molecular weight, kg/kmol 

Nu Nusselt number, - 

p pressure, Pa 

pr reduced pressure, - 

Pr Prandtl number, - 

q heat flux, W/m2 

Q  heat flow rate, W 

r radius, m  

R heat resistance, K/W 

Re Reynolds number, - 

S fin distance, m 
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T temperature, °C  

V volume, m3 

W distance between pipes, m  

 

 

Greek 

�  heat transfer coefficient, W/m2K  

� thermal conductivity, W/mK  

� thickness, m  

fgh∆  enthalpy of evaporation, J/kg  

finη   fin efficiency, -  

µ   dynamic viscosity, Pas  

ρ  mass density, kg/m3 

σ Surface tension coefficient, N/m. 

χ  geometric correction factor  

 

Subscripts and superscripts 

b boiling 

c condensation 

cond condenser 

evap evaporator 

f fluid 

ff fluid film 

i inner 
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lm logarithmic mean 

max maximum 

min minimum 

o outer 

tot total 

v vapour 

w wall 

x, y Cartesian coordinates 
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1. INTRODUCTION 
Stand-alone electricity power generators are usually cooled with ambient air. Standard 

practice is air-to-air heat transfer or using a tube-in-plate heat exchanger with water as 

an intermediate medium. In some situations water is not available or ambient 

temperatures are too high to use ambient air. In those cases heat pipes may provide an 

alternative for cooling powers in excess of 100 kW. Multiple heat pipes then connect 

two plate heat exchangers.  

 

The heat transfer in the system is based on the continuous cycle of the vaporization and 

condensation process. The thermosyphon, or heat pipe if equipped with a wick inside, is 

heated at the evaporator, which causes evaporation of a part of the fluid. The vapour 

flows to the condenser, where the fluid condenses while giving off its latent heat, 

caused by cooling from the outside. The condensate flows back to the heated section 

along the wall by gravitation or capillarity, which closes the cycle.  

 

Thermosyphons can be used to foster heat transfer between two gas streams [1, 2]. 

Vasiliev [3,4] gives an overview of applications of heat pipes and thermosyphons, 

including heat pipes for application in space. Advantages are high heat recovery 

effectiveness, compactness, no moving parts, light weight, relative economy, no 

external power requirements, pressure tightness, no cross-contamination between 

streams and reliability [5, 6]. 

 

The heat transfer being based on evaporation and condensation, the latent heat of the 

fluid is an important parameter. The higher the latent heat of a fluid, the higher the 
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transfer of heat is at a lower pressure. The working principles of the thermosyphon 

imply that the fluid should evaporate and condense within the temperature range. 

Taking the possible application of cooling an electricity generator with ambient air into 

consideration, the working fluid R-134a is an option. The hot air will be in a range of 40 

– 80°C, the ambient air will be in a range of -20 – 50°C. The refrigerant R-134a 

sublimates at -40°C and 51 kPa, so phase change from liquid to gas only occurs above 

this temperature [7]. The critical temperature of R-134a is 101.06°C [8], which defines 

the extremes of the temperature range of R-134a, at a critical pressure of 4.06 MPa.  

 

Other possible working fluids are ammonia, pentane or water [5]. All these fluids have 

the advantage over R-134a that they have a higher latent heat, which enhances heat 

transfer. Unfortunately, the maximum practical temperature limit of ammonia is 50°C 

[9], which is too low for the situation at hand. Water has the risk of freezing at lower 

temperatures. Pentane could be a useful alternative for R-134a, considering its 

temperature range from -20 to 120°C, the higher latent heat and the higher surface 

tension coefficient [5, 10, 11]. A higher surface tension coefficient has the benefit of 

lowering the risk of entrainment, which is the most likely occurring limit in the 

application of the thermosyphon [12]. Other hydrocarbon refrigerants mentioned by Lee 

et al.[13] are possible working fluids as well. The type of filling fluid and the 

operational limits will be subject of later research by the present authors. 

 

This paper presents experimental data of air-heat pipe-air heat exchangers with long 

pipes (1.5 m) at two filling ratios. Nearly all data found in the literature are for much 

shorter thermosyphons. The results are compared with those of a model that is based on 
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existing correlations of the literature. The results will further be analyzed with the aid of 

trends measured with a single pipe thermosyphon, as for example those of Noie [14]. 

Results of this study show which conditions foster application of this novel type of heat 

exchanger. 

 

2. EXPERIMENTAL 
A laboratory scale test rig was designed and built to compare the performances of 

conventional plate-type exchangers (with water as intermediate medium) and heat pipe 

equipped plate heat exchangers. A range of mass flow rates of ambient air of 0.2–2.5 

kg/s is possible. The temperature difference between hot and cold sides of the heat pipe 

may vary up to 60°C. Let the volume of the evaporator, Vevap, be defined as the inner 

volume of that part of the heat pipe that is in contact with hot air, see Figure 1. It will be 

quantified, below, as the volume π ri
2Levap with ri = 7.2 mm and Levap = 640 mm. Two 

filling degrees, Fe, as defined in Eq. (1), of the heat pipe with R-134a have been 

examined 19.0 ± 0.1% and 59.0 ± 0.1% (for sake of convenience these cases are 

indicated with Fe=19% and Fe=59% in the following): 

 

 Fe =  (volume of fluid in the tube) / Vevap  (1) 

 

Note that the volume of fluid is the volume of liquid plus the volume that would be 

obtained if the vapour would be condensed to liquid. In this study, the overall heat 

transfer and temperature distribution are assessed under mass flow rates of ambient air 

varying from 0.4 kg/s to 2.0 kg/s. The ambient air temperature varies from 20 – 50°C, 

whereas the hot air flow has temperatures in the range from 40 – 70°C. A schematic 
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overview of the setup is shown in Figure 1. The upper side is the cold side, where 

ambient air enters. Up- and downstream of the heat exchanger temperatures are 

measured with 16 Pt100’s (IC Istec ME 1009), with an accuracy of 0.1°C. The 

temperatures of four sensors are averaged and the results are denoted as T1, T2, T3 and 

T4, see the LHS of Figure 2. At each axial location, four sensors are mounted at ¼ and 

¾ of the length of the two diagonals of the 645 × 520 mm2 rectangular duct. The air 

stream velocity profile was measured and found to be homogeneous. Downstream of the 

hot section, ten Pt-100 temperature sensors are mounted to investigate the temperature 

variation over the height of the pipe at the evaporator section. They are mounted 

vertically at 50 mm distance from each other and at 117 mm of the sidewall. The Pt-100 

sensors are all calibrated with accuracy better than 0.1°C for the temperature range of 0 

– 100°C. The measurement section is thermally insulated to minimize errors in the heat 

fluxes deduced.  

 

At the entry, dynamic pressure measurement with an orifice gives the air mass flow rate, 

with an accuracy of 2%. The uncertainties of all measured and calculated parameters are 

estimated according to [15].  

 

The air heater is a water-air heat exchanger, with 3 mm spaced vertical fins, which 

allows a uniform velocity profile upstream of the evaporator. This neutralizes the 

induced swirl in the airflow caused by the radial fan.  

 

The heat exchanger consists of 4 rows of alternating 14 and 13 vertical copper pipes, see 

the RHS of Figure 2. These pipes have an outer diameter of 16 mm and a wall thickness 
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of 0.8 mm. The total length of each pipe is 1.5 m, with 0.64 m in the condenser section 

and the evaporator section each. The adiabatic length is 0.22 m. This is the distance 

between the two sections of the airflow in the wind tunnel. The inner surface of each 

pipe has small spiral grooves, to enhance the heat transfer in evaporation and 

condensation. The grooves are 0.2 mm wide and 0.2 mm deep each, separated 1 mm, 

under an angle of 25° with the vertical. The distance between the pipes in a row is 36.5 

mm. The rows are 27.5 mm apart and the total length in airflow direction of the 

aluminium fins including the 4 rows is 114.5 mm, see Figure 2. At the top of each row, 

the pressure is measured with a WIKA type RB manometer, at a frequency of 100 Hz, 

with an accuracy of 1% after calibration. The range of the manometers is 0 – 10 MPa. 

The saturation temperature of R134a is given by the Antoine relation (2) obtained from 

data from NIST [8] with temperatures in degrees Celsius and pressure in kPa 

 

T = B /{A – ln(pv /100)} – C (2) 

 

with A = 10.52, B = 2484, C = 263.1 

 

To analyze the performance of the heat pipe equipped heat exchanger, the heat flow rate 

as given by Eq. (3) is determined: 

 

pQ mc T= ∆�  (3) 

 

Here �T is the temperature difference in the airflow up- and downstream the heat 

exchanger. The heat loss to the environment was in separate measurements with a 
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dedicated heat flux sensor measured to be less than 50 W/m2. This is negligible as 

compared to the measured heat flow rates. In addition, differences between incoming 

and outgoing heat fluxes will be assessed below. 

 

The effectiveness of the heat transfer at both the hot and cold side of the heat pipe heat 

exchanger is expressed in the overall heat transfer coefficient �tot as defined by Eq. (4) 

[16]: 

 

αtot = Q/(Aχ∆Tlm) (4) 

 

with A the total heat transferring area to be specified below, χ a geometrical correction 

factor, here valued 1 [16], and with 

 

( ) ( )lm max min max minlnT T T T T∆ = ∆ − ∆ ∆ ∆  (5) 

 

Here ∆Tmax and ∆Tmin denote the maximum and minimum temperature differences 

between the airflow and heat pipes of the first and last row. The area A is either the area 

Afin,con on the condenser side (24.3 m2) or Afin,evap on the evaporator side (38.6 m2). Both 

Q and �tot will be used to assess the heat transfer performance of the heat exchanger. 

 

3 PREDICTION METHODS FROM THE LITERATURE 
A Nusselt number for heat transfer from the air to the fins is given by Nu = αfin Dh / λ 

with the hydraulic diameter taken to be 2S, which is twice the distance between two 

neighbouring fin-plates (here 1.6 mm on the hot side and 2.6 mm on the cold side). Also 
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the Reynolds number, Re, is based on the hydraulic diameter. Hewitt [17] provides the 

following correlation 

 

0.2 0.18 0.14
0.65 0.33 0.650.19 0.1124

a S h
Nu Re Pr Re

b d d

−
� � � � � �= =� � � � � �
� � � � � �

 (6) 

 

with a the tube distance in a row (here 36.5 mm), b the distance between the tube in two 

successive rows (here 33.0 mm from heart-to-heart, see Fig. 2, and 27.5 mm in flow 

direction), d the tube diameter (here 16 mm) and h the fin length in gas flow direction 

(here 13.7 mm). The Prandtl number is nearly constant (0.69 – 0.71), allowing for the 

last equality in (6). 

 

The heat resistance of the wall of the heat pipe is given by 

 

( )o i
w

w cond w w

ln 1
2

r r
R

L Aπλ α
= =  (7) 

 

with ro and ri the outer and inner radii of the pipe (here 8 mm and 7.2 mm, respectively), 

�w the thermal conductivity of the copper pipe and Lcond the length of the evaporator or 

the condenser section (here 640 mm). Area Aw is taken to be given by 2π ri Lcond = 0.029 

m2. The right hand side of Eq. (7) is obviously a (simple) implicit expression for the 

heat transfer coefficient αw. The form of Eq. (7) is preferred since thermal resistances 

will be summed, in Eq. (12). 

 

The heat transfer from the air to the tube is usually described with the fin efficiency [18] 
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 ηfin = tanh(m lfin)/(m lfin) (8) 

 

with 

 

( ) 5.0

finf

finfinfin /12
��
�

�
��
�

� +
=

δλ
δα l

m  (9) 

 

Every tube in the tube bank is supposed to have its own segment of fins. This leads to a 

fin length, lfin, of half the distance between two tubes (18.3 mm); this lfin is the length 

from fin tip to tube wall. Furthermore, �fin is the heat transfer coefficient from the air to 

the fin, given by Eq. (6), �fin the fin thickness, here 0.2 mm, �fin  the thermal conductivity 

of the fin material, here aluminium, 236 W/mK. The total heat transferring area, A in 

Eq. (4), is taken to be the heat transferring area of the fins; it is 24.3 m2 on the 

condenser side, where A = Afin,cond, and 38.6 m2 on the evaporator side, where A = 

Afin,evap. This yields the following heat resistance between air and outer wall of the heat 

pipes [18]: 

 

fin
fin fin fin

1
R

Aη α
=  (10) 

 

The total heat transfer coefficient, is found from the summation of the partial heat 

resistances, which are given by Eqn. (7), (10) and one in the thermosyphon, 1/(αff Aw), 

see Fig. 3, that can be evaluated in a way described below. This yields, by definition of 

�tot : 
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tot
tot fin

1
R A

α = , (11) 

 

with the total resistance given by 

 

tot
w w w fin fin

1 1 1

ff fin

R
A A Aα α η α

= + +   (12) 

 

Last but not least, �ff now needs to be evaluated. 

 

The heat resistance of the condensate in the thermosyphon can be obtained from: 

 

Rff,c = 1 / (αff,c Aff,c)  (13) 

 

with αff,c a heat transfer coefficient, given below, and with Aff,c the wetted area inside 

the heat pipe at the condenser side, which will be taken to be equal to the full inside area 

at this side, Aw. The analysis is therefore mainly applicable to fully wetting fluids; 

consistent with this assumption is the taking of Lcond to be the full height of the 

condenser side, below. 

The mean heat transfer coefficient at the condenser side, αff,c, has been estimated using 

two correlations from the literature. The first one is the famous result of Nusselt’s 

analysis of filmwise condensation on vertical plates [18, page 14.6]: 
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( )
,Re47.1 f

3
1

2
f

vff3
1

f1 c,ff, λ
µ

ρρρα �
�
�

�
�
�
�

� −
=

− g
 (14) 

 

with ρv the mass density of the vapour and the film Reynolds number, Ref, defined as: 

 

f cond fRe 4m µ= �    (15) 

 

The way the local mass flow rate per unit of periphery per tube, condm� , is evaluated will 

be described shortly. All fluid properties are evaluated at the saturation temperature 

corresponding to the prevailing pressure in the thermosyphon. The heat transfer 

coefficient given by Eq. (14) was proven to be in agreement with experiments in a wide 

range of flow and fluid conditions [18]. Typical film thicknesses, δx, have been 

computed and have been found to be two orders of magnitude less than the tube 

diameter, d. The correlation (14) for vertical flat plates is therefore applicable to our 

thermosyphons as well. The mass flow rate of liquid per unit of periphery per 

tube, condm� , needs to be that at the condenser end. Conservation of mass implies that the 

mass condensed at the total length of the condenser equals the film mass flow rate at the 

condenser end in steady operation. If Q is the total heat flow rate to a total of N tubes in 

the heat exchanger and �hfg the latent heat of the condensate, the mass flow rate condm�  is 

therefore given by 

 

condm� = Q / (N π d ∆hfg).  (16) 
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The present analysis aims at exploring the possibilities of existing, well-known 

correlations for predicting heat transfer in heat-pipe equipped exchangers. The Nusselt 

expression for the heat transfer coefficient was originally derived for laminar flow, but 

is here merely considered as a correlation. It could be extended with correction 

parameters to account for turbulence and/or waves on the vapour-liquid interface, see 

[22, 23, 24] for example, but such extensions are only deemed necessary if agreement 

between measurement and prediction would turn out to be poor. For further comparison, 

a second correlation is examined. 

 

Another way to compute the heat transfer coefficient for filmwise condensation is given 

by Rohsenow et al. [18,19]: 

 

( )
,

2.51.08Re

Re
f

3
1

2
f

vff
1.22
f

f
2 c,ff, λ

µ
ρρρα �

�
�

�
�
�
�

� −
�
�
�

�
�
�
�

�

−
=

g
 (17) 

 

with Ref in the range 30–1600. Estimates for Ref in our thermosyphons are in the range 

30–100. 

 

In the evaporator pool boiling occurs. The Bond number, defined as 

σρ /2
f gdBo = ,   (18) 

is typically in the range 16–34, which makes it unnecessary to account for the special 

effects that occur in confined boiling (Bo would need to be less than or around 1 for this 

to be the case). Even if the length scale in Bo would have been taken to be the width of 

small grooves (2 mm), the Bond number would still be exceeding 1. The models of 
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Cooper, see Eq.(19), and Gorenflo, see Eq.(20), predict the pool boiling heat transfer 

coefficient, �ff,b [20]. 

 

( ) ( )( ) 0.550.12 0.4343ln 0.5 0.67
, ,1 r r55 0.4343lnpR

ff b p p M qα −− −= × −  (19) 

 

with pr the reduced pressure, cp p (pc is 4.06 MPa for the fluid R-134a used here), Rp 

surface roughness in µm (typically 1), M molecular weight of the condensate in kg/kmol 

(typically 102 for R-134a) and q the heat flux. 

 

( ) ( )0.3
r

0.1330.9 0.3
, ,2 4500 20000 0.4p

ff b PF pF q Rα −= ×  (20) 

 

with  

 

( )0.27
r r r r1.2 2.5 1PFF p p p p= + + −   

 

Of course, either �ff,b,1 or �ff,b,2 is to be taken for �ff,b, and �ff is given by �ff,b at the 

evaporator side and by �ff,c at the condenser side. 

 

4. RESULTS 
The measurements are performed at steady state, and it typically took 90 minutes to 

reach steady state condition. Measurements were done at each condition during 5 

minutes to check steady state condition and to guarantee proper averaging. Figure 4 



 

 

 

ACCEPTED MANUSCRIPT 

 

 17 

shows a typical example of the airflow temperature histories during a measurement. 

This figure shows that the variation is less than 0.1°C. 

 

The heat flow rate is measured from the temperature difference over the heat exchanger 

both at the evaporator and condenser part of the heat pipe. At steady state these heat 

flow rates should be equal. Figure 5, with error bars to indicate the measurement error 

[15], shows the comparison of the heat flow rates at the evaporator side and condenser 

part of the experiments. This figure shows that the heat flow rate of evaporator is about 

4% larger than the heat flow rate of the condenser, for which we have no explanation.  

 

In some cases the heat flow rate is that high that the heat pipe can dry out. Ten Pt100’s 

were mounted downstream the evaporator to measure the temperature distribution along 

the evaporator. Figure 6 shows four distributions at two process conditions for two 

filling degrees of the heat pipe. A local, nongradual increase in temperature along the 

evaporator indicates a dry-out. At dry-out, the inner wall of the thermosyphon is not 

fully covered with liquid. This occurs at low filling degree and high heat flow rate (Fig. 

6). If dry-out occurs, the measurement is skipped from the analysis. 

 

Figures 7 and 8 show the performance of the heat pipe at the evaporator side for various 

Reynolds numbers and filling degrees. The measurement error of the heat transfer 

coefficient [15] is about 7%. In Fig. 7 the total heat transfer coefficient at Fe of 19% is 

shown, whereas Fig. 8 shows results at the higher filling degree. The figures show that 

the performance increases with increasing heat flow rate. An increase of the Reynolds 

number of the airflow leads also to a better performance. Some process conditions have 
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been repeated with a higher filling degree. The results are given in Fig. 8. A higher 

filling degree gives a higher overall heat transfer coefficient at otherwise identical 

process conditions. 

 

Figures 9 and 10 show the performance of the heat pipe at the condenser side for 

various Reynolds numbers and filling degrees. Fig. 9 presents the total heat transfer 

coefficient at Fe of 19% and that of the filling degree of 59% is shown in Fig. 10. The 

figures show that the performance improves with increasing heat flow rate. As on the 

evaporator side, an increase of the Reynolds number of the airflow leads also to a better 

performance. Some process conditions have been repeated with a higher filling degree. 

The results are given in Fig. 10. A higher filling degree gives a higher overall heat 

transfer coefficient at some process conditions. The Figs. 7-10 show that the 

performance of the condenser is better than that of the evaporator at the same heat flow 

rate, if performance is measured in terms of net heat transfer coefficient. 

 

5. ANALYSIS 
The trend of the heat transfer coefficient to level off and even to decrease with 

increasing heat flow rate, most clearly seen at Fe=59 % in Figure 8, was by Hahne and 

Gross [21] only found for angles of inclination (from the vertical) exceeding 40 degrees. 

The more horizontal, the more pronounced this effect was, and their explanation was 

vapour blanketing at one side of the thermosyphon†. The present measurements are in a 

vertical thermosyphon, and the observed trend is found to be more pronounced at the 

higher filling ratio. Probably vapour blocking again plays a role, and this phenomenon 
                                                           
† The force interpretation given by Hahne and Gross is incomplete: inertia forces are not merely in 

the main flow direction since bubbles growing at a wall experience inertia forces in other directions as 
well. 
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is expected to manifest itself only if sufficient fluid is present. Park et al. [22, Figure 4] 

found for heat flow rates to a smooth tube (and PFC, C6F14, as working fluid) a similar 

dependence on evaporating heat flux, and a similar dependence on filling ratio. 

Figures 11 and 12 show a comparison of the measured total heat transfer coefficient and 

predictions based on models of pool boiling of Gorenflo and Cooper [20], see section 3. 

Fig. 11 shows the comparison at airflow Reynolds number (based on 2S) of 250 (±2) 

whereas Fig. 12 presents the comparison at Re = 800 (±8). In both cases the Gorenflo 

correlation predicts a higher heat transfer coefficient than Cooper. Both correlations 

yield the same trend with respect to dependency on heat flux as the corresponding 

measurements, and the agreement with measurements is quite good for each Reynolds 

number. The small differences between the two models and the measurements could be 

caused by a slight overestimation of the Nusselt number for the airflow to the fins. If the 

temperature is not homogenously distributed the Nusselt number should be lower than 

the estimated one. The heat transfer estimate from the air to the fins has a large 

influence on the total heat transfer, so any inaccuracy in it is directly reflected in 

comparisons like those of Figs. 11-12.  

 

The best predictions are obtained with correlations for boiling in the heat pipe (Gorenflo 

or –even better– Cooper). The use of well-established correlations as those of Cooper 

has usually led to good agreement between measurement and prediction of heat transfer 

in a thermosyphon, see for example [21, 22, 25]. 

 

Figures 13 and 14 show a comparison of the measured total heat transfer coefficient and 

predictions based on models of filmwise condensation of Butterworth and Nusselt [15], 
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see section 3. Fig. 13 shows the comparison at airflow Reynolds number 400 whereas 

Fig. 14 presents the comparison at Re = 800. Fig. 13 shows a good agreement between 

the predictions and the measurements. At higher airflow Reynolds numbers the 

difference between prediction and measured heat transfer coefficient increases a bit 

(Fig. 14) and in this case the models underpredict the actual heat transfer. Similar to the 

evaporation side the difference might be due to the estimation of the Nusselt number for 

the airflow to the fins. However, at both Reynolds numbers the predicted heat flux 

decreases with increasing heat flow rate, which is a different trend than the one 

measured. This measured trend is in agreement with measurements reported by Hahne 

and Gross [21] for the heat transfer coefficients αff of R115. The more vertical the 

thermosyphon, the bigger the increase of αff with increasing heat flow rate. This 

indicates that distribution phenomena along the circumference play a role, something 

that is not captured by the correlations of Butterworth and Nusselt, of course. 

 

6. CONCLUSIONS 
The performance of a heat pipe equipped heat exchanger for air has been measured and 

analyzed. The heat pipe has no wick, so it is a thermosyphon, and is long compared to 

its diameter: 150 cm vs. 1.6 cm. No measurements with thermosyphons that long have 

been found in literature except those of Noie [1] with a multi-row heat pipe heat 

exchanger with a thermosyphon length of 130 cm and except those with a single tube of 

0.8 m in reference [26]. The overall heat transfer of the heat exchanger has been 

assessed. At the evaporator side 10 to 40 W/m2K has been measured and at the 

condenser side of the heat pipe 20 to 50 W/m2K. The temperature distribution over the 

evaporator has been found to be indicative of proper filling degree.  
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A model to predict the heat transfer and to calculate the performance of the heat pipe 

equipped heat exchanger based on correlations from literature has been presented. This 

model yields good agreement between experiments and predictions. Trends have been 

interpreted with the aid of various findings reported with single-tube thermosyphons. 

 

The result of this study is that a heat pipe equipped heat exchanger can replace a water-

cooled heat exchanger without loss of performance. The tested process conditions are 

typical for warmer countries like Bahrain. This study therefore demonstrates that it is 

possible to apply heat-pipe-based cooling equipment in practical conditions of warmer 

countries. More research has to be carried out to find, for example, the most suitable 

working fluid, the optimal heat pipe geometry, operating limits.  
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Figure captions 

Fig. 1. Schematic of the test rig.  

Fig. 2. Definition of temperatures in air streams and tube arrangement. 

Fig. 3. Schematic of heat transfer areas and resistances. 

Fig. 4. Typical histories of air temperatures, see also Fig. 2, up- and downstream of the 

heat exchanger. Mean values are T3=78.21 ± 0.03°C, T4=60.84 ± 0.02°C, T1=24.76 ± 

0.03°C and T2=40.13 ± 0.02°C.  

Fig. 5. Comparison of measured heat flow rates at evaporator and condenser side of the 

heat pipe. 

Fig. 6. The effect of filling degree and of mass flow rate on temperature distribution 

downstream of the evaporator.  

Fig. 7. Measured heat transfer coefficient evaporator side for various Reynolds numbers 

at Fe=19%. 

Fig. 8. Measured heat transfer coefficient evaporator side for various Reynolds numbers 

at Fe=59%. 

Fig. 9. Measured heat transfer coefficient condenser side for various Reynolds numbers 

at Fe=19%. 

Fig. 10. Measured heat transfer coefficient condenser side for various Reynolds 

numbers at Fe=59%. 

Fig. 11. Comparison of measured and predicted total heat transfer coefficient of the 

evaporator at Fe=19% and at airflow Reynolds number of 250. 

Fig. 12. Comparison of measured and predicted total heat transfer coefficient of the 

evaporator at Fe=19% and at airflow Reynolds number of 800. 
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Fig. 13. Comparison of measured and predicted total heat transfer coefficient of the 

condenser at Fe=19% and at airflow Reynolds number of 400. 

Fig. 14. Comparison of measured and predicted total heat transfer coefficient of the 

condenser at Fe=19% and at airflow Reynolds number of 800. 
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Fig. 5. 
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Fig. 6. 
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Fig. 7. 
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Fig. 8. 
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Fig. 9. 
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Fig. 10. 
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Fig. 11. 
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Fig. 12. 
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Fig. 13. 
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Fig. 14. 

 


